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Cosa é che conferisce valore a una cosa? La fatica di
poterla raggiungere, la fatica impiegata per ottenerla.
Nello spazio noi facciamo fatica a raggiungere un posto
e attraverso questa fatica raccogliamo un mare di
informazioni e quando questo posto viene raggiunto,
[...] ce lo ricordiamo perché é tutta la fatica investita che
ce lo rende prezioso.

E nel tempo?

Nel tempo é la stessa cosa. Sarebbe un problema
smarrire il senso dell’attesa la velocitd repentina di
poter ottenere una cosa ci toglie l'attesa. In assenza di
attesa il desiderato non ha quel valore che altrimenti
avrebbe avuto se lo avessimo dovuto aspettare.

Way Into the Future But Watch Your Step! TEDxLUISS

Paolo Bonolis
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ITALIAN ABSTRACT

In questa tesi viene presentato il lavoro svolto sulla fatica random.

In particolare I'attivita di dottorato si & sviluppata con un iniziale analisi della
bibliografia relativa ai metodi di conteggio nel regime del tempo e della frequenza. Definiti gli
algoritmi pil usati nel dominio della frequenza c’é stata la possibilita, grazie ad acquisizioni
sperimentali, di testare questi metodi su un componente reale, ossia una ruota industriale, il

tutto tramite la collaborazione con I'azienda GKN wheels.

In dettaglio sono state eseguite le prove sperimentali. Estrapolato i dati, tali sono stati
utilizzati per applicarle i metodi in frequenza selezionati in bibliografia comparandoli, sulla
base del conteggio del danno, con i metodi nel tempo e ottenendo una prima analisi di quali
fossero i vantaggi e gli svantaggi, dei singoli metodi. Quest’attivita & sfociata in un paper
pubblicato sulla rivista “Enginerrig failure analysis” un lavoro intitolato “Experimental and

analytical study of fatigue, in time and frequency domain on an industrial wheel”.

Durante questa prima fase dell’attivita si e poi visto che I"applicazione dei metodi di
conteggio in frequenza richiedeva alcune assunzioni legate alla storia di carico del
componente; non sempre di facile verifica. Per tale motive si € deciso di lavorare
ulteriormente in questo senso in quanto si € notata una importante differenza tra il valore di

danneggiamento calcolato con i metodi in frequenza e quello nel regime del tempo.

Abbiamo quindi lavorato sulle storie di carico per I'analisi delle assunzioni fatte
(distribuzione gaussiana, segnale ergodico e segnale a banda stretta) necessarie per
I'applicazione dei metodi in frequenza. Si & infine rilevato in bibliografia la possibilita di
correggere questi metodi con fattori correttivi. Sono stati applicati tali fattori correttivi ai
metodi in frequenza nel caso in studio delle ruote industriali. | risultati non hanno evidenziato
una buona sovrapposizione con i metodi nel dominio del tempo che rappresentano, anche in
questo caso, il riferimento. Grazie a questa ulteriore analisi sulle assunzioni é stato possibile
comprendere maggiormente la logica dei metodi in frequenza e le cautele che sono necessarie
qguando li si utilizzano in quanto si rischia di tagliare il segnale in zone in cui la sua intensita

elevata.



Per questo lavoro si & in fase di definizione di un paper che é stato riportato nella tesi

e deve essere sottomesso per revisione.

L'ultimo setp e consistito nell’introduzione del FEM per studiare il comportamento a
fatica anche questo caso applicato su un componente reale; si & studiato infatti 'andamento
dello stress sul raggio della ruota GKN. Seguendo lo stesso approccio precedente sono stati
eseguiti test sperimentali sulla ruota in diverse condizioni di carico del veicolo e di pressione
dello pneumatico. Inizialmente acquisiti i dati di stress nella zona di interesse tali sono stati
confrontati con quelli calcolabili al FEM. A valle di questa analisi & stato necessario definire
una procedura di tuning per calibrare il ns modello. Eseguita la validazione si & poi passati ad

utilizzare i dati in uscita dal modello per il calcolo a fatica della zona di interessa.

Questo lavoro si & tradotto in un paper che & in fase di revisione dalla rivista

“Eningeering Failure Analysis”

Come ultima attivita e stato studiato un primo concept di macchina di testing per il
gruppo pneumatico sospensione. Appurato durante |'esecuzione delle prove sperimentali che
tali possono essere molto onerose e richiedere tempi importanti nel caso di applicazioni di
fatica, si € pensato ad un concept di macchina che consentisse di impostare e replicare le
variabili salienti definite in fase di test, ma in una macchina di laboratorio. Attualmente il

primo concept & ancora in fase di sviluppo tramite lavori di tesi e elaborati.

Questa attivita e stata presentata alla conferenza MDA 2020 presso I'universita di

Porto con un poster.

In conclusione si pud vedere che I'attivita svolta ha spaziato a 360° sulle
tematiche della fatica random, sfruttando I'opportunita di poter applicare i concetti

sul case study della ruota industriale.

La prima parte del lavoro potrebbe essere proseguita sviluppando una
categorizzazione dei metodi in frequenza migliori in funzione: dell’applicazione e in
modo indiretto della storia di carico. Oltre a questi due aspetti interessante sarebbe
replicare il lavoro per diversi materiali, andando a verificare la sensibilita dei metodi di

conteggio usati, rispetto ai parametri materiale e per applicazioni diverse rispetto alle



ruote industriali. In questo modo si potrebbe avere una visione piu completa del

problema e valutare i metodi in frequenza in modo pil dettagliato e su ampio spettro.

Per quanto riguarda la tematica simulazione, interessante potrebbe essere la
definizione di modelli FEM che consentano di eseguire test di fatica passando
attraverso un tunning iniziale e un eventuale calibrazione finale del modello tramite
prove sperimentali, sulla falsa riga di quanto abbiamo fatto nella nostra applicazione
delle ruote industriali ma per altre applicazioni al fine di definire procedure di lavoro

standard che possano agevolare lo sviluppo prodotto.

Infine riguardo alla macchina di prova, sarebbe necessario, una volta ristretto il
numero di parametri e variabili impostabili per il test, analizzare I'architettura per
facilitarne la programmazione software (ad esempio ad oggi & presente una tavola
exapode che & molto complessa da movimentare), e renderla poi producibile

redigendo la documentazione tecnica necessaria e a seguire un primo prototipo.
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PREFACE:
For the last three years, my tutor, students and | have worked together as a team to

check what papers and works had already stated about the art in fatigue.

In the industrial field, except for particular applications (aeronautics, military, safety,
etc.,) the fatigue problem is usually avoided with the use of a safety factor: by applying a
limitless fatigue life it is possible to avoid any analysis. If a fatigue check is instead needed, it
is possible to use the Miner Rule.

Therefore, we started by checking the state of the art in term of fatigue methods in
frequency domains. After the theory, we tried to apply the most used (but not so common)
methods on a real case study.

We were able to perform several tests on the field and to state the deformation on an
industrial wheel thanks to the cooperation with the company GKN, which operates worldwide.

After collecting all the data, we applied the methods found in the bibliography and
compared the results from time domain methods and frequency domain methods. Therefore,
we were able to have a first overview of the problems, advantages and disadvantages of the
frequency approach.

From this first research we have developed an article, which was later published.

Though, designers need to be cautious while applying the frequency methods. Some
of our assumptions during the first part of the work can lead to a wrong result. Thus, since our
research on the industrial wheel gave us pretty different results, we have switched our focus
in this case on the assumptions. [Our article based on this research was sent to an
international journal and it is still in review.]

We have then decided to study the fatigue problems on the wheel by studding the
stress on the radius of the rim. Again, we did some experimental tests on the wheel in different
conditions of pressure. We have stated a gap between our data and the FE analysis, which was
related to the fatigue. After getting such an unexpected behaviour of the stress on the
component, we developed a method which is particularly close to the data acquired on field.
Then, we were able to perform the fatigue analysis.

During our research, we have learnt how crucial it is to study problems where the

fatigue is involved on the application of wheels. Thanks to our work with the company GKN,



we can also state that a method always requires a validation of the model or a validation of
the predictions by field testing.

Therefore, we have thought of a test machine that can reduce the lead time for a
validation.

It is only a first draft, but we have already clear in our minds its main characteristics
and tasks.

The concept of the machine was presented at MDA 2020 on a web congress.

In conclusion, we need to underline the fact that our work is based on an applied
research on nonconventional methods used for a long load history. Our cooperation with GKN
and the focus on the industrial wheel led to a second and third research and to a new test
approach.

Below, a flow chart with the targets of this work.

Bibliographic research of
methods for random fatigue

Application and comparison
of different methods for damaage
compute with random fatigue

TAT
COMPARISON OF RESULTS
AND APPROACH

1]

Study of a new FA approach
on the wheel

Test on the field on the industrial
wheel with
different conditions
(load, inflaticn, circuit)

PhD
Objective

453 ESSEEESAESNNENERERRE,

Definition of a new kind of

test on laboratory
» for wheel - rim and suspension group
L
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A B Amap
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1. FATIGUE INTRODUCTION
1.1.Random fatigue

When the load cycle has a randomly variable stress amplitude over time, it is called
random fatigue. A first difficulty of this phenomenon is knowing exactly the trend of the
stresses over time. To do this, it is common practice to carry out field tests or laboratory tests,
from which the load and deformation cycles are obtained by means of strain gauge
measurements. Subsequently the total life of the component is divided between “typical” load
spectra, each of which represents a significant and repetitive phase. A further step is to apply
counting methods in order to transform the typical load spectrum (Figure 2) into a series of
equivalent cycles with constant amplitude (Figure 3). This is done in order to be able to use
cumulative damage criteria (usually Palmgren-Miner) to calculate the total damage and the

fatigue life of the component. [1]
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Figure 2 Typical load spectrum of a component subjected to random fatigue. [2]
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Figure 3 Load spectrum diagram of a component subjected to random fatigue after applying a counting method (left).
Miner rule (right). [3]

Counting methods can be divided into two categories: those that take into account the
chronology of application of the stresses and those that do not consider it. The former are
simpler and faster, while the latter are more complex, but provide a more accurate result. In
fact, the succession of cycles of different amplitude determines delay or acceleration in the
birth and propagation of the crack. [1]



1.2.Methods not take into account sequence of application of the stresses

1.2.1. Level crossing
Method by which the ordinate axis (stress) is discretized and each time the load history

passes through a level, a load cycle with that stress amplitude is counted. [4]

1.2.2. Peak counting
Itis a method that consists in detecting the first highest peak and the first lowest valley

with respect to a reference value; this pair of points composes the first cycle. Therefore, the
second highest peak and the second lowest valley are considered in this way to constitute the

second cycle and this procedure continues until all peaks are exhausted (Figure 4). [4]

I I:Peak Counts
+3.5] 2
v :g.j 1
€ *15) 2
-3 =231 1
=27t 1
FAs| 17
+3-
+2r
£+l Peak | Counts
c
= " \ +3.5| 24
8§ -1 =350 1
._2_
_3|_
Wi —hMean Crossing Peak Counting
I .
C Range | Cycle
A R (units) | Counts
2 7 11
5 o : Him
g
= D 3 I L5
F 3

r-Ccies Denved from Poak Count of {a)
Figure 4 Graphical representation of the application of the peak counting method. [5]



1.3.Methods that take into account the sequence of application of the stresses
1.3.1. Tank method

This method starts from a stress diagram as a function of time and it is assumed to be

repeated n-times during the life of the component. Starting from this spectrum, the tank

method proceeds as follows:

1. The absolute maximum is identified; the part of the spectrum that precedes it

is broken and returned to the end of the cycle, re-joining any discontinuities

with a segment;

2. The new spectrum is assumed as a tank full of water, which starts and ends at

the same altitude.

Set these conditions, we proceed by imagining to open a tap in the lower valley in order
to empty the tank (Figure 5), and we create a cycle that has as its amplitude the difference
between the free surface of the water and the height of the minimum considered. The water
will remain trapped by other valleys and that will gradually be emptied starting from the
lowest remaining valley and considering cycles that have as their stress amplitude always the
difference between the free surface of the water and the altitude of the valley considered.

Thus, each cycle obtained will then be considered repeated n-times, as assumed for the load
history. [1]
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Figure 5 Graphical representation of the first two hypotheses for procedures with the tank method (above) and of the
application of the tank method (below). [1]



1.3.2. Rainflow method
The method consists in studying a load history, a portion of which is considered to be
repeated n-times. The stress-time diagram must be rotated downwards and then it is assumed
that there is rain falling from above, so the different peaks and valleys are like slopes on which
the water flows (Figure 6). The origin of the time is positioned in the absolute maximum and
then it is considered that the water along the slopes is blocked if:

e encounters a flow of water from a higher slope;

e the water flows reach the altitude of a slope that starts from a higher maximum
(or a lower minimum) than the one from which they begin.

Between the start and the end of each cycle, half cycle is considered. [4]
Stress

1
Figure 6 Graphical representation of the application of the Rainflow method. [2]

1.3.3. Palmgren-Miner cumulative damage rule
This criterion assumes that each it" series of cycles, at stress level o;, determines a
fraction of damage fi equal to the ratio between the number of cycles n; carried out at this

level and the number of cycles N; which would determine the failure to the same level [6]:
n.
fi = FZ 1-1

Fatigue failure is obtained when the sum of all the damage components reaches the

Zfizl 1-2

Therefore, during the design phase, the total damage value is less than one:

Zfi< 1 1-3
;

unit:



1.4. Outline of fracture mechanics
As shown in the previous paragraphs, the phenomenon of fatigue begins with the

formation of micro-cracks in the proximity of defects present inside the material. The fracture
then propagates until it reaches a size such as to bring the component to failure. Fracture
mechanics studies the growth of the crack at the macroscopic level. The theory starts from
the consideration that in the proximity of a defect there is an over-stress zone that can be

described by the parameter K;:

Ki=1+2 1-4

Where a is the half-length of the notch and p is the radius of the apex. It is possible to note
that in the case of a crack the apex is acute and thus the radius p becomes infinitesimal
bringing the K, to infinite values. In these conditions the linear-elastic fracture mechanics
(LEFM) takes over and it considers the stress intensification factor (K - Stress Intensity Factor)

as a fundamental parameter:

K=y-o:vm-a 1-5

where:
e g is the half-length of the crack;
e g isthe stress that would occur in the crack area if this were not there;
e yisadimensionless factor that depends on the component geometry.

It is noted that the stress distribution, near the apex of the crack, can be represented
by a linear variation of the factor K. In a component subject to cyclical loads there is also the
variation of the factor of intensification of the stresses between a minimum value Kni» and a
maximum one Kmax. The difference between them is:

AK = y-Ao-m-a 1-6
where Ao is the stress amplitude to which the structure is subject. The cycle ratio can
also be applied to K:
Omin Kmin

R: —_—

Jm ax Kmax

1-7



Experiments can be performed with several specimens stressed with different load
amplitudes in order to obtain different ranges of AK. Cracks arise in correspondence with the
surface or with discontinuities. Taken a defect with semi-length a, the growth of the crack, a
function of N, will depend on Ag and AK. Paris monitored the growth of the crack as a function
of K and then represented the results by comparing the growth factor of the crack based on
the number of cycles (da/dN) as a function of the stress intensification factor (K).

da/dN (u/c)
" I} II
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Figure 7 Paris diagram. [3]

From this graph (Figure 7), it is possible to identify three areas:

» the first region (threshold region) is identified by a Ki value, below which the

crack does not propagate, and well described by a curve with slow growth;

e the second region (Paris region) shows a linear growth of the crack:

da =C-AK™ 1-8
dN

e the third region (stable tearing crack growth region) shows an unstable growth

of the crack up to the failure identified by the achievement of the K¢ value.

1.5. Strain-life approach
In the previous sections, a method of studying the fatigue phenomenon linked to the

S-N curve was shown, which is called the stress-life approach. The latter puts the load at the
centre of the analysis of fatigue life and it is mainly used for structures found in the field of



fatigue with high number of cycles (HCF). In this paragraph, the strain-life approach, which
focuses on the deformations that the component undergoes, will be mentioned. This type of
fatigue problem analysis focuses on the components that work in the area of the Wéhler curve
called low cycle fatigue (LCF) or also called oligocyclic fatigue. In these structures, the stress
amplitude is so high that it leads to high levels of plastic deformation. Laboratory tests are
carried out on specimens to which a deformation amplitude (4g,) is imposed. From the tests,
it can be seen that the component has a cyclic behaviour following the variable deformation
that leads to the formation of a hysteresis. The latter changes in the first load cycles, as there
is a variation in the characteristics of the material, which stabilizes its properties after a certain
number of cycles. The results can be hardening (if there is an increase in properties) or
softening (if there is a decrease in properties); there is also the eventuality that the material
properties remain almost constant. The high stress amplitude causes deformations to enter
the plastic field, so the total deformation (Ag;) is the sum of the elastic (Aee) and plastic (Agp)
component:

& =& t+ & 1-9
These can be expressed respectively with Hooke’s law and Ramber-Osgood’s law:
o
ge e E 1_’10
P 1
B n 141
& = (E)

where K and n are parameters related to the properties of the material. When its
properties stabilize, a quote is added on the two parameters: K” and n’. By graphing the
variation of the deformation components as a function of the number of double logarithmic

breaking cycles, a linear variation is obtained for both elastic and plastic deformations (Figure
8).

10°
A

10"

T

1 10- 102 10° 10! N 10° 168

(cycles)
Figure 8 Diagram of the variation of the deformation components. [3



From the sum of these, it is possible to obtain Manson-Coffin’s law:

ﬂgt Jfr b ' s
TZE(ZN) +Ef‘(2N)C 1-12

where:

. Jf’ is the fatigue resistance coefficient (defined by the stress intercept for

N=1/2);
e bis the exponent of the fatigue strength;

e & is the fatigue ductility coefficient (defined by the deformation intercept for

N=1/2);
e cis the fatigue ductility coefficient.

Manson-Coffin’s law represents the relationship between fatigue life and amplitude of
the total deformation used to determine the fatigue life of a component (imposed
deformation). The intersection between the straight line of plastic and elastic deformation
indicates the approximated boundary between the predominant conditions of oligocyclic

fatigue and high cycle fatigue.

1.6. Fatigue tests
In the field of materials characterization and components fatigue analysis, the

execution and study of experimental tests becomes fundamental. In fact, it allows to obtain
experimental data that can be compared with the results of theoretical and numerical models
in order to verify the goodness of the latter, both in the field of material characterization and
in the design phase. The purpose of fatigue tests is, first, to determine the fatigue properties
of materials, to obtain information on their behaviour under cyclic stress conditions and to be
able to detail them to the components in the design phase. Secondly, fatigue tests can be
carried out on the components themselves, in order to verify the fatigue behaviour of the
specific structure. In general, a fatigue test requires a high experimental and timing effort,
which leads to these tests being very expensive. However, the realization of tests is extremely
important for the fatigue verification of structural elements, since the empirical results
obtained in the field and in the laboratory are assumed more truthful than those of the

theoretical analyses. Correct settings and experimental tests are equally fundamental, since a



fatigue test not carefully chosen for the problem in question can give the right answer to the
wrong question. Going into more detail, the purposes of fatigue tests can be:

e collecting data on the fatigue properties of the material for the best possible
choice of the same during the design phase;

e investigating the effects of different surface finishes and production techniques
on the fatigue behaviour of materials and components;

e studying the fatigue strength of structural elements;

e investigating the influence of environmental conditions on the fatigue
behaviour of materials and components;

e studying, in the context of fracture mechanics theory, the nucleation and the
propagation of cracks, i.e. the defects responsible for fatigue failure of
mechanical components;

e elaborating experimental models and verifying theoretical models for
predicting fatigue life.

Experimental tests can take place in the field of application of the component, if its
characteristics allow it. This allows to take data on the behaviour of the piece in the exact
operating conditions for which it was designed and, therefore, to obtain particularly significant
information. In parallel with the field tests, the tests can take place in the laboratory activity,
within which it is possible to distinguish the mechanical tests between those intended for the
characterization of the material and those designed to analyse the fatigue behaviour of
specific components. In the laboratory, machineries are used which are designed to generate
loads and stress states on the structure considered critical for the fatigue strength of the
structural element. The following paragraphs will provide a general description of the
laboratory tests for the characterization of the tests, in the field and in the laboratory,
intended for the study of the component. In particular, the focus will be put on the
examination of the tests that can be performed on the rims for heavy vehicles, object of this
thesis. [3]

1.7. Tests for fatigue characterization of materials

Mechanical fatigue characterization tests of materials are performed on specimens of

standard geometry. In fact, the standardization of the quality of the material, of the

dimensional and shape control and of the surface finish allow a significant reduction in the



variability of the test results. The tests in question are dynamic, carried out using machines

capable of producing cyclic axial, torsional or bending stresses (Figure 9).

Figure 9 Machines for the mechanical characterization tests of the material. [7]

The legislation prescribes, for each type of test, the geometric characteristics and
surface finish that the specimen must report and the conditions in which the test must be
carried out. The purpose of these tests is to determine the fatigue limit of the material, i.e.
the maximum cyclic stress which can be applied so that the working life of the specimen, and
therefore of the material, is infinite. As mentioned, however, the fatigue limit of the material
varies considerably depending on the type of action applied to the specimen and, for this,
there are different fatigue limits (axial, torsional and flexural), which can be identified with
different types of mechanical tests. Among them, the most common is the rotating bending
fatigue test, in which the specimen is rotated around its axis and, at the same time, a load is
applied perpendicular to it. The test is performed in order to generate a deflection, which, in
a reference system integral with the specimen, turns continuously around the specimen axis.
In this way, the generic point inside the specimen will be subjected to a symmetrical
alternating stress with a sinusoidal trend, continuously passing from a traction state to a
compression state. A similar test is used to determine the bending fatigue limit (chAf) of the
material by applying, during different test sessions with separate specimens, gradually
decreasing loads and counting for what number of cycles the failure occurs. The axial fatigue
limit (0p4,) can be obtained by means of tensile testing machines, which are capable of
developing a cyclic displacement of the mobile cross member. Finally, dedicated machines are

used for cyclic torsion test in which the torsional fatigue limit (o¢,,) is identified.

10



1.8.

Main types of specimen

In the context of the various cyclic dynamic tests, different types of specimens can be

used in order to study the behaviour of the material in presence of strong geometric

discontinuities. Therefore, it is possible to distinguish:

Specimens without notch: these are specimens with sufficiently regular
geometry and surface, according to standards imposed by regulations. In
practice, minimal discontinuities are inevitable and the notch coefficient K;
cannot be considered perfectly unitary. The irregularities of the specimen
determine areas where the resistant section is lower, as well as the defects of
the material can give rise to nucleation and propagation of the crack. However,
the notch effects can be significantly reduced by adding chamfers and through
the appropriate dimensional control. The tests carried out with specimens of
this type cannot give information about the sensitivity to notching of the
material, but they can give useful results to characterize their fatigue behaviour

in relation of the surface finish [7]

Notched specimens: these types of specimens are characterized by geometric
discontinuities such as to allow the onset of the notch effect inside a portion of
the specimen itself (Figure 10). The fatigue properties given by the supplier are
usually limited, for this kind of specimens, to the fatigue limit (gz4) of the
material only, without information on the type and geometry of the specimen
used to determine it. Often a preliminary activity consists in carrying out tests
to derive the S-N curve in the conditions of average zero stress and minimum
zero stress. However, the purpose of the tests involving carved specimens is to
estimate the notch sensitivity of the material studied, in order to generalize the
result and to be able to use it during the design phase of the mechanical
components. [3] In particular, in the field of fracture mechanics, cyclic stress
tests with carved specimens are carried out to indirectly measure the
intensification coefficient of the critical stress (K;-) of the tested material, i.e.

the intensification coefficient beyond which the crack propagation occurs. This

11



is done by monitoring the crack propagation as the number of cycles performed

advances: this parameter allows calculating the K; coefficient. [8]

occurred during the test and the measurements performed. [9]

1.9. General information on the test execution procedure
Testing procedures are highly standardized in various aspects. In modern machines

standardized jaws that ensure a simple installation of the specimen guarantee an accurate
clamping. One aspect to pay particular attention to is the alignment of the load application
axis and the specimen axis, a condition that can be monitored by strain gauges. Furthermore,
any phenomenon of wear by rubbing between the clamps and the specimen must be avoided:
it is often used to interpose between the two waxed paper and thin sheet. Finally, it is good
to make sure that the compression stress induced by tightening in the end area of the
specimen is not such as to influence the stress state of the useful section. Generally, this
condition is averted by means of a “dog bone” design, which offers a greater resistant section
in the clamping area. This problem is of considerably less impact in tests with notched
specimens, since the state of stress present in the notch area is considerably greater than the

one present in the clamping area.

1.10. Test programs and service simulation
In order to have larger and therefore statistically significant sets of results, fatigue tests

are generally organized and performed in programs which consist in a given number of tests.
Within these programs, the number of specimens used in the tests and the conditions under
which they were carried out are documented, so that the machine parameters and the

characteristics of the specimens are known and can enrich the test data. In modern machines,
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load histories can be generated by computers, which are also responsible for the feedback
control of the load applied during the test. Load histories are generally taken from regulations
containing standard load conditions; of course, this is valid for tests intended to characterize
the material, while tests for the study of the fatigue behaviour of the component should
recreate load cycles as similar as possible to those the ones the structure may encounter in
operation. In the latter case, the stress cycles can be sampled in service directly on the field

and then returned to the laboratory.

1.11. Fatigue test data report
In order for the results of a test to be as complete and meaningful as possible, the

evaluation of the data obtained should include the description of the following characteristics:

e Material: chemical composition, heat treatment, microstructure and

mechanical properties must be reported;

e Specimens: dimensions, production technique and surface finish must be

indicated;

e Experimental details: characteristics of the test machine, tightening methods,
stress levels, number of specimens, frequency of tests and environmental
conditions, as well as any description of techniques and special procedures

used.

1.12. Measurement and analysis of test parameters
The cyclic dynamic tests for the study of fatigue materials, as already mentioned, are

very varied in many aspects: from the type of load applied to the characteristics of the
specimen, passing through the methods of carrying out the test up to the cycle history. The
data measurement and analysis techniques differ according to the parameters of interest that
must be monitored during the test and subsequently analysed. There is an entire branch of
fracture mechanics specialized in the study of nucleation and propagation of the crack, which
is the defect responsible for fatigue failure of mechanical components. Various models have
been developed within this theory, many of which consider the propagation of the crack as
the determining parameter for the advancement of the phenomenon of fatigue. Thus, the

dimension of the crack is continuously monitored as the test proceeds. In the past, the crack
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size measurement techniques were rather coarse and discreetly carried out. At regular
intervals of the number of elapsed cycles, the position of the apex of the crack and therefore
the length of the crack was measured visually, with the help of suitable measuring
instruments. The poor reliability of such a measurement technique was accompanied by very
short preparation times. Observations improved with the introduction of binocular
microscopes with small magnifications (15x) and graduated lines to locate the apex of the
crack. Nowadays, there are techniques of the residual resistant section based on the electrical
resistance that the specimen opposes to the passage of an electric current. Knowing the
voltage at the end of the specimen, the current flowing inside it is the lower the greater the
resistance of the conductor, i.e. the lower the residual section not yet affected by the advance
of the crack. In this way, it is possible to continuously monitor the progress of the defect for
each single cycle and with good precision. Other methodologies allow estimating the area of
the residual section by correlating the load applied to the specimen and the relative
displacement between the two edges of the notch through mechanical relations. Such
automation techniques for measuring the growth of the crack improve the quality of the data
and allow to check during the test the trend of the variation of the intensification coefficient
of the forces (AK) imposed by the machine as the cycles proceed. Visual defect measurement
techniques persist based on modern optical technologies: some solutions provide that a photo
of the specimen is taken at each cycle in order to have a visual documentation of the evolution
of the crack as the test proceed. Other tests are conceived for the calculation of the stress
intensification coefficient (K;) not starting from the measurement of the crack size (a), but
through an indirect measurement of the stress itself: strain gauges are applied near the apex
of the notch and from the measured strain values it is possible to obtain the stress values and,

therefore, the K, coefficient.

A correct measurement of the parameters of interest must be accompanied by an
equally important operation, that is a careful fractographic analysis of the fracture surface of
the specimen, if the test is designed to bring the specimen to failure. Fractographic analysis
consists of visual inspection both with naked eye and by means of optical magnification tools
aimed at determining the number of nucleated cracks and the nucleation zone of the same,

which can be superficial and sub-superficial (Figure 11).
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Figure 11 On t.l.'le left, the fracture surface of a specimen subject t

o fatigue bending test; the crack propagation area and
the static fracture area are clearly visible. On the right, the detail of the clamshell markings in the crack propagation area.
(10,11]

The analysis is also useful to establish whether the fracture started from the most
critical area, the shape of the crack front and the size of the fracture at the time of failure. This
latter information is crucial in defining the sensitivity of the material to fatigue cracks. The
shape of the advancing fronts of the crack can be observed through special procedures. A
constructive method consists in interrupting the fatigue test and statically breaking the
specimen. The fracture surface will reveal the size and shape reached by the crack at the
established cycle. A second technique instead provides the application of periodically variable
loads. The load with greater amplitude will give rise to larger and distinguishable bands on the
fracture surface. Knowing the cycle number during which it has been applied, it becomes
possible to plot the progress of the crack as the cycles proceed. Alternatively, it is possible to
perform a traditional fatigue test and analyse the fracture surface with scanning electron
microscope, which allows, in addition to counting the streaks, an analysis of the nucleation

zone and of the region of first propagation of the crack.

1.13. Laboratory tests for fatigue characterization of the component
As mentioned in the previous paragraphs, the mechanical fatigue characterization

tests carried out in the laboratory can be aimed at determining the fatigue behaviour of a
material or of a specific component. The first type of test is fundamental in order to make
choices in the design phase, taking into consideration the properties of the materials tested

and the cyclical stresses that the component service imposes.
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The second type of test allows, at the end of the design, to verify the behaviour of the
mechanical piece under cyclic loading conditions generated in the laboratory and which must
tend to recreate as much as possible the operating condition of the component, in terms of
load history and environmental conditions. In order for this to happen, it is necessary to have
a good knowledge of the internal actions to which the structural element may be subjected
during the exercise. With regard to the component studied in this thesis, the internal actions
that arise in service are manifold. In the following paragraphs, we want to give a description
of the actions to which the rim can be subjected and, subsequently, the laboratory tests that
can be carried out to determine the influence of the internal actions on the fatigue life of the
component will be described.

1.14. Loads and actions on the wheel

The wheel can be schematically described as the assembly of two main components:
the tire and the rim. The first is characterized by a composite structure, consisting of a carcass
of intertwined steel fibres, which gives resistance and stiffness in the direction of extension,
and a highly deformable rubber matrix, capable of ensuring excellent adhesion of the wheel
to the ground. Furthermore, the pressurized air contained in the internal chamber confers
stiffness to the tire. Such a system allows combining good stiffness and excellent deformability
to the tire, so that the dynamic vehicle performances can be obtained without the ground
roughness being perceived in the passenger compartment. In fact, it is only in the presence of
adequate inflation pressure that the tire is able to transfer the loads for which the wheel has
been designed to the rim. The transmission of these actions takes place in the tire-rim
interface area. It is good to specify that the pressurized air contained in the tire contribute
only to the tire’s stiffener. Therefore, the forces generated by the internal pressure are self-
balanced and only contribute indirectly to the actions that take place between the tire and
the rim. The actions transmitted by the tire to the rim are in turn generated by the contact
forces between the ground and the tire. Therefore, a good knowledge of the overall behaviour
of the tire is of great importance in the study of the loads that can be transmitted to the rim
in operation. [12]

It is good to define a reference system like the one shown in the Figure 12, in order to
describe the forces that can be applied to the wheel in service.

Y, 14

Figure 12 The reference system applied to the wheel.
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The origin lies on the road surface at the centre of the wheel footprint, i.e. at the point
of intersection among the road surface, the middle longitudinal plane of the rim and the
vertical plane containing the wheel rotation axis. The x-axis is defined as the direction of
advancement of the wheel projected on the road surface; the y-axis coincides with the
rotation axis of the wheel also projected on the road surface, while the z-axis is orthogonal to
the ground. It is good to specify that this reference system does not vary with the variation of
the angle y, i.e. the camber angle. The actions transmitted from the ground to the wheel can
be described schematically as a force F, which in general does not pass through the chosen
origin 0 of the reference system. The offset of the application point of this resulting force with
respect to O shows that a transport moment M is also applied to the wheel. In this way, the
actions exchanged from the ground to the wheel are completely integrated using the vectors

relating to a resulting force and a moment of transport, both applied at the origin (Figure 13):

Figure 13 The resultant force and momentum applied to the wheel in the origin of the reference system.

F = (B E3,F,2) 1-13

M = (M %, My, M,7) 1-14
It is possible to identify a distinction between the components that act in the road
plane and those that have a place in the vertical plane. The first are the tangential actions due
to the adhesion between wheel and ground and are F,, Fy and M,, called longitudinal force,
lateral force and moment of self-alignment or drift. The second are given by the pressure

distribution and are F,, M, and M, called the vertical force, the overturning moment and the

rolling resistance moment (Figure 14).

17



Figure 14 Force and momentum components along the reference system'’s axes.

Finally, the angle a reported in Figure 12 called slip angle, i.e. the angle between the
x-axis and the direction of the vehicle speed (17), is identified. The extent of the forces and
moments described varies, of course, depending on the characteristics of the vehicle and the
dynamic conditions in which it operates. Therefore, accelerations, braking, steering and load
of the bucket determine continuous load transfers that are variations of the values of the
components of the forces and moments during the service of the vehicle. In particular, it is
possible to define new components according to the forces on which they depend:

e Component F, is the longitudinal friction force between the ground and the
wheel;

e Component Fg is the longitudinal force generated during acceleration or
deceleration;

e Component Fy is the lateral force generated by the centrifugal force of the
vehicle when cornering;

e Component F, is the vertical constraint reaction of the soil on the wheel.
Moreover, it is possible to give an overview of the conditions of use of the vehicle in
which there are significant variations in the components of the mentioned forces. It should be
specified that the longitudinal friction force (F;) in a wheel in the rolling phase is of modest
entity compared to the other components in the field, while it becomes relevant if the wheel

is dragged during the braking phase.
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In general, two important load transfer conditions can be identified: the longitudinal

load transfer and the lateral load transfer.

The longitudinal load transfer occurs during the vehicle acceleration due to
inertial effects. In case of running at a constant speed, the two axles of the
machine will weigh the so-called static loads, which depend on the position of
the centre of gravity alone. During acceleration, the inertial effects of the
vehicle body will tend to largely shift the weight on the rear axle and vice versa
in the event of braking. Therefore, the Fz component is not only influenced by
the inertial forces opposed by the vehicle body while accelerating, but also by
the transfer of load suffered by the wheel and therefore the fraction of traction
for which that wheel is responsible. Similarly, the vertical constraint reaction

(F,) is also closely related to the longitudinal load transfers.

The lateral load transfer occurs during the steering phase, during which the
inertial forces oppose the change in direction of speed and are therefore
transverse to the vehicle body. Similarly, to what happens for the longitudinal
load transfer, the effect of this inertial phenomenon is the overloading of the
wheels placed outside the curve with respect to those inside the curve. This
causes component Fy to be determined not only by the centrifugal force of the

vehicle, but also by the lateral load transfer.

In addition to the longitudinal and lateral inertial effects, it is essential to consider that

for the earth moving vehicles, for which the component under examination is intended, the

position of the centre of gravity is not constant during service, but varies considerably

depending on the front load, as well as the total load applied to the four wheels. Therefore,

in industrial vehicles, the value of the components of forces and moments is variable and the

stress to which the wheel rims are subjected is not only cyclical, but also strongly variable in

terms of amplitude of the stress. [12]

After this premise, it is possible to clarify the relationship between the forces applied

to the wheel and the actions inside the rim. In particular, the effects of longitudinal and lateral

dynamic phenomena are again distinguished.
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Component F, is the only force present even in the quiet condition of the vehicle. It is
influenced by both longitudinal and lateral load transfer phenomena and it is, therefore,
determined by adding the forces due to the load transfer to the weight that would weigh on
the wheel under static conditions. This component is responsible for a compression action of
the lower part of the rim between the axle of the rim and the tire. This action, being the
component in continuous rotation, is cyclical. The F, and Fz components are responsible for
a torque that has the axis of the wheel as its axis of application and, therefore, have flexural
effects in the x direction of the rim. Finally, force F, arises when the vehicle is traveling
through a curve and both centrifugal force and lateral load transfers influence it. This has the
effect of generating a bending action on the wheel, with a torque that has the x-axis as its
application axis. All the actions described are cyclical, given the rotation of the rim during
operation. From the description of the main operating conditions in which the wheel may be
found, it is evident that the experimental tests necessary to study its behaviour in situations
similar to those of service are substantially two. A test, called rolling test, which recreates the
functioning of the wheel in conditions of advancement at constant speed or during
acceleration or deceleration, in order to study the effects of the actions induced by F,, F, and
Fg. A second test, called rotating bending test, which instead recreates the state of stress
generated by the lateral dynamic phenomena and, therefore, gives information about the
effects of the component Fy on the structure. These tests will be described in more detail in
the following paragraphs.

1.15. Rotation bending test

As mentioned in the previous paragraph, the rotating bending test (Figure 15) is a
mechanical laboratory test on the structure, having the task of determining the effect of the
component Fy of the cyclic load that weighs on the wheel on the fatigue behaviour of the rim.
Even load F, can generate a bending moment on the wheel which axis is parallel to the x axis.
This occurs if the offset, i.e. the horizontal component of the distance between the centre of
the tire contact area on the ground and the point where the perforated disc is secured to the
axle shaft, is not null. Therefore, the rotating bending test has the task of evaluating the effect
of both the lateral loads deriving from changes in the direction of the vehicle and of the

vertical load, which has non-zero offsets.
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Figure 15 Machine for the rotating bending tests on rims. [13,14]

In fact, both types of load cause bending moments with a direction belonging to the
longitudinal plane of the wheel (i.e. the x-z plane). In the rotating bending test, the cyclic
bending moment is generated by a rotating eccentric mass connected via a rotating joint to
an attachment plate mounted on the rim disc. The rotation of the eccentric mass generates a
centrifugal force, which is brought back from the joint to the disc of the rim in the form of a
rotating bending moment, if observed by a reference system integral with the circle. In
particular, the bending moment is equal to the value of the centrifugal force generated by the
rotation of the eccentric mass for the joint arm, i.e. the distance between the eccentric mass
and the rim disk. The wheel is secured to the table of the testing machine by clamping the rim.
Alternatively, the cyclic bending action on the shaft can be generated by a loading actuator

integral with the chassis of the machine.

The wheels selected for the test must be taken from the standard production cycle, in
order to be representative of the mechanical characteristics of the entire lot; this means that
they must also have undergone the latest processes, including cataphoresis. They are secured
to the plate with non-lubricated bolts and with the tightening torque provided by the
laboratory regulations for testing. It is also advisable that the contact surfaces are free of
excess dirt and paint and that they do not present unexpected deformations. Screws and nuts
can be replaced or retightened during the test, while the rim must not be used for more than

one test.

The rotating bending test involves the application of the rotating bending moment
through the mechanical system quickly outlined above. This allows inducing a state of cyclic
stress inside the circle, which must be detected and measured using the appropriate tools. For

this purpose, strain gauges are applied in the areas of interest of the component in the
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directions in which the measurement of the deformations is required. The signal from the
transducers is received by the acquisition system, which amplifies it before sending it to the
computer, which can finally store and process the data. The execution of the test also includes
a preliminary setting of the test parameters via computer. Among them, there are the
intensity of the cyclic bending moment, the moment constant, the number of cycles and the

test stop intervals for the inspection of the component.

The purposes of the rotating bending test and the results that can be extracted from it
can be manifold. The main objective is undoubtedly estimating the fatigue life of the
component by monitoring the onset of cracks as the test proceeds. Secondly, the test can
prove useful for the development of a model that relates the external loads to the stresses in
the instrumented points of the structure. Therefore, by carrying out various tests with
gradually increasing intensities of the bending moment (using wheels not tested yet for each
test) and measuring the strains incurred, it is possible to create an experimental model that
allows to predict the extent of the stresses in function of the load applied. Stresses are
measured indirectly from the deformations measured by strain gauges using the linear elastic

relation of the material.
The classic application of the rotating bending test involves the following procedure:
e The machine is started and the wheel subjected to rotating bending.

e The machine is stopped at regular cycle intervals, the wheel is inspected to
identify any cracks that have formed and to tighten the plate bolts if necessary.

If conditions permit it, the machine can be restarted and the test can continue.

e The test ends if:

e the set number of cycles is reached;

e cracks are visible;

e obvious breaks in the rim occur, in which case the machine stops
automatically.

e |If the test has reached the set number of cycles, the rim is subjected to
inspection using penetrating liquids. The test is considered passed if no crack
triggers are detected. If cracks are identified following the check or if the test

stopped earlier, the test is considered not to have passed.
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In order to reduce the test times, the load conditions applied in the test can be more
severe that those of normal use in service. Moreover, this allows to obtain higher safety
coefficients. The bending moment acting on the wheel calculated in the operating conditions

can be expressed as:

M=K -K-E-(u-R+S5) 1-15
where:

e K, is adimensionless parameter which depend on the type of stress applied to

the wheel;
e K, is adimensionless parameter which depends on the duration of the test;
e F, isthe load capacity of the wheel;
e uis the friction coefficient between tire and ground;
¢ Ris the dynamic radius of the tire used;
e §Sisthe wheel offset.

The bending moment generated during the rotating bending test can instead be

approximated as:

M=K 'K, F,-(u-R+S5) 1-16
M=F, h 1-17
where:
e [_is the centrifugal force developed by the eccentric mass, a function of the

rotation speed of the system;

e his the arm of the centrifugal force, i.e. the distance between the rotating

eccentric mass and the coupling area between the rim disc and the plate.

Once these relationships are known, it is possible to establish what the machine
parameters are to be set in order to generate, in the test phase, a bending moment equal to
that of the operating conditions in the field, which in turn can be found knowing the

parameters of the first equation.
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1.16. Rolling test
The rolling test is a mechanical characterization test of the wheel capable of

reproducing the forward condition in the longitudinal direction. The load on the wheel can be
modified according to requirements so that load transfers as well as inertial effects typical of
various situations in the exercise of the component can be reproduced and simulated, such as

advancing at constant speed, acceleration and braking.
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Figure 16 Example of a wheel during a rolling test. [15] -

Rolling test machines are generally equipped with several stations, some of which are
capable of simultaneously generating longitudinal and lateral loads on the wheel, in order to
reproduce as faithfully as possible, the typical conditions of use present when traveling a curve

or a not perfectly horizontal ground in the lateral direction.

The rolling test machine can be schematically represented in the following way: the
wheel to be tested, including rim and tire, is secured to an arm, with respect to which it can
rotate freely around its axis. Hydraulic actuators, to which the arm is secured, are capable of
generating the load needed for the test. The constraining reaction is developed by a roller
against which the wheel lays. The roller is driven by an electric motor, which develops the
power necessary to bring it into rotation. The wheel is in turn rotated by the roller by friction.
The generic machine designed for this type of test can also allow the variation of the camber
angle. In addition to the longitudinal load generated by the friction force exerted by the roller
on the wheel and the vertical load produced by the hydraulic drive, some machines also allow

to generate a lateral load through a secondary drive.
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The tests that can be carried out with this type of machine are various and can be

distinguished between static and dynamic tests:

In the first, the behaviour of the component under static stress conditions is
meant to be tested. Based on this principle, the practicable strategies for
measuring the deformation state of the circle are two, depending on which
parameter is considered as variable. A first approach may consist in keeping the
wheel stationary and varying the load applied. Therefore, the component is not
put into rotation, but only the hydraulic cylinders responsible for generating
the vertical load are operated. By instrumenting the wheel with strain gauges
inthe areas of interest, itis possible to measure the deformation in these points
as the load applied varies. The load must be made to vary in a range of values
that includes the load weighing under static conditions (stationary vehicle), but
also conditions that simulate load transfers the vehicle can generate during its
use, whether they are lateral or longitudinal. Vice versa, the second strategy
can be used when defining a deformation field for an entire portion of the
wheel in response to a constant external applied load is the aim of the test. In
this case, the test consists in rotating the roller at extremely low speeds,
blocking it before an excessive number of wheel rotations is carried out to avoid
damage to the measuring instrumentation. In this way, the output data from
the strain gauges will provide how the state of deformation and stress varies
for a given point of the rim during a complete rotation of the wheel. It is good
to specify that for this kind of tests it is not necessary to bring the component
into a failure condition, since relevant information is already contained in the
deformation response to the external load. It is also possible to carry out
various tests by varying from time-to-time other parameters of interest such as
the tire inflation pressure, in order to estimate the rim’s response to changes
in operating conditions. Generally, the most critical operating configuration for
the structural strength of the wheel is the low inflation pressure. In this
situation, the high degree of deformation of the tire not only subjects the fibres

of the carcass to very high stresses, but also produces a state of contact
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between tire and rim that is not desired and therefore possibly dangerous
stresses can occur. A second parameter on which it may be interesting to
intervene to study the system response is the camber angle, i.e. the angle of
inclination in the vertical lateral plane of the load applied with respect to the
wheel. This kind of tests can be particularly useful for the development of
empirical relations that can predict the peak of stress that is generated within
the rim as a function of the parameters of use, as well as to study the entity of

the safety factor of the component depending on the conditions of use.

The second large type of test which can be performed using the rolling test
machine is the dynamic test. In this kind of experiments, the wheel is
simultaneously subjected to the action of the load of the hydraulic drive and of
the motorized roller, in order to be rotated in dynamic conditions similar to
those of operation. The main purpose of a dynamic characterization test is to
study the fatigue behaviour of the component. Due to the high number of
rotations of the wheel, the strain gauges cannot be connected to a fixed
acquisition system by wire, as they would be damaged after a few rotations.
Thus, the data acquisition system must be inserted directly inside the rim or
connected to the strain gauges by wireless systems. For these tests, strain
measurements similar to the ones described above are performed. The main
difference is that the strain measurements refer to a high number of cycles.
Changes in the stress field due to variation of the load settings can therefore
be appreciated. Another approach to the dynamic test consists in monitoring
the cracks nucleation and propagation. For this kind of experiments, the tests
are usually divided into intervals of cycles. At the end of each of the groups of
cycles, the wheel is inspected through non-destructive tests, such as
penetrating liquids, to highlight the possible occurrence of cracks or to measure
their advancement. Therefore, the test consists of various steps at the end of
which the condition of the component is monitored. Similarly, to what happens
for cyclic rotating bending tests, the test is generally carried out with increased

loads to reduce the number of cycles necessary to complete the test, which can
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be considered completed in the case of the onset of cracks, in the case of
sudden failures or if it reaches the expected number of cycles without damage.
Only in the latter case, the circle passes the test. The test in question has a
dynamic nature as the rotating bending test. Therefore, it shares with the latter
a good part of the preliminary procedures and criteria for carrying out the test,
such as the selection of the wheel, its preparation, the criteria behind the

setting of the load cycle and those that determine the end of the test.

1.17. Field tests for fatigue characterization of the component
As part of the fatigue characterization of a component, it is essential that experimental

laboratory tests are accompanied by field tests.

These have the twofold task of providing additional sets of results useful for deepening
the models developed on the laboratory data and checking the correct setting of the same.
Only the test of the component in service can confirm, in fact, the good approximation of the
operating conditions carried out in the laboratory. The data output from a mechanical fatigue
characterization test carried out in the field are mainly the load spectrum acting on the
component, which provides information on the history of stress as a function of time. The
most significant points of the stress spectrum graph are the maximum and minimum stress
values. However, the detection of the load spectrum on the field must necessarily be preceded
by a series of preliminary assessments on aspects such as how the load changes over time and
the use of the component in service. It is also good to evaluate if some cycles can be neglected
in the fatigue study, to check the influence of both the frequency and the speed of the load

application on the fatigue strength, to estimate how long periods of rest and operation in
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overload can weigh. These preliminary considerations must be followed by the definition of a
procedure for carrying out the measurements and for processing the load spectrum. The
strategy for the acquisition and processing of data must also be based on the nature of the
expected solicitation. In fact, the types of cyclical loads that can weigh on a component can

be divided into:
e deterministic loads;
e stochastic loads.

The former are loads that can be defined as specific events that can be foreseen in
intensity and, known the functioning of the structure, also on a time scale. Usually, this type
of load occurs from the standard use of the component, a condition in which the application
of theoretical and experimental models developed for predicting loads and stresses is
possible. If the use of the structure in service is not the one foreseen in the design phase, the
nature of the loads can become stochastic, i.e. highly variable from a statistical point of view.
In other words, this operating condition does not allow to predict the intensity of a given
quantity in a given instant of time. Therefore, the description of a load condition can only be
based on a statistical approach, and, therefore, on the study of sequences of random loads
over time. It is good to specify that the two types of load can be applied simultaneously, so it
may be difficult to combine the study to carry out assessments on fatigue life. Therefore, the
problem still remains the way in which the load spectrum must be obtained in order to have
a significant evaluation of the behaviour of the structure with varying stress. Then, it is
necessary to proceed considering all the possible scenarios of use of a component and the
possible fractures it can suffer. From this point of view, the execution of field tests allows to
simulate the conditions of service in much more faithful, flexible and variable way than the
tests carried out in the laboratory allow. In other words, it is possible to recreate the operating
conditions that are expected to occur, by measuring the quantities of interest and thus
obtaining specific results for the given method of use. Detailing the procedure described in
the study of a rim for earth-moving vehicles similar to the one considered in this discussion,
several tests must be carried out in order to study the state of stress of the rim in the various
possible conditions of use. Each test is aimed at collecting data on the deformation state of

the component in a precise operating condition.
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For example, the tests in question can be the following:

e Constant speed vehicle in motion on a circular trajectory with loaded blade and

predetermined number of revolutions.

e Bump test: the vehicle travels at a fixed speed with loaded shovel on a path

with obstacles and bumps placed at regular distances.

e Vtest: the vehicle goes through a series of cycles on a predefined path, carrying

out loading and unloading operations of the blade with earthy material.

e Vehicle moving on an oval path, unloaded and lowered blade at high speed; the
test is concluded after the completing a given number of laps. The same test

can be carried out with loaded shovel.

e Stationary vehicle and loaded shovel; a predetermined number of turns are

performed.

The tests that involve testing the vehicle in full straight are also called normal driving
style tests, while those that include driving in curves are called hard driving style. It is clear
that the different types of load history provide different stress spectra and distinct critic
points. The loads used in this kind of tests must be determined based on the manufacturer’s
needs. The load cycles generally tested are those with maximum and minimum load, in order
to have an estimate of the response of the structure in the widest range of conditions possible.
It should be remarked that, even with the help of field tests, fatigue design can be particularly
difficult, since a variation in the design aimed at reducing the cyclical stress generated by a
given load may not bring benefits towards the action of the other loads applied. In addition,
fatigue failures reveal that not all the relevant loads acting on a component are always known,
so it is difficult to predict all the stresses present. After following a first qualitative approach
to the examination of the expected applied loads, a quantitative evaluation follows which
consists of instrumenting the component using strain gauges to obtain the deformation state
of the points considered during the test. In the specific case, the component studied in this
thesis, i.e. the rim of the wheel of the earth-moving vehicle, is in continuous rotation during
operation, so that a normal instrumentation with strain gauges connected by wire to the

acquisition system would be unusable. In order to measure the deformations of the wheel and
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more generally of the components that have to perform a high number of rotations during
service, infrared signal transmission systems are therefore necessary. The signal from the
strain gauge is amplified and transmitted to the system of acquisition connected to the
computer by the infrared transmitter mounted on the wheel, so that the measurement system
and the acquisition system remain physically free. In order to have a data campaign as
significant as possible, it is good to place a considerable number of strain gauges on various
areas of the structure. This choice is useful also to compensate for any malfunctions as well as
to have a set of statistically more valid results, to obtain the greatest number of data in
portions adjacent to those relevant for the study or to identify any symmetries in the stress
distribution. The areas where the strain gauges are applied are generally chosen through
previous finite element simulations or based on experience of breakage or of onset of cracks
and fractures in the component operation. The next step is to apply counting methods and
models for calculating fatigue damage. The experimental data processing is entrusted to
special software capable of counting the cycles and of applying models for calculating the
damage to the component and the fatigue life of the structure, i.e. the number of cycles it can

withstand if subjected to a combination of the detected load spectra.

1.18. Finite element analysis for fatigue damage calculation
In the finite element method, it is assumed that the component is divided into

structural elements (finite elements) interconnected by points (nodes) on which external
loads and forces exchanged by adjacent elements are applied. The set of these elements is
called mesh. With this approach, the problem can be solved numerically; in fact, it is possible

to write a constitutive equation for each element:

F=K-6 1-18
Where Fis the nodal force vector, K is the stiffness matrix (function of the element and

of the characteristics of the material), & is the vector of the nodal displacements. The solution
is obtained by the conditions of compatibility of the movements and by the equations of
equilibrium. The latter contain the nodal displacement as unknown. In this method, a system

of differential equations is obtained, which is reduced to a system of algebraic equations.
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The latter is built starting from the equation of equilibrium and, for the i node, we

have:

R, = Z K;- 8 1-19

where R; is the vector of the external loads applied to the i node and the sum must

be extended to the elements that converge in the i node. For the structure, we get:

K-6=R 1-20
where K is the stiffness matrix of the structure, whose components kj, called

coefficients of influence, represent the entity of the nodal force (fi) when a unit displacement
is imposed and all the other components of the displacement vector (&;) are null. The vector
é is the vector of the structure’s nodal displacements and is the unknown term of the problem,
while R is the vector of the structure’s load. Once the boundary conditions are imposed, the
system can be solved. Therefore, the finite element method is a representation of a
continuous system with equivalent discrete elements, from which a system solvable with
incremental iterative numerical methods is obtained. The reliability of the solution depends
on the level of discretization (mesh density) and on the approximations introduced on
constraints and loads (boundary conditions). By solving the system, the displacements of all

points within the single element are obtained through form functions:

u=N-8¢ 1-21
Where u is the vector of displacements, N is the matrix of form functions and &€ is the

vector of nodal displacements. The form functions depend on the element considered and

they are usually polynomial functions.

Once the displacements are known, the congruence equations in the elastic field and

in the hypothesis of small displacements are solved:

E=L-u 1-22

The deformation field is therefore obtained. Later, it is possible to resolve the

constitutive laws deriving from the theory of elasticity:

o=D: ¢ 1-23

from which the state of stress is obtained in the structure [16].
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In order to carry out the structural analysis of a wheel through a finite element model
(FEM), it is necessary to use software that are usually composed of three parts: pre-processor,
solver and post-processor. The data necessary for subsequent analysis are set in the pre-
processor. The following are defined: the geometry of the model, the data relating to the
material and the subdivision into finite elements (mesh). Then, loads and constraints are
introduced and the file necessary for the analysis with the solver are created. The solver varies
according to the type of analysis (linear, non-linear...) that that is meant to be performed on
the model introduced in the pre-processing. At the end of the analysis, the data necessary for
the interpretation of the model are acquired through a graphical interface in the post-
processing phase. The use of symmetry properties makes the analysis faster. In fact, the
halving of the number of nodes allows reducing the analysis time even by 1/6 and the file size
also by 1/3. Introducing excessive approximations in the mesh, in the constraints or in the
loads can lead to considerable variations and inaccuracies in the results. A modelling close to
real conditions and a structure with a more dense discretization in elements allows to obtain
data close to the real situation. In the case of complex models, such as that of a wheel for
earth-moving machines, often not all the loads acting is assessed at the same time, but
portions of the rim are studied and the only the higher stresses are considered in order not to
weigh the calculation too much. With this method, results can be obtained quickly and the
portions subject to the greatest stress can be identified immediately. At the GKN Company,
Ansys is used as FEA (Finite Element Analysis) software. Ansys allows to introduce load spectra
detected in laboratory or field tests into the program in order to approximate the components

of the stress and to get the most accurate results possible.

1.19. Comparison from: laboratory tests, field tests and FEA
As shown in the previous paragraphs, different approaches can be used to study the

fatigue life of a wheel for earth-moving vehicles:

e Laboratory tests: these can be performed on specimens, on portions of the
structure under examination or on the entire component. Using the entire
structure can be advantageous to reproduce as closely as possible constraints
and loads in order to obtain results similar to the real situation. In any case,

specific test machines are required. These usually reproduce only a particular

32



load (bending, rolling...) and constraint condition. They may require prolonged
times, but it is also possible to reduce the temporal extension of the test by
increasing the frequency of solicitation. Furthermore, the load history can be
reproduced with extreme precision, thanks also to computerized controls. The
data is collected using strain gauges positioned in the area of interest for the
study, which is limited to a portion of the component even if the entire
structure is subjected to the test. Therefore, considerable expertise is required
in the application of strain gauges, as well as adequate reading of the results.
In fact, from the strain gauge data it is possible to evaluate symmetries and
malfunctions of the strain gauges in order to consider only the significant
results. Once the interest graphs (variation of deformation as a function of
time) have been obtained, it is possible to re-elaborate everything and obtain
stress graphs, estimate the fatigue life and the damage to the component
through software (for example: nCode Glyphworks).

e Field tests: these tests require the use of the component in a path that
simulates the real operating conditions. Tests are often carried out under
different load conditions in order to highlight the influence on the wheel stress
state. Precision in the positioning of strain gauges is required, in addition to the
need for an acquisition unit to be affixed directly to the structure or connected
via infrared. The time for this type of test can be long depending on how
variable the stress condition over time is considered. As for laboratory tests,
the data obtained are then studied through software from which it is possible
to obtain an estimate of the fatigue life of the component and its damage.

e Finite element simulations: this type of test requires specific software. Within
the latter, data are entered concerning the geometry of the component, the
material (usually provided by the supplier), the mesh and the boundary
conditions. The simulation on the component introduces a certain degree of
approximation, which may be due to mesh, constraints and loads. To optimize
the results, the discretization of the material has a higher density in the critical
areas. Problems can occur due to the complexity of constraints and loads that
are often simplified; this allows speeding up the calculation times but leads to
less precise final data.

The main characteristics of each test listed in the following table are summarized in

the following table.
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Type of test

Loading condition

Constraint condition

Instrumentation-
data acquisition

Any approximations

Test duration

Test in the laboratory

Specific load defined by
the type of test machine.
Set wvia PC, usually
reproduction  of  loads
obtained from field tests.

Reproduction of localized
constraints based on the
type of test to be
performed.

Strain gauges in the area
of interest, connected to
the data acquisition unit of
the test machine.
Difficulty applying strain
gauges.

Load condition limited to
the action to be studied.
Geometry, in some cases
only a portion of the
component is tested.

Tests with long times to
try to break the component
in order to estimate the
fatigue life and to study
the type of fracture.

Field test

Loads  represent the
standard condition of use.
The circuit test does not
include special uses.

The conditions for binding
the operating component
are maintained.

Strain gauges in the area
of interest with acquisition
unit on the wheel to then
manipulate the results via
software.

Test duration limited to a
few load applications
cycles. Test in a circuit,
special applications are
not considered

Short tests, which allow
obtaining a load history
that reflects the cyclical
repetition of the
conditions to which the
structure is subjected.

Finite element simulation

Approximate loading
conditions, limited to
loads of interest to the
study area. Value and
trend of loads often from
standard data or from field
tests.

Approximate  constraint
conditions, which
reproduce the real

conditions as faithfully as
possible.

Discretization  of  the
component into elements.
Solution through algebraic
equations on each
element.

Constraint on constraints
and loads. Often reduced

geometry, based on
symmetry properties.
Distribution and mesh
density.

Short tests, also based on
the degree of
approximation (the higher
the lower duration) and the
power of the calculator,

Table 1 Comparison between the different kind of test to study the fatigue behaviour of the wheel,
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Each approach shown has limitations. From the comparison, it can be seen how the
constraint conditions of the wheel are fully respected in the field test. In this type of test, it
can be difficult to obtain easy to read and error free results; this happens due to the difficulty
of applying the strain gauges. Because the test ends before the component breaks, only a
portion of the load history is available, even if it refers to the most demanding condition. In
laboratory tests, load conditions detected in operation can be reproduced on the component.
The advantage of these tests is that the component failure can be tested and thus the fracture
surface can be analysed. For these tests as well, the difficulty of arranging the strain gauges is
noted. Finally, the simulation with finite elements allows carrying out rapid tests, but at the
price of approximating the component in different aspects (load, constraint, mesh). It can
often be useful to combine all these methods to compare the results and define the most
indicative data of the structure’s fatigue life. In particular, it is possible to develop a finite
element model to which the standard load conditions of the wheel can be applied. In a first
approximation, the areas with greater stress are detected. This step does not take place if
there are numerous breakages in operation, which show an area particularly subject to heavy
load. Then the study can continue with a field test on the instrumented wheel. The data
obtained are then used to derive the fatigue life and damage suffered by the component.
These results can be compared with any laboratory tests, where the structure is brought to
failure. Finally, by comparing these results, a final comparison with a finite element simulation
can be added, using the load spectrum obtained from the tests already carried out, and thus
highlighting the correct reading of the strain gauges, the presence of any anomalies, load

symmetries and particularly critical areas in conditions of heavy load. (Figure 18)

test on a portion of
the wheel
~ { material properties
- N M ﬂ "ll.l lest
Estimate of fatigue life-damage — { 1oad history
and comparison among the < ' ! /
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Figure 18 Diagram of the operations carried out to study the fatigue behaviour of a component.
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2. EXPERIMENTAL TESTS:
2.1.Test on field
The studied component is a wheel of a material transfer vehicle produced by GKN
WHEELS.

The data which will be used to verify the wheel against fatigue failure have been
collected using strain gauges placed close to one of the holes (necessary to connect the wheel

to the hub). This position is critical because of the stress concentration which is described by
notch factor k.

Tests in different track conditions have been performed in order to simulate and
characterize the life of the component. In this work data coming from gauges 4 and 6 will be
discussed. The first step is to place the strain gauges on the wheel. Figures from 3.1 to 3.7
show the position of the gauges and the tested vehicle.

Figure 21 Gauges position (2) Figure 22 Gauges position (3)
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Figure 23 Position of the studied gauges

Figure 24 Vehicle configuration

Loading histories are obtained from tests performed in the following track condition:

ON ROAD CONDITION: the vehicle makes some laps in an oval asphalt track

Figure 25 On road test phase
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OAD PLACEMENT: the vehicle charge and discharge materials;

Figure 26 Load piaement test phase
LOADER: the vehicle charge and discharge heavy materials; it is similar to the
previous condition but it is a particular case more dangerous than the Load one;

Figure 27 Loader test phase
OFFROAD: the vehicle makes off road laps

Figure 28 Ofroad test phase
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2.2.Material
The wheel is cold formed starting from plates in steel grade S355MC EN 10149-2. In

order to characterize the material behaviour tensile and fatigue tests have been performed in
collaboration with GKN.
2.3.Tensile tests
Three important parameters, which can be obtained from a tensile test, are needed
for computing the fatigue analysis. Ultimate tensile strength, yielding strength and Young's
modulus are the first parameters required. A simple tensile test is capable of giving these
parameters as results. Six specimens are obtained from an unused portion of plate of the same
material of the wheel.

Nr_ 3 provies
drepone T

Nr. 3 prossni
draziono L

Figure 29 Position of specimens
The specimens are cut in longitudinal (L) and transversal (T) direction. L and T
directions are determined from the orientation of the fiber. In fact, the studied wheel is built
starting from metal plates. The production process of a plate causes a preferential orientation
of the crystalline grain, which produces an anisotropic plate. It is important to know the plate
behavior in every direction; it would be a mistake to consider only the properties along the

fibers preferential direction.

Figure 29 reports also the dimension of the plate which has a diameter of 320mm and

a thickness of 9.5mm.
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Specimen dimensions are obtained from standard EN 10002-1; moreover, the
specimens thickness is the same of the plate in order to preserve any residual stresses coming

from the production process. Figure 30 reports the specimens dimension.

" ;/ _ /// C
L~ i = g /
| w0 ‘ Les |
t 85 "
190

Figure 30 Specimens dimension

Figure 31 Tensile test

Figure 32 - Tensile test (3) - broken specimens
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Looking at the broken specimens, it could be seen that the longitudinal specimens have

a breaking surface more ductile than the transversal ones. However, it is a very little

difference: even the transversal specimens have a ductile behaviour. Specimens ¢ — € plot are

collected in Figure 33 from Figure 38.
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Figure 35 o — ¢ plot for specimen T3
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Figure 37 o —  plot for specimen L2
Thanks to standard EN 10002-1 we can obtain the material properties:
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Figure 38 o - € plot for specimen L3
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Figure 40 Upper (23) and lower (24) yield strength
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In the o — ¢ plots is possible to see

that the material has a vyielding point.

Standard EN

100025-1 clearly reports that “for the

o
i specified yield strength in the table on
mechanical properties of EN 10025-2 to EN

| 10025-6 the upper yield strength shall be
' s : determined”. The tensile tests results are

= collected in the following table:
Figure 41 o — € plot for specimen L3

OuTS OyH E
[MPa] [MPa] [MPa]
T1 525.7 438.2 214640
T2 520.3 446.1 209342
T3 520.5 434.4 214317
L1 509.8 411.4 206988
L2 503.3 406.1 209800
L3 517.0 408.5 214938
Table 2

Now, it is necessary to choose the reference value of fiurs, fiyand E. The values chosen

are the mean of the results collected in the previous table:
® oyurs = 515 MPa (standard deviation = 8 MPa);
® oyn =425 MPa (standard deviation = 15 MPa);
e E=211000 MPa (standard deviation = 3000 MPa).

The tensile properties needed for the fatigue analysis are known.
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3. TESTING PHASE BEFORE ANALYSIS
3.1.Fatigue tests
Proper fatigue tests are now necessary for the complete characterization of the

material behaviour. Fatigue parameters are, in fact, necessary for the analysis. In particular, a
fatigue limit and the equation of Wohler's curve are fundamental. Fatigue tests were done in
the past years in GKN: instrumented wheels were tested on a rotating bending machine (see
Figure 42) which imposed an alternated symmetrical bending moment on the wheel for a pre-

set number of cycles.

Figure 42 Rotating bending machine

With a strain gauges placed close to a hole (see Figure 43) it was possible to measure
the deformation imposed by the machine. A wide campaign of test on wheels was carried out
and it has confirmed that the starting point of cracks is in proximity of the hole (see Figure 44)

which connects the wheel to the hub, as it was expected.

Figure 43 Gauge position
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Figure 44 Crack position

After all the test, the experimental Wdéhler curve shown in Figure 45 was obtained. In

this section it is used the elastic modulus obtained from the tensile test described in 2.3.

350

Stress (MPa)
[ =]
8

Wohler curve

500000 1000000 1500000
Number of cycles

Figure 45 Wdhler's curve

y =2060,8x°45
R*=0,9634

2000000 2500000
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The value of Rz, which is very close to 1 (0.9634) shows that the equation chosen to
represent the fatigue behaviour fits properly to all the experimental data. Therefore, the
following equation can be used for the Woéhler's curve.

g, = 2060.8N 0154 3-24
Where o, is the amplitude of an alternated symmetrical cycle and N is the number of
cycles which has the 50% of probability of breaking the wheel. In bi-logaritmic field, Wohler's
curve equation can be written as:

logo, =m, logN + q,, 3-25
Where:
* g, =10g,,2060.8;
s m, =—0.154.

Standard EN 13001-3 gives the number of cycles of infinite life beginning (Nos) and the
value of infinite life (N7) as shown in following table:

Nos 10E4 Cycles
Nf SI10E6 Cycles
Table 3

The last experimental point has been obtained at 2 10° cycles, not so far from the 5 10°
prescribed in the standard. This means that the experimental Wdhler's curve is capable of
describing also the behaviour of the material for a high number of cycles. The fatigue strength
of the material is then obtained from equation 3—24which gives a value of:

or = 190 MPa 3-26
In this paper it will be studied the finite life fatigue; a simplified representation of the
Wohler plot can be used. The first part of the plot (low cycles fatigue) is not considered in this
work, so a horizontal line with the value of log(ay) will represent this part. The Wohler's curve
has been obtained before as the fatigue strength.

ultimate strength ——
M
fatigue static strength
yield strength — ES g g
. = ey, ‘Wahler line
finite life Ll e S
fatigue 2 I c.
-‘é fatigue strength
o e H 1 - e
infinite life ¢ L B
fatigue i
100 MoNeoy

load cycles N (log)
Figure 46 Wohler plot description
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WOHLER PLOT
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Figure 47 Final Wohler's curve

In the following table all the material parameters which will be used from fatigue

analysis are shown:

Oyrs 515 MPa
ay 425 MPa
E 211000 MPa

Nos 10E4 Cycles
Ny 5 10E6 Cycles

My -0.154

qw 3.314036

of 190 MPa

Table 4 Material parameters

3.2.Input data

We have available the strain for ch 4 and ch 6 and under the hypothesis of elastic-linear

strain and uni-axial stress state, load histories can be calculated with Hooke's law:

o=FE-¢ 3-27
where E is Young's module. The hypothesis of linear-elastic yield is correct because the

maximum value of stress is lower than the yield strength in all the load histories (cy=425
MPa).
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T T T T T 1]
100 200 300 400 500 600 700
tfs]

o [MPa]

-100

-150
150

-150

100 200

— e

300 400 500 600
t [s]

700

48



4. TIME DOMAIN
In this chapter it will be shown how to manage random fatigue in time domain. First,

signals reported in 3.2 will be analysed with Rainflow method which produce equivalent
fatigue cycles. After that, with the help of Haigh law, all the equivalent fatigue cycles will be
transformed in alternated symmetrical cycles at the same danger level of original ones. Then,
it is possible to calculate the fraction of damage using Miner's rule. The reason why in this
work only Rainflow and Miner's law are used is that these methods are the most effective,
known and used in time domain. The purpose of this research is to find an equivalent method
in frequency domain. In this chapter the calculation procedure will be explained step by step.
Then, the results of all the gauges will be collected in a table.
4.1.Rainflow analysis

To start this analysis, it is necessary to handle the input signal (sec. 3.2). Rainflow
method allows to transform a random signal in equivalent cycles with mean value (om) and
range (or) generally different from zero. Another output is how many times a cycle repeats
itself (ni). This step is fundamental because working on package of smaller cycles is the only

way to use Miner's law. Figure 49 shows the input signal and the output of the Rainflow

analysis.
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Figure 49 Rainfiow gauge 4: on road test
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4.2.Haig’s law
The second step is to transform the cycles that come from rainflow analysis with the

Haigh's diagram (Figure 50). The purpose of this step is to modify the initial cycles in new ones

with om = 0. In the next section the reason of this transformation will be explained.

HAIGH'S PLOT
200 T T T

180 \ [

160

Haigh's curve

140

120

100

o [MPa]

B

80 r

60

40 + \

20r \

0 100 200 300 400 500 600
o [MPa]

Figure 50: Haigh's diagram

The equation of Haigh's curve (the red line in Figure 50) is:

o, = g'f If Om $ 0
O'f 4-28
Oy =0f———0p if0,=20
r f ours m f m
For those cycles that have negative mean value (omi < 0) the transformation is easy.
Negative mean value is not critical for fatigue life as it inhibits the crack's progress. To stay on

the safe side, the new cycle has the same alternated component of the original one.

On the other hand, for those cycles that have positive mean value, the transformation
is more complicated. Looking at the portion of Haigh's diagram with om> 0 (Figure 51), it can

be considered that all the points on Haigh's curve (the red line) have the same level of danger.
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Figure 51: Haigh's diagram (positive)

The slope of Haigh's curve can be calculated in this way:

my=——— 4-29

It is important to notice that this slope has a negative value. Now, each cycle i
correspond to a point P = (omi; 0r) in Haigh's diagram. The purpose of this step is to find the
equivalent point Q (i.e. a cycle with the same “level of danger” of P but with mean value equals
to 0). With the algebraic procedure shown below and in Figure 51 itis possible to find Q.

y=mx+q
Opr = MyOpy + 0gr 4-30
Ogr = Opr — MyOppy

This procedure must be done for every cycle. To sum up, any cycle can be re-arranged

in an alternated symmetrical one (cei) thanks to this equation:

[Jei =0 [f O mi <0 4-31

Oej = Ojp — MpOpy; Ef Omi = 0
4.3.Wohler's curve
Now that each cycle has been transformed in an alternated symmetrical one
(described with only one parameter cei), Wohler's curve can be used to define the number of
cycles to failure (Ni) of an alternated symmetrical cycle (oei). Wohler's curve was obtained in

3.1. However, a few changes will be done to process all the data as explained in the following

section.
log(a,) = log(a,) if log(N) < log(Nos)
log(o,) = mylog(N) +q,, if log(Nos) < log(N) < log(Ny) i
log(oq) = my log(N) +q,, if log(N) = log(Ny)
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Where mw and gqw have been determined in chapter 2. The values of mwiand qw1 are
calculated following the standard UNI 130001. An extract is shown in Figure 52.

LogS T

LogS,

LogS, |—

y

Nos Ny N(log,,)
Figure 52 UNI 13001
mwi can be obtained from ®’, while qw1is calculated with this formula:

q,, = log(os) —my, log(Ny) 4-33
Using the parameters presented in chapter 2, Wohler's curve can be plotted (Figure
53) and used to calculate the fatigue damage.

WOHLER PLOT

2.7 | T T

Wohler curve

26 .

24 =

log (0,)

23 .

log (N)

Figure 53: Wéhler's curve
The Wohler's curve is not drawn by the two typical horizontal sectors for LCF and

infinite life (Figure 47) because it does not seem compatible to this problem. In the studied
cases the effect produced by stress cycles with amplitude smaller than fatigue limit cannot be
neglected. It has been proved through tests with high number of cycles that, in case of variable
amplitude stresses (random fatigue), the life calculated neglecting the effect of stress cycles
lower than fatigue limit is evaluated in excess.
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4.3.1. How to calculate Ni

The number of cycles to failure (Ni) is calculated with this algorithm:

1. Using equation 4-32, ais replaced by cei. The only unknown term is log(N). With a
simple math passage Nican be calculated with equation 4-34replacing m and q with
the correct value coming from Wohler's curve.

log(o,) — q
log(N,) = ——8~_ % 4-34
g(N;) -
2. By the repetition of point 1, each equivalent component has now its number of cycles
to failure.
ultimate strength ——
Low cycle
. fatigue static strength
yield strength — 3 € g
finite life 5' . . _Wohlerline
fatigue 2 (o
E fatigue strength
: ——
infinite life g n - n; " -
fatigue =

load cycles N (log)
Figure 54: Wdéhler curve and how to use it
Figure 54 shows the graphical method used to calculate Ni. Using log(cei) as an input
value, Wohler's curve returns the value of log(Ni).

4.4.Miner's law
It is now possible to calculate the damage fraction with Miner's law.

n

n
n,
Dm=Zdi= R | 4-35
i=1 N

=

Infact, Ni has been calculated in 4.3.1 and ni comes form rainflow analysis. It is possible
now to calculate the number of cycles to failure of the entire random sequence:

4.5.Hanshin-Rotem correction
Now that the damage percentage is known, it is possible to modify this result with the

Hanshin-Rotem correction using the following equation:

mn 1‘-'SH_] n

o i 1-5i41
Dy, = Z (%) e Zdi T=s; <1 4-37
t i=1

i=

53



It can be noticed that the term diis the same in Miner's law. Even in this case, the next
step is to calculate the number of cycles to failure of the entire random sequence:

1
Dhr

N bhr = 4-38

4.6.Time domain, results
Using the material data coming from paragraph 2, damage ratio and cycles to failure
are collected in table 4.1:

MINER
GAUGE 4 GAUGE 6
N D [%] N D [%]
Onroad 1.1275E+06 8.8695E-07 2.4429E+03 4.,0936E-04
Loadplacement 1.5920E+07 6.2813E-08 1.4434E+04 6.9282E-05
Loader 2.8105E+10 3.5581E-11 2.3208E+05 4.3089E-06
Oroad 5.4739E+05 1.8268E-06 1.6172E+05 6.1834E-06
HANSHIN-ROTEM
GAUGE 4 GAUGE 6
N D [%] N D [%]
Onroad 2.5059E+06 3.9906E-07 1.3950E+03 7.1686E-04
Loadplacement 2.8616E+07 3.4946E-08 4.2904E+03 2.3308E-04
Loader 6.1910E+10 1.6153E-11 4.3431E+06 2.3025E-07
Oroad 1.0527E+06 9.4990E-07 1.9249E+05 5.1951E-06

Table 4.1: Time domain results
5. STATISTICAL ANALYSIS (AN OUTLINE)

This chapter shows how to analyse a signal in order to obtain data useful in further
fatigue analysis. Things will be made simple and easy to understand, a sinusoidal signal will be
used as example. Then, in chapter 6, a real fatigue signal will be analysed with the same
method presented below.

5.1.Input signal
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Figure 55: Input signal and windowed signal

As reported in Figure 55, a sinusoidal signal is sampled. In this preliminary analysis, no
window will be applied; otherwise, later it will be discussed what kind of window can be the
best choice for the input signal.
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The signal observed is known ex ante (see equation 5-39), so it is possible to test the

analysis process and its results.
y(t) = 2-sin(2m - t) + cos(4m - t) 5-39
Signal has been sampled for tc= 29:98s with a sampling frequency of fc= 50 Hz. Thus,

the sampling period is T, = fi = 0.02s and the number of points sampled is Nc=fcx te= 1499.

c

According to Nyquist-Shannon sampling theorem, if the Nur harmonic frequency has to
be seen without aliasing at least Nemin= 2 x Nur+1 points has to be sampled. In this case Nemin
= N¢, Nur becomes equal to Nur= (1499-1)=2 = 749 and therefore, the harmonic frequencies

until the 749« can be seen without aliasing.

Aliasing is avoided also because the maximum frequency in signal is fmaxs= 4 Hz and the
fc> 2fmaxs, that is the equivalent form of the Nyquist-Shannon theorem.
5.1.1. Basic parameters
First of all it is useful to calculate the basic statistical parameters. The points sampled
have a mean value of psi=-4:786 10E-4, a variance of 62= 2:5 and a standard deviation of ¢ =

1:581. Mean value, standard deviation and variance are defined as follows:

e Mean value (u). For a vector whose elements are yk, the arithmetic mean value

EE:lyk
1

is definedas u = . It represents the value that is less distant from all the

othervalue. If yk represents a finite population, the population mean value is
equal to the arithmetic mean value. The sample mean value may differ from
population mean value, especially for small samples. Otherwise, the law of
large numbers states that the larger is the size of the sample, the closer the

sample mean value will be to the population mean one;

e Standard deviation (o): In statistics, it is a measure used to quantify the amount
of dispersion of a set of values. A low standard deviation indicates that data
tend to be close to the mean value (also called the expected value). A high
standard deviation points out that the data are spread out over a wider range

of values;

e Variance (02). It measures how far a set of numbers are spread out from their
average value. The variance is the square of the standard deviation and can also

be calculated as the second central moment of a distribution.
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5.1.2. Autocorrelation
When dealing with random signals, it is reasonable to ask whether the particular signal

being analysed is truly representative of every possible signal in every possible interval of
observation time. Luckily it exists a propriety, called autocorrelation, that provides a measure
of the regularity (or, better, ergodicity) of the process. In addition, the delay introduced using

this method, allow to discover periodicity in signal.

While the probability density (PDF, which it will be calculated further on) contains the
information related to the variations of the amplitude of the process, the autocorrelation
contains information related to the variations on time axis. Furthermore, it is very useful to
know that the spectral density of a signal is the Fourier transform of the autocorrelation

function.

When a signal is ergodic (i.e., it is not time-invariant respect to itself), autocorrelation
provides values close to zero or negative. It is similar to destructive interference, in which the
negative parts of the curve are erased with positive ones, so the correlation function has
smaller values. The maximum correlation value is an index of how much the signals are in

phase.

Assume to have a sampled signal S(t); if T is the delaying parameter, the
autocorrelation formula can be written as:
lr?fna)(
Ree= ) [S(8)-S(t+D)] 540
tg=0
Observing the formula, it can be noticed that the autocorrelation function is simply the
correlation between the signal S(t) translated and the signal S(t) itself; the variable t is free
and is not saturated in the operation of integration. In other words, equation 5-40 represents

an infinity of sums, one for every possible value of t 2 [to; tmax] and 1.

The autocorrelation function is limited and measures the similarity of a signal with its
copy translated of 1. As it can reasonably be noted, the maximum is obtained by a translation
with t= 0. For energy signals, which have a limited domain, the domain of the two copies

overlaps less and the function tends to zero if translation is increased.

For power signals, if no periodic or constant components are present, while increasing
translation similarity tends to decrease, and therefore the autocorrelation function tends

towards to zero.
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This is not true for periodic signals. It is easy to verify that the autocorrelation is itself
periodic, with the same period. Even in the case of a constant signal, autocorrelation is a

constant.
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Figure 56: Autocorrelation signal

The results of autocorrelation are useful to obtain the power spectral density

function(PSD). In fact, Wiener-Khinchin's theorem ensures that the power spectral density of

asignal coincides with the Fourier transform of the autocorrelation function of the signal itself.
5.1.3. Probability density function (PDF)

The study of fatigue in frequency domain is, above all, a statistical analysis. Using as

input the load history of the component (stress vs time), statistical parameters are deduced

in order to characterize the same load history, but in the frequency domain.

In addition to the classic parameters (mean, variance and standard deviation) it is

useful to extend the analysis on samples to obtain the probability density function (PDF).

This function associates a probability for each stress value (o) reported on the
abscissas. The result is a continuous curve, of total area equal to 1 and representing the range

of values that the magnitude of interest can - most likely - assume.
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5.1.3.1. Independence of contributory causes
The same physical phenomenon can be analysed from several points of view. The

simplest way is to detect how many times that phenomenon occurs, regardless of what has
generated it. A more detailed point of view, on the other hand, requires to analyse the
different causes that may have risen the observed phenomenon. In the first case, the analysis
is rather simple. If a phenomenon (for example the occurrence of a given o value) can take X

different values, each of these values can be treated as a discrete random variable.

Simplistically, if the occurrence of an event is unrelated to the occurrence of others,
the probability of measuring the X value is equal to == %. The analogy with a dice roll is obvious:
only 6 values can be obtained and each value has a probability of *4 = 16.6%.

5.1.3.2. Interdependent events

Instead, most physical phenomena need a more accurate analysis.

First of all, it is necessary to underline that it is highly unlikely that a phenomenon
depends only on one parameter. For example, if the statistical measurement of the
temperature in a room is needed, it would be a too great approximation to consider that the
temperature depends only on the value set on the thermostat. Actually, the e_ect of
irradiation, the thermal conductivity of the walls, any open window and the temperature
outside the house should be considered. All these parameters, which have their own intrinsic
and statistical variability, combine themselves in a stochastic way and provide the final room
temperature.

Therefore, it is clear the need of a method that can describe a phenomenon including
the statistical variability of the parameters. This method - or better - this probability function,
is the normalized Gaussian distribution and the mathematical work on which it is based is the
central limit theorem.

In order not to bundle this already complex chapter, the key points of this statistical
analysis are reported below.Let n be the number of contributories causes that affect an event
and assume that np is the number of measurements done.

e |f X is distributed as a random binomial variable with a very large n (to give an
idea of how large, it can be said that it should be n2 30), and approximately np2
10, then the binomial can be approximated with a normal Gaussian PDF with

expected value equal to np;
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e [f Xis distributed as a random Poissonian variable with a very large A parameter
(A> 10), then the Poissonian can be approximated with a Normal with expected

value and variance equal to L: N(A; A).

Figure 57 and Figure 58 how the PDF change in function of n.
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Figure 57: Changes in PDF curve when n = 1 and the number of point analysed increases
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Figure 59: Changes in PDF curve when n = 10 and the number of point analysed

Therefore, it remains to understand if the variable X (in this work X = stress) is a

binomial variable.

First of all, a choice is made considering the main application _eld of each discrete
probability functions: Poisson's one is called "law of rare events", while the binomial one is

called "law of multiple independent events".
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Since the stress value is an event that occurs randomly in each cycle, it will be first

verified if the data can be approximated with a binomial coefficient distribution.

In probability theory, the law of large numbers (LLN) is a theorem that describes the
result of performing the same experiment a large number of times. According to the law, the
average of the results obtained from a large number of trials should be close to the expected
value, and will tend to become closer as more trials are performed. The LLN is important
because it guarantees stable long-term results for the averages of random events. In this
situation the LLN theorem has a strong relevance as it introduces stability in the normal
distribution. It has been supposed that the input random data may be viewed as a normal
distribution, but in order to build this distribution mean and variance are needed. Otherwise,
someone could object that for a random distribution the mean value is - indeed - random and
it changes for every measurement. This is true, but if a large number of data are processed,
the LLN theorem guarantees that the mean value deduced is not too far from the real

mathematical mean. An evidence of this theorem is given in Figure 60.
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Figure 60: Mean value in roll dice
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5.1.4. A common error
Sometimes a continuous phenomenon is treated as a discrete one only because the

measuring instrument has a discrete output. Let's try to explain with an example. Assume to

have two different events:
1. Adice roll, that can assume only 6 values in the sampling space ®.=[1; 2; 3; 4; 5; 6];
2. A balance, that can measure the weight of a jug, so ®. [1; 6], with a resolution of 1kg.

Obviously, a dice can show only one of @, values, so it has always a discrete output,
randomly chosen in @.. In the second case, the jug might have a weight of 1:2, but considering
the balance resolution, only a natural number between 1 and 6 will be shown. So, the second
event is continuous, but the measuring instrument makes it discrete. Even if the measure is
discrete, the right way to approach the second case is to use a continuous approach.
Therefore, the statistic output should preferably be a curve that points out how much

possibility a value has to be between x and vy.

In other words: the discrete measurement given by the balance should be used to
understand which is the suitable PDF distribution. Do the events have the same chance of
happening? A linear PDF will be chosen. Are the events the result of at least 30 independent
events? A normal Gaussian PDF can be a good choice. Is there an event that is extremely

unusual and rare? Probably a Poisson's PDF will fit to this random event.

The example just made explain the reason that allow the use of a PDF for the analysed
dataset: even if the gauges measure a discrete output, the strains and the stresses are
continuous phenomena, like the weight of the jug. Therefore, the right way to handle.

5.1.5. Choosing a good PDF

Until now, it has been supposed to have a Gaussian-standard dataset. Is this a good
hypothesis? A way to verify the goodness of the approximation is using the descriptive
statistics. Computing particular statistical parameters, it can be estimated the degree of
adherence of a certain hypothesis (i.e. the Gaussian one) towards the problem under

examination.
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5.1.5.1. Histogram
A histogram is a plot that consists of columns, whose heights are linked to the number
of repetitions of a particular event. Chosen the casual variable on which the statistic will be
made (in this case, the stress range o), the maximum and the minimum o are searched. A
histogram plots will be made following these steps:

1. thesignificant decimal place (a) for approximating the casual variable is chosen by the user

2. maximum and minimum values must be approximated to the same decimal place of n (for
example, if maximum value omax is 3.4736 and a=0.1 then omax; a = 3:5; if a = 0:01 then
omax; a = 3:47);

3. the number of bars (b) in the histogram is calculatedas b = (omax;a — omin;a)/a;

4, the values of the casual variable are divided into classes.
n € [1; b — 1], the lowest value of each class is a n, the centre-value is a a(n+0:5) and

the highest value is a(n + 0:5);

Assuming that

5. For each class it has to be counted how many times an event is found in the dataset and
what is the probability of finding that event. Then, a rectangle with an area proportional
to the probability has to be built and plotted.

Example: Assume to have these 10 values: 6 = [1; 2; 3; 2; 2; 3; 1; 5; 3; 3], that can be
rewritten as shown in table 5.1:

VALUE | REPETITIONS
1 2
2 3
3 4
4 0
5 1

Table 5.1: Value used in histogram's example

Now a histogram plot with four classes will be created. First of all, classes have to be
set and an easy statistical analysis on classes has to be done as shown in table 5.2.

LOWEST VALUE CENTRE VALUE HIGHEST VALUE REPETITIONS PROBABILITY
0 0.625 1.25 2 20%
1.25 1.875 2.5 3 30%
2.5 3.125 3.75 4 40%
3.75 4.375 5 1 10%
Table 5.2: Classes and statistic,1
5.1.5.2. Probability plots

Using the probability column, the area of each histogram column can be found. The
basis of each histogram column is the difference between the highest value and the lowest
value. Therefore, the height can be found as 4rea/Basis (see table 5.3). Finally, the plot can be
created (see Figure 61).
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It is useful to add to the plot the following curves:

e the red one which connects the centre points of each histogram rectangle,
representing also a good PDF for the studied phenomenon;

e the green curve which is the PDF obtained if the phenomenon is supposed to
be Gaussian.

AREA | BASIS | HEIGHT
0.2 125 0.16
0.3 1.25 0.24
0.4 1.25 0.32

0.1 1.25 0.08
Table 5.3: Classes and statistic, 2

Figure 61: Histogram and Gaussian using the data in histogram's example

Sometimes more powerful tools are used in order to show if data are truly distributed
as a Standard Normal distribution. First of all, mean value and standard deviation are
calculated; then using Excel (or Mathcad, or Matlab, ...) spreadsheet a table may be created

as follows:
o thirst column includes the data examined;

e the second column shows the probability to find the data in the first column if

they are distributed as a Gaussian distribution;
e the third column includes the real probability to find the data in first column;
e the fourth column includes the cumulate probability of the second column;
e the fifth column includes the cumulate probability of the third column.
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Now two plots can be created:

e The real probability and the Gaussian probability versus the data examined (i.e.

Second column vs. first plus third column vs. first column);

e The real cumulative probability and the cumulative Gaussian probability versus
the data examined (i.e. fourth column vs. first plus fifth column vs. first

column);

Now a control chart (called graph of Normal probability) will be generated. An
interesting propriety of a Gaussian dataset is that to generate a straight line if it is plotted in

this particular way:
e On abscissas the data examined (in this case, the stress value G);

e OnY axis, the z value that respect the equation @ (z) = Fx(c), where Fx(o) is the
cumulative Gaussian probability and @ (z) is the Gaussian normalized

distribution.

If data are truly Gaussian, they lay onto a straight line characterized by an angular

coefficient m = ————— and q= INERR

std deviation thus t(c) = m o+ q is the straight line

std deviation’

searched.

Lastly, if data seems to be not so different form the Gaussian straight line, a regression
line can be estimated, whose m and q will be the new mean and standard deviation of a new

(and more adherent) Gaussian curve. (Obviously it will be: std deviation 1/m and mean g/m).

Now some plots will be shown: they have been calculated from the non-windowed
phenomenon in Figure 55. First, histogram plot will be shown (Figure 62), then a check
between Gaussian PDF and the real one will be made (Figure 63). After that, the cumulative
probability function will be calculated (Figure 64). Lastly, the normal probability plot will show
if the hypothesis of Gaussian distribution is a good hypothesis (Figure 65).
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Figure 65 : Normal probability plot

Figure 65 is the demonstration of the non-Gaussian nature of the data reported in

Figure 55.
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5.2.Fourier theorem and rearranges
Once the input signal has been statistically analysed, the real frequency domain

analysis can start.
5.2.1. FFT analysis
If all the previous statistical conditions are respected, frequency analysis should give

good results.

Let's start with the Fourier theorem: the original Amplitude-Time signal will be now
converted in a Magnitude-Frequency one. As shown in Figure 66and Figure 67, even if the
window allows to have better results when a random signal is elaborated, it is not the best
solution every time. Especially when the input signal does not have many asynchronous
frequencies or if it does not have many peaks, a windowed-Fourier-transformed signal
produces a big error. The reason of this incorrect result can be found in a lack of energy that
the window drains form the proper original signal. In this case, using an Hanning's window,
the 50% of the original energy is lost resulting in a reduction of a factor 2 in the FFT peak. The
worst effect is made on FFT phase diagram, where the sine and the cosine wave are

significantly distorted from their original phasing.

Lastly, a proof of correctness in FFT calculus is obtained by the reverse-transformed

signal, that gives back the original input (Figure 68).
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Figure 66: FFT — Magnitude
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Figure 68: FFT - proof of correctness

5.2.2. PSD and ASD analysis
Reasons of the PSD use. The characterization of a random vibration usually occurs

through the spectral power density curve (PSD, Power Spectral Density). The PSD is defined as
the average quadratic response of a random variable, in which an ideal narrowband filter is

applied.
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The result is divided by the bandwidth of the filter, to tend the latter to zero. The term
power is rather generic and it can refer to acceleration, speed, displacement, deformation,
force, and so on. In the case of a random load description, the PSD is generally referred to the

input value of the strain gauge (Volt or microstrain).

The PSD of a signal describes the distribution of power between the frequencies that
make up that signal. Through Fourier analysis, every signal, even a continuous one, can be
decomposed into a discrete number of frequencies; the statistical processing of that signal
represents its spectrum. When the energy of a signal is concentrated in a finite time interval,
the spectral energy density of that signal can be calculated; the results will then be better if

the input signal is discrete (as in our case, where it is provided for a finite number of points).

There are many ways of calculating the density of energy, but the most recognised is
the PSD (power spectral density) method, which works particularly well on signals that span a

wide time lapse.

In addition, the PSD spectrum of a physical process often contains essential
information on the nature of the vibratory phenomenon under examination. For example, the
tone and the timbre of a musical instrument are immediately determined by a spectral
analysis; also, the colour of a light source is determined by the electric _eld spectrum of the

electromagnetic wave.
In many cases, time domain is not specifically used in practice, and for a good reason.

In time domain, information transmitted by physical systems are easily readable, but
in frequency domain the same signals show their constitutive nature and are more easily

intelligible.

A deeper point of view. Any signal that can be represented as a time-varying amplitude
has a corresponding frequency spectrum. When these signals are displayed in form of a
frequency spectrum, some aspects of the received signals or of the underlying processes that
produce them are revealed. In some cases, frequency spectrum may include a distinct peak
corresponding to a sine wave component, and there may be peaks corresponding to

harmonics of a fundamental peak, indicating a periodic signal which is not simply sinusoidal.

The power spectral density of a signal describes the power stored in the signal as a

function of frequency, or, better, per unit of frequency. Spectral power density is commonly
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expressed in watts per hertz (W=Hz). In addition, the area under the curve is related to the

actual signal strength over the whole frequency or to a specified bandwidth.

When a signal is only defined in terms of voltage, for example, there is not a unique
power associated with the declared amplitude. In this case, "power" is simply calculated in
terms of the square of the signal, as this would always be proportional to the actual power

delivered by that signal in a given impedance.

The power spectral density of a signal describes the power stored in the signal as a
function of frequency, or, better, per unit of frequency. Spectral power density is commonly
expressed in watts per hertz (W=Hz). In addition, the area under the curve is related to the
actual signal strength over the whole frequency or to a specified bandwidth. When a signal is
only defined in terms of voltage, for example, there is not an unique power associated with
the declared amplitude. In this case, "power" is simply calculated in terms of the square of the
signal, as this would always be proportional to the actual power delivered by that signal in a

given impedance.

So, units of v2/Hz for the PSD and v/Hz for the ESD (energy spectral density) are used
even if no "power" or "energy" is specified effective. Sometimes the spectral amplitude
density (ASD), which is the square root of the PSD, is encountered; the ASD of a voltage signal

has units of v/\/H_' This is useful when the shape of the spectrum is rather constant, since
zZ

the variations in the ASD will therefore be proportional to the variations in the voltage level

of the signal itself.

Anyway, it is mathematically preferred to use the PSD because only in this case the
area under the curve is significant in terms of actual power over the whole frequency or on a

specified bandwidth.

A useful knowledge. The PSD calculus can be difficult, but if a good statistical analysis

is made before the frequency analysis, things can be made in an easier way.

In fact, using a theorem that here will not be demonstrated the PSD can be obtained

by:

PSD = 2+ FFT(Ryy) 5-41
where the 2 is used because the FFT algorithm of a 2n-length vector produces a n-

length output with the half of the input energy.
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Proof of correctness for PSD
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Figure 71: PSD - Proof of correctness

As previously shown in Figure 69, Figure 70, Figure 71, the graphs obtained by the PSD
process give a good approximation of the process. In this case, having a singular and known
harmonic wave, the PSD calculus might have been omitted, but in real cases, the PSD analysis
significantly decreases errors on estimation about the most energetic wave in the wavelet

processed.

Furthermore, it is important notice the difference between the original signal and the
Hanning-windowed one. It has been already pointed out that for a singular and synchronous-
sampled harmonic wave no window is needed, so this is a good circumstance to observe the
potentially dangerous effects of a bad window. In the ASD plot the windowed signal and the
one not windowed are scaled by a factor of 2: this is due to the chosen Hanning window, that
cut half of the energy stored in the wave. the PSD plot has an even worst situation. The squares
made to transform the energy of the ASD into the powers of the PSD has amplified errors by
a factor of 4.

6. FATIGUE IN FREQUENCY DOMAIN

In this chapter it will be shown how to manage random fatigue in frequency domain.

All the theoretical information is collected in this chapter. Then, these methods are applied to

the signals reported in paragraph 3.2.
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6.1.Input signal
As reported in paragraph 3.2, real load histories are sampled signals. In this preliminary

analysis, no windows will be applied; otherwise, later, it will be discussed what kind of window

could be the appropriate choice for signals and if a window is really necessary. It is important

to remember that every sampled signal could be analysed in frequency domain, but the

number of harmonics that could be studied must respect the Nyquist-Shannon theorem.
6.2.Statistical analysis

6.2.1. Autocorrelation
In figures from Figure 72 to Figure 79, it will be shown the autocorrelation function for

every load history. Notice that autocorrelation functions decrease to zero and there is no

periodical component. this is the proof of ergodicity.
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Figure 72: Gauge 4, On road: autocorrelation
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Figure 76: Gauge 4, Loader: autocorrelation
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Figure 79: Gauge 6, Offroad: autocorrelation

6.2.2. Probability density function (PDF)
With the algorithm presented in paragraph 5.1.5, it could be possible to calculate the

PDF for each load history but, for now, it is not necessary. In fact, it will be now supposed to
have signals that can be statistically analysed as Gaussians. Therefore, a bell normalized curve

will be built using mean value and variance obtained from every load history.

GAUGE 4 GAUGE 6
u [MPa] o [MPa] 1 [MPa] o [MPa]
Onroad 6.69E-04 13.4825 2.19E-04 33,1509
Loadplacement 1.00E-04 13.1914 -8.56E-04 32.1884
Loader -4,57E-04 7.095 -0.0011 19.667
Onroad 1.50E-04 18.0843 1.94E-04 21.0751

Table 5 Statistical parameters

Gaussian PDFs are shown in figures from Figure 80Figure 87.
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Assuming that every PDF is a Gaussian one is a strong imposition. However, the most
recent frequency criteria suggest to process load history as a Gaussian one and then a

corrective coefficient must be calculated.

6.3.Frequency analysis
Once that input signals have been statistically studied, frequency domain analysis can

start.

6.3.1. FFT applied on load histories
Let's begin with the Fourier theorem: original time-amplitude signals are now

converted in a frequency-amplitude one. Figures from Figure 88 to Figure 95 show the results

of Fourier's theorem on data collected by the strain gauges applied as shown in paragraph 2:
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Figure 88: Gauge 4, On road: FFT
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Figure 95: Gauge 6, Off-road: FFT

6.3.2. PSD applied on load histories
It is time now to calculate the PSD functions. This passage is fundamental to understand the
power of harmonics that compose the signal. Moreover, the PSD is the starting point in the
determination of spectral moments.
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6.4.Fatigue damage estimation
In this section useful knowledge about ergodic, stochastic and stationary processes will

be introduced. Then, damage criteria will be discussed.

6.4.1. Parameters form PSD
In paragraph 5.1.4 it has been discussed why in this work a continuous approach must
be chosen: even if the signal is sampled with a discrete number of point, the events that are
here modelled are a continuous phenomenon.

Let's consider a stress on a structural element; furthermore, assume that stress can be
described by a stochastic, stationary and ergodic process X(t) with zero as mean value.

Additionally, statistical proprieties of X(t) are deduced using only one sufficiently long
measurement; that is possible due to the ergodicity of the signal.

In frequency domain, a stochastic process is described by power spectral density (PSD
or Sxx), defined as the Fourier transform of the autocorrelation function:

1 .
Sx(w) = EJ Ryy(7)-e " -dt 6-42

where o represents pulsation and:

T
Ryx = lim fo X(t) - X(t + v)dr 6-43
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Tis the period of signal and t is the time in which signal is observed. Lastly, using Lutes
function spectral moments can be calculated as follow:

A, = f l6]™ - Syy (@) dio 6-a

where m represents the order of that spectral moment. Spectral moments are related
to the nature of the signal with this relation:

‘lﬂ — sz
s =y° 6-45
/14 = sz

In this case, the number of crossing mean value represents also the zero crossing in
time unit because it has been supposed px = 0. According to Lutes works, Eorepresents how
many times the mean value is crossed in one-time unit and with a positive slope. It can be
calculated as follow:

1A
° =3z |7,
In a similar way, it is possible to estimate how many maximum values are found in a
period of time:

6—46

1 |A

EP = % ;l'_z

A lot of attention should be paid to the fact that in this paragraph it has been supposed

to have an ergodic, continuous, stationary stochastic signal with 0 as mean value. Even if there

are a lot of processes that can be described in that way (wind, sea, traffic, ...), there are some
that doesn't satisfy that hypothesis.

6.4.2. Narrow band and broad band processes
Sometimes it is necessary to estimate if a process is a narrow band or broad band one.

Shape and geometrical features of PSD function can be used to solve this problem. First
of all, a geometrical propriety has to be calculated:
Am

= ‘V'AU g Azm

Here m 2 Q, but the most common value for mis 1 and 2, thus:

A = ———
VAo * 42 6-49

Az

-‘/Ao " Aq_

omare non-dimensional numbers, 0<am £ 1 and am:= am+1. These parameters are useful

6-48

a, =

to show if a process is a narrow band one, because in this case it will be really close to 1.
Instead, it will be close to 0 if the process is a broad band one.
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6.4.3. Probability density function (PDF)
Once X and o parameters have been calculated, it can be generated a Gaussian PDF for
maximum values in a time unit (pp(X)). Here it will be used Rice's function:

—az X _x*

AL x cory B L™ B (L)
21Oy Oy Oy "1 — ay?

where ¢(x) is the normal standard probability density function that, for a generic

stochastic Gaussian process x(t), can be written as:
X

P(x) = %f et dt 6-51

— oo

The cumulative probability to find a maximum in a period of time is given by the

pp(X) =

following equation:

Pp(X) ¢( A ) i ¢( sl ) o-s2
p =¢p|l———= ) —axe X Pp|———
(Tx' 1_0:22 Ux' 1—(122
A plot of pp(X) is shown in Figure 104.
0.8
D.G 'l“‘\
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Figure 104: Probability density function about relative maximum pp(X) when @2 increases.

For minimum values, it has to be noticed the symmetry between max and min, so pv(X)
= pp(-X) and:

PP(X):¢(;)+L’£€_%11—¢($)] 6-53
Oy "1 —a,? Ox '/ 1 — aj?

According to Lutes' works, for a narrow band process where a1 = a2 = 1 the PDF and
the cumulative probability are equal to a Rayleigh density function onto a generic stochastic
Gaussian process x(t):

Xz
X oz ?
Ox
XZ
- 6-55
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where x ¢ R'. Finally, with references to Figure 104, it is important to notice that a
narrow band process has only positive maximum values, while a broad band process can have
positive and negative maximum values.

6.4.4. Fatigue damage

If the load history has a variable amplitude, it is mandatory to define a method in order
to count the right number of cycles. This method, or criterion, has to group and order
maximum and minimum value in the history load, creating a sort of new history load
describable with packages of cycles. Every package shall include cycles with has the same
amplitude s and the same mean value m. If u is the number of relative maximum and v that of

the minimum, these two relations can be written as follows:

W% 6-56

s = -
2

u+v is

m= =
2

The main problem on estimate the fatigue strength is to define an appropriate PDF
function for the X(t) process. In fact, a correct value in fatigue resistance is strictly linked to
the PDF chosen.

A good PDF is the combined PDF h(u; v), whose cumulative probability is:

u
v
H(u,v) = fj h(x,y)dxdy 6-58

—Co

H(u; v) is the probability to have a cycle with a relative max lower than u and a min

lower than v. Through a variable change the PDF can be written as a function of s and m:

Pym(S,m) =2h(m+s,m—s) 6-59
In this case the PDF of the cycle amplitude is given by the marginal probability of the
power spectrum density (marginal PDF of PSD):

+oo
p,(s) = P o (S, m)dm 6-60

Once the marginal PSD (pa(s)) is known, the damaging can be calculated invoking

Palmgren-Miner's law:

E[D] = v, - C_lf sk -p,(s)ds 6-61
0

where E [D] is the probabilistic damage, vais the number of cycles in the time unit, k
and C are Wohler's parameters for a S-N curve when the stress is symmetric and alternated
(thus, S N* = C.
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The pa(s) function (i.e. the marginal PDF of PSD) depends on the method used to count

cycles in the original history load. Commonly, four different methods could be found in

scientific literature:

o Peak Counting (PC);
e Level Crossing Counting (LCC);
e Range Counting (RC);
e Rainflow Counting (RFC).
Rainflow Counting is nowadays the best way to summarize a complex history load.
With references to Dowling's works, the previous equation 6—=61can be transformed as follow:

o0

E[DRFC] =Vq ¢~ f ¥ 'pgpc(S')dS 6-62
0
6.4.5. Fatigue estimation

Below some spectral verification laws will be presented. Their use is common when

fatigue resistance has to be proved for metallic structural components.

6.4.5.1. Narrow Band (NB)
If the process is Narrow-Band-type (i.e al = a2 = 1) the pp(s) is Rayleigh like:

52

§ oay
- .p 2 6-63
pp(s)=—5-e °%

s
g2

Py(s)=1—e 20
In this kind of process, the damage is:

ElDys] = By €1+ (y2) 1 (1+5)

where I' (.) is the Euler gamma function: I" (1 + n) = n!

If a Broad Band signal is treated as a Narrow Band signal with the NB method, the
damage calculated will be equal to a NB signal with variance of Ao. NB method usually give a
bigger damage if compared to RFC method. Even if this is an error that is in favour of security,

it is important to know that the damage calculated is overestimated.

6.4.5.2. Broad Band Approximation
Some authors have proposed to change the NB formula using coefficient that could

made the damage more linked to real phenomena, even if the process is a broad band one.

the most famous one is the Wrishing-Light method:

E [D};";:‘% = pwiE[Dys] 6-66
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pwt is the Wrishing-Light coefficient, and it depends only on spectral moments ko, A2

and A4 by o2 parameter.

Py = alk) +[1—a(k)]- (1 —&)>®

’ 2
= |1l—a
* 6-67

a(k) = 0926 —0.033-k

b(k) = 1587 -k —2.323
where k is determined from S - N curve: SN = C.

A good approximation Notice that for a Narrow Band process 2= 1, so € =0 and pw.=

1, as it was expected if a narrow band phenomenon were treated with NB method.

6.5.Fatigue damage calculation
First of all, spectral moments have to be calculated. Equation 6—44 can be used.

The moment calculation is a common exercise in the probability theory. The spectral
moment method has the advantage that the analysis requires only the first-order and the
second-order moment calculations of the energy spectra and that the method does not
require the knowledge on the power-law behaviour (spectral index) or even a shape of the

spectrum.

Basically, the zeroth moment is the area under any spectral curve. The first moment
gives a weight to higher frequencies and it is like a centre of gravity/mean value. The second
moment gives information about the variance of a frequency if compared to the centre of
gravity value. Lastly, the third and the fourth moments give information on skewness (i.e. the
asymmetry of the process) and on kurtosis (i.e. how much the process is far from a Gaussian

process) of the process.

Moments can be normalized if they are divided by the zeroth moment: if a moment is

normalized it is usually written as mn, otherwise as in.
In this process:
® Jois the zeroth spectral moment;
e Aiisthe _rst spectral moment;
e J2is the second spectral moment;
e Azisthe third spectral moment;

e Jais the fourth spectral moment.
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Using those parameters three useful quantities can be estimated:

1 |2, o o L ; .
o E,= - f is the probabilistic number of zero crossing in a period of time;
0

o FEp= i f is the probabilistic number of peak value in the time unit;
Z

Ep . . . .
o JF= E—“ is the irregularity factor, that shows how much the process is not
P

regular in the time unit.

IF
GAUGE 4 GAUGE 6
Onroad 0.2296 0.1096
Loadplacement 0.0996 0.0521
Loader 0.0411 0.0426
Onroad 0.0883 0.0925

Table 6 Irregularity factors
One of the hypotheses in Narrow-Band method is that to have an IF approximately
next to 1. IFs are really far from a unit value (as shown in Table 7, but a Narrow Band
calculation will still be made.
Let's remember some useful material data which comes from Basquin's law:
e (=4.0657 10%;
e £k=6.4935.
Both terms comes from the linear part of the Woéhler's diagram ( SN = C).
According to equation 6-65, that is the one for the Narrow Band damage, it is possible
to calculate the damage.

NARROW BAND
GAUGE 4 GAUGE 6
N D [%] N D [%]
Onroad 2.55E+11 3.92€-12 1.84E+09 5.43E-10
Loadplacement 6.78E+11 1.48E-12 7.39E+09 1.35E-10
Loader 1.40E+14 7.16E-15 1.88E+11 5.42E-12
Onroad 1.43E+11 6.97E-12 5.99E+10 1.67E-11

Table 7 NB results
Remembering this is a too safe way to estimate a non-Narrow band damage, let's

correct this value using Wrishing-Light coeffcient, that is equal to:

Py, = alk) +[1—a(k)]- (1 —e>® 6-68
WRISHING-LIGHT
GAUGE 4 GAUGE 6
N D [%] N D [%]
Onroad 3.42E+11  2.93E-12 2.23E+09  4.48E-10
Loadplacement 8.10E+11 1.23E-12 8.21E+09 1.22E-10
Loader 1.52E+14 6.57E-15 2.01E+11 4.96E-12
Onroad 1.69E+11 5.92E-12 7.09E+10 1.41E-11

Table 8 WL results
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6.6. Two new approaches
6.6.1. Oritz method
Like Wrishing-Light method, Oritz studied a coeffcient that could correct NB results.
First of all, he considered Wohler's parameters (S NK = C) and he defined h = 2 k. Then

it must be calculated:

_ Ay " Ay
b Ao ' Ah+1

That is the cofficient used to correct NB damage. Thus, Do=go Dng:

6—-69

WRISHING-LIGHT
GAUGE 4 GAUGE 6
N D [%] N D [%]
Onroad 3.76E+11  2.66E-12 | 2.41E+09  4.15E-10
Loadplacement 1.22E+12  8.16E-13 | 1.01E+10  9.88E-11
Loader 2.20E+14  4.56E-15 | 2.84E+11  3.52E-12
Onroad 2.01E+11  4.99E-12 | 7.72E+10  1.29€-11

Table 9 WL results

6.6.2. Dirlik method
In 1985 Dirlik tried to build a new approach to fatigue frequency analysis. He succeeded

in approximating the pRFC(s) (i.e. the PSD of the amplitude of the considered cycles) using an

exponential PDF and two Rayleigh PDF. His method is explained with the formulas:

2
1 Dy <& Dhll L _z
DK () =——|—+e 0+—=-¢ 2R° 4+ D:Z-¢ 7 6-70
Prrc \/A_o 0 R2 3
s
Z=ﬁ 671
0
x =)£ & 6-72
Ao Rs
. .
Dlz——z (m — a3) 6-73
1+ a3
2
D =l—a§—D1+D1 6-74
. 1—R
D3=1—D1—D2 6-75
_ 2
R= Ay — Xm — D -
1—(.‘(2—D1+D12
i 2 _ — a
Q=1.25 (af — D3 — D, *R) s

D,
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This model gives a prrc(s) that depends on four spectral moments; in fact, and it is a
difference with Wrishing-Light method, now _1 comes into formulas too. Invoking equation
6.36, that it has already been used to obtain damages from prrc(s), Dirlik damage can be
estimated (see equation 6-79).

o0

E[Dgpc]l = v C1 f sk ipezi{s)ds 6-78
0

V.
E[DRrcl = ?p ' )LUM2
K k
Dy QF-r(1+ k) + (V2) -F(1 +§) - (D, |R|* + Dg)]
Many studies show that Dirlik method is the best one to calculate fatigue damage.

However, even if Dirlik method is the best one, it only works for Gaussian-defined processes.

DIRLIK
GAUGE 4 GAUGE 6
N D [%] N D [%]
Onroad 1.08E+21 9.27E-22 1.06E+21 9.39E-22
Loadplacement 9.75E+20 1.03E-21 1.62E+21 6.19E-22
Loader 1.09E+21 9,15E-22 1.31E+21 7.65E-22
Onroad 1.29E+21 7.75E-22 1.38E+21 7.25E-22

Table 10 Dirlik results

6.7.Notes about the use of windows
Several times during this work windows have been named; furthermore, it has been

given a deep explanation about their usefulness and the dangers that may derive from an
imprudent use. Now is the time to analyse the real signal to see if the effects of a window are
really so advantageous or not. First of all, it has to be checked if there is a high quantity of
asynchronous harmonics. Recalling that an asynchronous harmonic generates a dispersion of
energy around the peak of the FFT and also remembering that the faster the sampling, the
less the asynchronous harmonics have effect, it can be deduced that the effect of

asynchronous part of the signal can reasonably be neglected.

However, windows can be used in those cases where it is not possible to process all
the loading history. This danger is also avoided, since although Excel and Mathcad fail, Matlab
is sufficiently performing to handle all the data collected with the strain gauge. [17,18]
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7. EXP. AND ANALYTICAL STUDY OF FATIGUE, IN T AND F. DOMANI
(PAPER)

EXPERIMENTAL AND ANALYTICAL STUDY OF RANDOM FATIGUE, IN TIME AND
FREQUENCIES DOMAIN, ON AN INDUSTRIAL WHEEL

M. CIMA, L.SOLAZZI (*)

(*)Brescia University (Universita degli Studi di Brescia), Department of Industnal and Mechanical
Engineering, via Branze 38, 25123 Brescia, Italy.

ABSTRACT

Industrial wheels are components subject to fatigue under a high number of stress cycles, depending
on the type of vehicle they are installed to.

The reliability of these components is strictly dependent on the accuracy of the fatigue validation
method adopted.

A common practice in the industry is to test loads under constant amplitude in laboratory through
fatigue and test parameters according to the standards used in the industry.

The object of this research is to compare the results in terms of damage and the number of failure
cycles, adopting both the time domain and frequency domain approach on a real industrial
component.

Different theonies were developed and applied to the real case of study of an industrial wheel. under
specific load cases. Eventually, we applied different criteria to the numerical analysis,

The added value of this study is the application of the fatigue criteria on a real industrial component,
in order to check the reliability of the criteria.

Eventually, we determined that the results show that, for these specific experimental load conditions,
frequency-domain methods are a bit more conservative than time-domain methods.

KEYWORDS: random fatigue, industrial wheel, stress cycle, material characterization, stress
acquisition, damage counting, experimental analysis, fatigue life assessment.
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NOMENCLATURE:

§'s: real stress at break for Manson — Coffin law [MPa];

Sa is the alternate component of the stress [MPa];

& (E;"): real strain at break for Manson ~ Coffin law;

u: Mean of the data distribution;

a«: factor for Cw function of the slope of Wahler curve;

b: is the slop of the regression line of the elastic component for Manson — Coffin law;
by: factor for Cw function of the slope of Wohler curve;

c: is the slop of the regression line of the plastic component for Manson — Coffin law;
CH: channel:

D: fatigue damage [Hz];

Dinicr: damage computed with Dirlik Method;

Dxau: damage computed with Narrow Band Method;

Dowie: damage computed with Ortiz Method:

Dwu: damage computed with Wide Band Method;

E(0): number of zero crossing of load history computed in freq. domain;
E(P): number of peaks of load history computed in freq. domain;
E[0]: total number of zero crossing;

E[P]: total number of peaks;

[ frequency;

FEA: finite element analysis;

FEM: finite element method;

iz probability to find a cycle with amplitude of o

fu: probability density function of stress amplitude;

1F(2): ratio from number of zero crossing & number of peaks;
K: experimental parameter for Ramberg — Osgood law [MPa]

k: is the index that counts the cycles of load history;

K fatigue concentration factor;

m: slope of Wohler curve:

Mi: spectra moments,

me: spectra momentum computed on n order (Mn);

n: experimental parameter for Ramberg - Osgood law [MPa];
N number of cycles after failure;

ni; number of cycles at a certain amplitude;

PDF: probability density function;

PSD: power spectral density;

S(f): is the value of the PSD at the frequency f [Hz],

sps: sample per second;

UTS: ultimate tensile strength;

I': gamma function;

C: corrective factor for wide band method;

Lo: corrective factor for Ortiz method;

Cw: corrective factor for Wirsching-Light method,

nn: ratio from damage computed and reference damage;

e ratio from number of cycles at break computed and reference numbers of cycles.
A: irregularity factor;

a: Variance;

T time lapse t©;
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1 INTRODUCTION
Wheels are a critical component in industrial vehicles, as far as safety is concerned. The load
conditions they are subject to differ depending on the use of the vehicle, [1]
Some variables to take into consideration are the speed, the maximum load acting on the wheel and
the route (curves, straights, jolts, etc.) While examining wheels for industrial vehicles, some variables
necd to be taken into consideration, as they are induced by the operating modes of the use of the
vehicle (e.g. in the wheel loader.) [2, 3],
A new and progressive trend is to build lighter machines (by using non-conventional materials like
composite materials) not only for the wheel [5, 6] but for the whole machine (e.g. trucks [7, 8],
earthmoving machines [9] or working platforms [10, 11].)
The aim of this trend is to improve the performance of the wheels, from an economic and technical
points of view.
Consequently, the standard tests used in the classic industry may not be able to completely cover the
variability of the load conditions to which the wheel itself is subject during its useful life.
In fact, wheels for agricultural, construction or material-handling vehicles normally carry heavy
loads, which might be distributed in an uneven way, and operate on an uneven ground. Each wheel
revolution can be identified as a complete stress cycle: indeed each wheel is subject to many millions
of stress cycles during its lifetime.
However, the size of the wheel can differ from 87 (203 mm) to 54™ (17371 mm) in diameter and from
37 to 36" in width with a nominal wheel load between 4°000 N and 250°000 N.
Rims and discs are manufactured from hot rolled steel, in particular structural steels like S235, §275
or $355 (UNI EN 10025) or high strength steel HSLA (UNI EN 10268, UNI EN 10149, etc.,) and
then cold formed and welded together. Hot rolled profiles are instead used for multi-piece wheels.
Wheels can be subject to several load conditions. In this research, we analysed four different load
cases, as a representation of the entire life of a wheel,
To make sure that the wheel can endure these loading conditions (e.g., adequate safety factor) we
need to apply a design validation method, able to verify the fatigue resistance in the rim and disc area.
The most common approach in the industry of industrial wheel is to use numerical analysis, tests on
the field and fatigue tests in laboratory as validation methods for the design of a wheel. It is possible
to apply two different methods to define the parameter for specific wheels [12, 13]:
s through empirical load calculations registered on the field under different working conditions;
* by analysing test results of wheels being used in the field for years and using these results to
set a minimum test life expectation.
Therefore, it is fundamental for fatigue tests in laboratory to be directly linked to the stress history on
the field. In this way, it would be possible to minimize the ones without a fully adequate fatigue life
on the field or wheels over conservative in their design, with higher costs and lower dynamic
efficiency for the vehicle.
An experimental approach becomes increasingly important in order to achieve a more reliable
component and to optimize a series of experimental tests that provide the real use conditions of the
vehicle. [14]
With no doubits, this approach helps the designer; without it, it would not be possible to improve the
properties of the material used. For example, we could use the shot peening, but the real load
conditions acting on the wheel are not clear.
In addition, on some machines (e.g. container-handling machines,) the loads per wheel are so high
that it could become extremely difficult to perform an accelerated fatigue test in laboratory due to the
limitation of the test equipment.
For this reason, a new design and validation approach was developed, based on the flow chart reported
in Figure 1.
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Figure | Flow chart of the process of designing a wheel
The object of this publication is the fatigue analysis; we have both considered the experimental data
applied and compared them with different fatigue damage theories in time domain and frequency
domain.
Our aim is to obtain an instrument for designers to choose the best theory while designing industnal
wheels. This would be a means to increase the reliability of the wheel itself,
In addition, we would like to extend this study and thus its results in a general application in the

random fatigue field.

2 WHEEL GEOMETRY AND LOAD CONDITIONS
Figure 2 shows the main size of the wheel studied; this kind of wheels are commonly used for
telescopic lifters.

3:
I~
o
!
|
=1
ol 9 o
SRR
BiG 9 S ' SEZIONE A-A

_.
o

Figure 2 Main measaremenis of the wheel studied [mm|

The wheel 15 composed of three different elemenis made of structural steel S355 UNI 10025 (Figure
3) and placed on a loader or excavator. Figure 4 shows the loader (Manitou MT 1840) used for the
experimental tests,

The main parameters of this machine are: weight unladen: 116’300 N: rated load on forks: 40°000 N;
weight on front axle (unladen): 54°800 N; weight on front axle (rated load on forks): 129°300 N; tyres
used: Michelin POWER CL 440/80 - 24" 168 A8 and tyre pressure used for the test: 4,5 bar.
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The main parameters of this machine are: weight unladen about 1157000 N; rated load on forks:
40°000 N: weight on front axle (unladen) about 55'000 N; weight on fromt axle (rated load on forks)
about 130°000 N; tyres used: Michelin POWER CL 440/80 — 24" 168 AR and tyre pressure used for

the test: 4.5 bar.

Flgure 3 Saln messures {mm] of the wh
1) Rim hase 1) Rin,

Figure 4 Loader used for the experimental 1ost

For this research, we chose four different load cases, Together with the manufacturer of the machine,
we defined a test sequence in order to simulate all the different load cases foreseen for this specific
machine,

We chose four load cases, for they represent the life cycle of the wheel. Moreover, the load history
comes directly from the know-how of the manufacturer and his internal standards.

In particular, the load cases analysed are:

2

3

4

Movement on paved road (On-road case.) The loader moves on a paved and straight road in
a specific oval circuit, with test-instrumented wheels placed on the inner and outer radius. The
test was performed with the machine unladen.

Loading and unloading (Load placement case.) The loader was subject to a 207000 N load
placed on the fork at different heights.

Heavy load and unloading (Loader case.) The load condition is the same as the previous case
but 4 tons were placed on the fork.

Movement on a dirty road (Off-road case:) In this condition the truck moves on a dirty street
(with bumps), with curves and slaloms, with 15'000 N placed on the fork.

It is important to note that each test was repeated three times, The results are useful both for the
damage and for the PSD
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3 MEASURING INSTRUMENTS

The first step in the design and validation process of a wheel for a specific application is the
identification of the significant arcas where fatigue fatlure could happen.

This identification comes both from the expenence of previous fatigue failures in lab tests or on the
ficid and by means of the Fimite Element Analysis (with linear and nonlinear schematization of
material and bolts connection. )

The FEM model is realized by brick elements at quadratic order. More details from the repont of the
software are: number of nodes=303"643, number of elements= 153669, number of DOF= 003369

The size mesh adopted was chosen after different repetitions, in order to obtain a converging solution
not dependent on the dimension. In particular, we can report the maximum stress in the hole, which
measures 23mm, (as shown in the figure below:) the length of one side of the element 1s | mm. The
bolt 1s the beam element, with an axial force of 190 kN that equals a closing torque of 650 kN (using
a torque wrench,) The position of the strain gauges is slightly offset from the edge of the hole, The
numerical values in that zone are not particularly affected by the bolt schematization because of the
presence of a very rigid flange to which the bolts are fixed.

The analysis was carried on assuming linear features of the material. The following image shows the
results of a FEM analysis performed on the wheel; the analysis shows in details that the stress in the
configuration with a vertical force equal to 50°000 N and a tyre pressure equal to 0.45 MPa. This
group of forces acts as the ordinary use of the component.

Once the significant areas have been identified, strain gauges are applied on each wheel. Figure 3a
shows the main results of FEM analyses. Figure 5b shows the strain gauges applied to the wheel in &
number of 20 (Figure 6.) The centre of the grid is almost 25 mm far from the centre of the hole. The
diameter of the washer is ca. 45 mm.

Both uniaxial and biaxial strain gauges were used for the rim; the grid size is 3 mm and the resistance
is 350 €1, Strain gauges signals were acquired at 1'000 sps in order to get all fundamental technical
information and relevant data. The transition from strain and strain gauges is made by the equation
of continuum mechanics. This allows, for example, to define the main stress (with strain rosette). This
translation was possible to make thanks to the Poisson Coefficient and the Young Modules of the
matenial. The values are reported in Table 2.

Figure 5 Finite Eloment Analvsis A) mndd ddetail of o strain gaupe B)
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Figure 6 Experimental conliguration (struin gauges ploced nwear the bole)

The wheel is placed on the vehicle and a data logger is connected to the wheel to allow the direct
recording of data without the need of telemetry or cables going into a cabin. Then, each load case can
be measured by recording the strain gauge values for the significant areas of the wheel. Figure 7
shows an example of “on the field” measurement and data which are recorded. In particular, it is
possible to observe the data logger placed on the wheel, which records sirain gauge data during
manoeuvres.

The main aim of this work is to report the values acquired by the uniaxial strain gauges positioned
near the hole (Figure 6.) It is exactly in this zone that the strain gauges show the maximum value.

Figure 7 Ponition of & DAQ system an MANTOU TELEHANDLER

4 DATA ANALYSIS IN THE TIME DOMAIN

The recorded strain gauges data were used to build a full mission profile according to the full duty
cycle of a wheel (which contemplates the different load cases and their percentage of duration vs. the
full life of the wheel ) Some signals show a drift in the raw state. In order for this “drift” to be
removed, we applied a low pass filter named “Butterworth™ to the whole signal, with a cut-off
frequency equal 1o 100 Hz.

Moreover, in order for the filter not to compromise the information inside the signal, we compared
the moving average of the range, which does not change: in this way, the filter does not cut the peak.
No significant noise shall be reported (regarding the amplitude of the stress.)

Several methods are used to compute the stress spectrum [ 15, 16, 17] with the Rainflow Method being
the most used. [18, 19] The stress spectrum can be developed for each of the area of interest in the
wheel and for each of the wheels to analyse (sometimes different design solutions are tested on the
same machine.) Figure 9 shows a trend stress in the rim for container handlers on the four different
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load conditions. Through Figure 9 it 15 possible to understand that in the CH4 position the stress
values are higher than the values in the CH6 position; the third load condition (i.e. heavy load
condition) shows the maximum stress values.

Figure § Location of strain gauge for CH 6 (oster vim) and CH 4 (ilnner rim)

By the same acquisition of the data, it is possible to understand which loading condition is more
dangerous for the component.

The fatigue life was evaluated by using as input the data from the strain gauges, the characteristics of
fatigue material and the Young Modulus, a Ramflow calculation of strain cycles (Figure 9) and a
cumulative damage calculation based on Miner Equation, which can be found using a software
specifically developed.,

The damage follow equation (that 1s not linear) can be calculated according o several methods (i.¢.
considering such an exponential law.) [20, 21, 22, 23, 24]

However, the application of these formulations requires a high number of tests; a linear approach was
mstead used during this stage.

After identifying the cumulative damage through the duration of the strain history acquired, it is easy
to obtain a life estimation for the different areas of the wheel,

This formulation in the time domain is the most used, as it is reliable in terms of damage. Otherwise,
more calculations should be done.
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4.1 DATA ANALYSIS IN THE TIME DOMAIN
In order to compare the fatigue damage value in the time and frequency domain approach, we need
to assume that [25, 26]:

* The load history needs to follow the Gaussian distribution;

o The process is stationary (i.¢. the load history is not time dependant;)

s The process is ergodic (i.¢. a part of the load history has the same characteristics (mean,

vanance, etc.) compared to the whole data acquired.

Thanks to the previous points it is possible to migrate from time domain to frequency domain with
the PSD (Power Spectral Density),
We can check if the first hypothesis is solid by checking the PDF (Probability Density Function).
Figure 11 shows the PDF function for CH4 and CH6 for the “on-road" load case, while table 1 reports
the values of the two parameters that charactenize the Gaussian function. [27, 28]

u abe iem S L

Figuire 11 Protability Densitv Fanctbon for CH 4 (rad ) wnd CH 6 (blue)

Table 1 Parwmeters for Geussing function computed from PDF functinn

LOAD CASE CHANNEL p [MPa) alf]
CH4 TOS9E-04 131
ON-ROAD
CH6 2.235E-04 ERR
CH4 1L022E-04 1344
LOAD PLACEMENT
CH6 =8 T25E-04 32.80
CH4 -4 655E-04 723
LOADER
CH6 «1I63E-03 2004
CH4 | S33E-04 1843
OFF-ROAD
CHG 4 931E-04 53.70

Looking at the table. it is clear that the signal has a very close-to-zero average and that the highest
variability is for channel 6 in the off-road condition.

After this step we can apply the PSD. We used the LABVIEW software, which can process a signal.
Figure 12 shows the PSD for all load cases. The white signal is for CH4 and the red one for CH6.
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Looking at the figure above, we can underline the fact that the PSD function (computed with the
periodgram method) differs according to the different load conditions. The two channels show a quite
different trend and the magnitude is very different: CH6 shows the highest magnitude.

While looking at the on-road load condition, we can observe a peak on 2 sps: the peak of the energy
is concentrated between 1.7 sps and 2.3 sps. For the load placement condition, the energy is
concentrated between 0 sps and | sps and then it decreases to 0 at 1.5 sps. For the loader condition,
there is a peak berween 0.2+0.3 sps and then a quite uniform distribution until | sps. For the last load
condition (off-road,) we registered the highest peak of the four, with several peaks from 0.5 10 1.3
sps, where the energy is distributed.

N



5 MATERIAL FATIGUE PARAMETERS

Wheels and, in particular, rims are made of steel $355 UNI 10025, The main parameters, acquired

from the literature, are reported in table 2. [29, 30, 31, 32]

Table 2 Main purametors for the materinl
ELASTIC PARAMETERS 4 e
I -0 (8%
o Er 1.220
PLASTIC PARAMETERS c 067
K’ hEH]
CYCLIC PARAMETERS
n' 0.082
UTs 536 [MPu]
YOUNG MODULLUS 215000 | MPa)
SURFACE FINISH Hot Rolled
SURFACE TRATMENT Cold rolled
CERTAINTY OF SURVIVAL 50%

6. TIME DOMAIN ANALYSES

The fatigue analysis in the time domain is the common approach to estimate the fatigue life of a
component, Figure 11 shows a schematic block diagram, which was used for our analysis, This
approach is based on the stress history (Figure 9). Rainflow analysis (Figure 10) and material
parameters (Table 2). In order to estimate the damage values for the two channels and the different
load conditions, il is possible to adopt different criteria such as: Smth-Watson-Topper, Morrow and
Morrow modified. [17, 33, 34] The damage value and thus the estimation of the fatigue life of
components (i.¢. number of failure cycles (Nf)) was developed by Smith — Watson — Topper, with
this model being born for automotive components made of steel [35] (such as the wheel, object of

this research.)
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CUMULATIVE
DAMAGE
Damage Nf
ON ROAD SME-1 291 El0
LOAD %

PLACEMENT 278 E-11 IS99 EI0
LOADER 7.28 E-12 1.38 El1l
OFF-ROAD 7.77E-8 12°8§78°300

TOT 1.77ES 12863391

Figure 13 Block dingram for Tatigue amalysis bn the thme domuie,

Table 3 shows the damage values and number of failure cycles for all load conditions and for each
channel. This table also shows the total values of these variables, assuming that the entire life cycle

of wheels is given by the sum of each load conditions.
Table 3 Damage values and number of cyelos filure (time domain)

CH4 CHé6
DAMAGE Nf DAMAGE Nf
ON-ROAD 344 E-11 291 E10 280 E-$ 407032
LOAD PLACEMENT 278 E-11 159 E10 444 E6 225479
LOADER 728 E-12 L3S Ell LSLE-T 6631299
~ OFF-ROAD 777 E% 12878300 1.56 B4 6410
TOT 17T E-8 12863391 186 B4 5300
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8. FREQUENCIES ANALYSIS

There are several techniques for the estimation of the damage value m the science of fatigue hife. [17,
33,36, 37, 38, 39]
For all these approaches, we need to introduce three different parameters (looking at figure 13);

50

Zero crossing (blue stars)
Number of peak (red
circles)

-50

250 300 350 400
t[s x E-2]

Figure 14 Example of lond history with peak and zero crossing

We start by computing the zero-crossing ratio;
IF Q) = number of zero crossing

number of peak

()
Furst of all, it 1s necessary to compute the moments of the PSD [40], which is the integral (2)

m = [ fr-siar
]
@
Where S(f) is the value of the PSD at the frequency f[Hz] and n is the order of the spectra momentum
being computed.
From this momentum it is possible to compute the parameters described in (3) (for zero crossing) and
(4) (for peaks counting:)

E[0] = J-g:: E[P] = J%E

(3) “)
With these parameters, it is possibie to describe the load history in the frequency domain. In the table
below are the spectra moments values of the PSD function for the different load conditions, as well
as the channels analysed (table 4.) Through these parameters it is possible to estimate the fatigue
damage in the frequency ficld by using different techniques,
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Tuble 4 Momunt vilues for the PSD functive

LOADCASE | CHANNEL Mo M M M.
Chis 188,74 5388 7°266.62 531 E06
ON-ROAD S
g 114106 211040 711489 170 E06
CH : :
FiAR 180,67 14754 1°312.20 960°043
PLACEMENT CH6 1'075.76 77,12 611.66 128°38%
CH4 2.6 21.87 2808 §'952.80
LOADER
CHE 40160 173.76 220,08 66'595
Ché 13934 364,97 068,14 141924
OFF-ROAD 5
288878 317040 651175 1.69 E06

8.1 = NARROW BAND TECNIQUE
This method was developed by Bendat [41, 42] around 1960, This technique is useful only for narrow
band signals with an irregularity factor of 1 or near 1.

In this analysis we consider a linear stress strain relation and a linear cumulative damage law. As
known, the Palmgren - Miner's laws for damage evaluation is (5):

k' n
Dzz i
i=1 Vg

(5

Where n is the number of the cycle on a certain amplitude and means value, Ni; 1s the number of the
cycle that gives the back down at a certain amplitude and means value. k is the index of the cycle on
the load history.

As the Basquin Law!
1

b 1 Sﬂ t)
Sai=35"(2N - N, =—(—'
ad S ( H) =3 slr
(6)
Where:
® 5y is the fatigue resistance coefficient [MPa];
s S, is the alternate component of the stress [MPa];
o b is the fatigue exponent.
If we define the following parameters:
1 , A =
m=—3 &A=0.5(Sr) —5Nr1=As“J ™
7
The number of the cycles observed in the load history is:
k

E “I
=1

The chance to find a cycle of a Sa amplitude is computed as described in the (9)(Probability density
function of the Sy
L

zf:l n

fi=
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9
As for (9) we specify $F_, n;, we substitute it in (5) and we obtain:

p=y m_3" fi- Bl
(=1 Ny ¢ =1 Ny

(1)

If we use the Ny ; from the (7), we obtm'n

B £ & Et =1 El 1“12 fi Sa™
i=1

(1

We can define the total number of the cycles in the followmg way:

BEM =) fi-Su®

(12)

We can also observe that the total number of cycles can be seen as the number of the zero-crossing
multiplied for the time T of the whole load history:

&
Z n, = E[0)T
i=1
If we assume that the Sa is continuous, we can assert that:

E(SIM) = L " Sa™ fea(5a)d5a

(13)

(14)
In case of a stationary event or of Narrow Band, it is possible to prove that the strain amplitude follows
the Ravleigh distribution, so:

B = (vV2o,)"T(5 +1)

(1R
And in the end, we can find the equation that estimates the level of damage:
E[0]T
D(T) == (/2Mp)" ( 1)
(16

In the execution of this elaboration, it was developed a spread sheet with Mathcad software for each
load case.
The damage values for different load cases and channels are reported in Table 5.

Table § Dumage values and number of cvele fuilures in the freguency domabn (Nurrow Band Method)

Ch4 CH6
DAMAGE NI DAMAGE NE
ON-ROAD 1,50 -9 2.90 B8 1.26 E-5 807321
LOAD PLACEMENT 112 E9 8.96 EXR I 262E-6 | 18'1213
LOADER  ISKE-IS |R2E12 | 227E4 LI0E7
OFF-ROAD | 251EH © 39%E7 | LUE3 | 90
TOT 290 E-X 290 E8 LI3E-3 LIJES
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8.2 - WIDE BAND TECNIQUE

New techniques for the calculation of fatigue damage have been recently developed, to increase the
accuracy of Narrow Band Techniques, [34, 43, 44]

As reported in the previous chapter, the Narrow Band Approach provides a result of the damage, that
is one order higher than the result from the time approach.

Here we are going to analyse two methods of the Wide Band Tecnique: the Wirsching-Light Method
and the Ortiz Mcthod.

These new techniques are based on a corrective factor, obtained from experimental tests and applied
to the damage calculated through the Narrow Band Method (Dxu). In particular, the damage on the
Wide Band Approach comes from this transformation:

Dwg=1{ Dyg in
(17

8.2.1 -WIRSCHING - LIGHT METHOD
The factor { is calculated here by a series of simulations of the Monte Carlo Method as follows (18).
[34, 43, 45]

{y=a+[1-a]-1"
(%)
Where:
a, = 0926 —0.033m
b, =1.587m— 2,323
(19
Where m is the slope of the Wohler curve and A is the irregularity factor (see (1)).

Fable 6 Dumage valoes and number of evele fallures  freguency domain . Wirsching - Light method

CH4 CH6
DAMAGE NI DAMAGE Nf
ON-ROAD 2.50 B9 102 E8 885 Eeb 112'991
LOAD PLACEMENT 867 E-10 LISE 199 E6 03778
LOADER 449 F-13 2123ER IS E-8 TIREY
OFF-ROAD AS1ES TGUET |  SS0E4 ms
TOT 1L72E-8 S82E7 6,67 E-4 1'498

8.2.2 - ORTIZ METHOD
This approach is similar to the Wirsching — Light Method, as we still calculate a coefficient. This
coefficient takes into account the distribution of the energy on several frequencies rather than only

on one frequency [34].
The Ortiz corrective factor is:
MM, 2
= withk = —
% ,’Mnl“fhz m
(20)
Where m is the slope of the Wohler curve.
Dosies = (o “Dyg
21
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Table 7 Damage valoes and number of cyvele failares  freqoency domain  Ortiz method

CH4 CHG
DAMAGE NI DAMAGE Nf
ON-ROAD 451 E9 221 E8 116 E4 8636
LOAD PLACEMENT 1EX 1B SI2ES 18807
LOADER 1.39 E-I1 TI8 EID . 442 E-7 22617192
OFF-ROAD 2.06 E-3 I"861°118 . 929E-3 108
TOT LM ET LIS E6 .16 £ 108

8.5 - DIRLIK METHOD

As previously shown, the aim of the above mentioned methods is to migrate from time domain to
frequency domain. The first attempt through Namow Band techniques is very rough, because it
overestimates the damage one order more than time domain (which 15 our reference,) in case of a
large band signal.

For this reason, we need more reliable and accurate techniques. The previous methods (Wirsching —
Light and Ortiz) are a first approach to the problem but their use is limited.

The technique of Dirlik [46], developed around 1985, defines a closed formula of the probability of
the stress amplitude f. tested on a wide band signal. It is based on a wide series of Monte Carlo
simulations on amplitude stress.

The Dirlik model for a time period = is:

E|Plr =
Dys pirix = lAl L o™ [ ya{5a)dsa
22)
f = Dy e:g:‘s“ + ----—-—Dz 14 e%izf;s“z + -—--—Dg = eﬁg’s"?
2 M0 2,/M, : R? 2/M,
(23)

fsa s the Probability Density Function of the stress amplitude, Starting from a defined amplitude with this
formula, it 15 probable to find a cyvele with that amplitude in the foad history.

e W—— - y. <M M,
2,/ M, My My ™ My M,
p. = 2n=7?) PO . o P o o 05
S 1—y-D, +D,* 2TTT1-R
1.25(y — Dy — DyR)
Dy=1-D,-D, s

(24)
These different parameters carry the information of the load history and are based on the spectral
momentum extracted from PSD.
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Table ¥ Damage vilues and number of cvele fathures frogueescy Dirfik methad
CH4 CHG6
DAMAGE N DAMAGE Ne
ON-ROAD 1.96 E-8 S10E7 £I6E-S 197003
LOAD PLACEMENT 449 E-9 22 Eil_ i..-lﬂ E-3 85'051“ —

LOADER 982 E-12 _l D2 EN LIOE-T 9207 E6

OFF-ROAD 1.27 E-7 .86 E6 SKRE-4 17702

TOT 151 E-7 6.6 E6 6,52 E~4 1533

9 COMPARISON OF THE FATIGUE LIFE
Table 9 shows a comparison between the results of fatigue analysis both with different approaches
and different theories, This comparison considers both damage values and the number of failure
cycles for each theary and channel. A safety coefTicient for the damage and for a number of failure
cvcles was also set. In order to compare the results, we assumed that the load on the wheel is the
result of the sum of the four load conditions previously described. We assume that, on the lifetime of
the wheel, there is one time between each load condition (on-road, load placement, loader, and off-
road). The safety factor allows us to know how many times this sequence of loads can be repeated.
We can thus understand how many times we can repeat the load conditions to reach the break, In the
following table, we can find a companison between time and frequency approach,

N DAMAGE (time domain)
ot = DAMAGE ( frequency domain theory),
(25)
: CYCLE AT BREAK (time domain)
"y = CYCLE AT BREAK ( frequency domain theory);
i26)
T'able ¥ Comparison of results of fatigue analvsb according to different approschies and theories
;ﬂ NARROW- WIRSCHING
% TIME BAND LIGHT ORTIZ DIRLIK
o
-
&
D b m D mn o o D 2
CH4 7THE8 2.9E-8 27 1.7E-8 457 | 227 | 35E1 | LSE-T | SIE
CH o 1 9E-4 11E-3 | L7E-1 | 67E4 | 27E-1 | 92E-3 2E-2 6504 29E-1
NS Nf N N Ll Af Ll N N
CH4 1.3E7 34ET 27 59E7 0.2 4.5E6 2.8 6.7E6 19
CHo SAE3 9.1E2 59 1 5E3 36 1L1E2 5 | 5E3 15
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From Table 9, it 15 possible to share some observations.

The best situation is to be found in CH 4, on the Wirsching-Light Method (as it gives 4.5 times the
number of cycles at break, computed with the method in the time domain). The worst situation is
depicted by the Dirlik Method, where the cycles at break are about 2 times (1/5.1E-1) than our
reference (time domain.) The best situation for CH 6 is to be found in the time domain (5380 cycles
at break, ) while the worst 1s registered with the Narrow Band Method, with 909 cycles at break, (about
6 times less, which means that the safety factor is 6.)

All these methods are applicable, and the Power Density Function shows that all of them follow a
normal distribution of Gauss, Nevertheless, as we can see in the Power Spectral Density graphics,
there is a different distnbution of frequency deriving from the different purpose of the vehicle.
Therefore, some of these methods are applicable for a specific type of PSD (e.g. Namrow Band
Method) and not for the others with a large band signal. This is the reason why our reference is always
the damage computed in the time domain,

In detail:

* NARROW BAND: This approach can be applied only if the PSD is concentrated around a
small number of frequency (from which the name Narrow Band). In our load history the PSD
are very wide and spread on the frequency spectrum.

o  WIRSCHING-LIGHT: This approach is an improvement to the Narrow Band Approach. It
uses an experimental coefficient defined from Wirsching and Light, that corrects the results
of the Narrow Band Approach.

¢ ORTIZ: This method is very similar to the WIRSCHING-LIGHT except for the correlation
from the estimated damage through the Narrow Band Method and a corrective factor,

e DIRLIK: The results are similar to the Wirsching-Light Method. We can register a factor of
about 3 derving from the damage both in the frequency and time domain.

The first theory applied, the Narrow Band Method is the easiest and fastest in terms of calculation.
However, the results are very far from our reference in the time domain, To understand if this
method is solid, we need to check it on a Narrow Band signal.

Looking at the Wide Band techniques, the Ortiz Method gives the worst results in our load history,
because it is too conservative,

The two last methods (Wirsching-Light and Dirlik) show similar results, which are also similar to
the ones in the ime domain. Therefore, they are the most suitable for our analysis. Morcover, in this
case, the results underestimate the damage, even if the order is the same as the one computed in the
time domain.

We can also consider the approach of relative error; in fact, we can observe ni from table 9 (first two
rows) the minimum 18 with Ortiz method for each channel (see red values). Starting from this the
relative error for the methods are presented in the following table:

Tuble 10 Rebative error based on Ortie sethod

N
=
5 NARROW- WIRSCHING
] BAND LIGHT RN
i
CH4 6,59EH12 1,19E+03 3,I8E+01
CHG 7.36E402 1.27E+03 9,29E+01
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From this point of view is clear that the three theories show safety factor very different than the one
computed with Ortiz method and in particular we can see that the Wirsching Light have a relative
error bigger of three orders of magnitude on o computed with Ortiz,

After this analysis based on relative error, we can say that compared to Ortiz method we can make a
scale where starting from the more accurate we have Dirlik, Wirsching light and finally Narrow Band
method.

Also, with this analysis we can confirm that for define the best method we have to go deep the
frequency analysis because as we observed the relative error is big compared to nu of Ortiz.

CONCLUSION

In this work, we analysed a wheel (with its own geometry, material, etc. ) under different experimental
load conditions.

We decided to use the data provided by an industrial wheel manufacturer to make a comparison
among different methods from the literature, and check their results in terms of fatigue life.
Moreover, with the fatigue parameters of the material (given by the manufacturer,) we were able to
compute the damage and estimate the cycle numbers from two different approaches (time domain
and frequency domain.)

In general, the results show that frequency methods are more conservative than what can be found in
the theory and in the time domain. These theories provide comparable values both in terms of damage
and safety factor,

We found out that frequency methods can be used only if the PSD is stable, which is not our case, as
seen from our data. Thus, frequency methods cannot find here their application.

These results are of fundamental importance in the fatigue design process of a component. in order
to increase its reliability (especially with regard to the structural elements that are very important for
the safety of the vehicle, ¢.g. wheels.) This study can be applied to the other structural components
as well.

In the end, we can assert thar this experimental approach is an added value to the different papers
from the literature, full of theories in the time and frequency domain. We applied these theories to a
real component to find out if and how they are valid or not for the research.

The research is still in progress as for the following points:

-First of all, we want to try more experimental tests (in laboratory, on a uniaxial test machine) on the
material and components, in order to estimate which theory provides the best experimental results.
-We want to study the specific load conditions to apply to a particular bench test (rotary bending
machine (Figure 145}.) in order to simulate the real load history, directly on the field.

-Last but not least, we want to go deep into the assumptions of frequency domain, and check how
these assumptions can affect the final results,

This work will be likely developed in a further article.

Figure 15 Rotary beading maching
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8. FREQ. DOMAIN FATIGUE DAMAGE APPLIED TO A VEHICLE WHEEL
(PAPER)

EEXPERIMENTAL AND ANALYTICAL STUDY OF RANDOM FATIGUE, IN
FREQUENCIES DOMAIN, ON AN INDUSTRIAL WHEEL
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ABSTRACT

This article shows how 1o process random fatigue in an industrial context and how to perform the
same calenlation on other components. Data coming from strain gauge placed on an industrial
vehicle's wheel are analysed first in time domain. It is shown how to manage random cycles and how
to reamrange them for the fatigue analysis. Then an equivalent damage is calculated. An alternative
way 15 to carry out the analysis i frequency domam. This solution makes possible the use of simpler,
less expensive and faster methods. However, a lol of attention must be paid mn frequency analysis.
There are strong hypotheses which must be venfied before the analysis. This article will show
strengths and weaknesses of an analysis in tume and frequency domain. Four innovative methods
(Narrow Band, Wnshing-Light, Ontz, Dirlik) coming from hterature will be applied on a real sample
and 1t will be shown how to improve, interpret and correct the result obtamed.

KEYWORDS: random fatigue: time domain; frequencies domain; spectral methods; non-Gaussian
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NOMENCLATURE:
Symbols:

a: geometrical features of PSD funchion,

& Defonmation

I': Euler gamma function

h: spectral moment

koo Damage’s corrective coefficient for non Gaussian process
p: Mean value

p: Coirective coefficient

o: Notmal stress value

o°: Variance

or Fatigue limit

Gust Stress standard deviation

ours Ultimate tensile strenght

oy Yield stress

1: Delaying parameter

a(k): Wrishing-Light parameter

b(k): Wnishing-Light parameter

C: Basquun parameter

d: Fatigne damage

Dy Total fatigue damage calculated with the x entena
E: Young's modulus

E[Dy]: Probabilistic damage calculated with the x coomting method
f: Frequency

FFT: Fast Founier transform

IF: Iregulanty factor

k: Bascquun parameter

ko' Kurtosis

m: Slope

N: Number of cycles that break off the component
n: Number of cycles with the same properties

Ng Number of cycles of mfinite life

Nos: Number of cycles of start HCF

Py: Cummlanve probability function

Pe: Probability density function

PSD: Power spectral density function

q y-mtercept

Rxx: Autocorrelation function

s: Stress (frequency domam)

S(t): Sampled signal

sk Skewness

s: Hanshm-Rotem coefficient

I
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T: Penod

t: Time

va: Probabilistic number of zero crossing m a period of time
Vp: Probabilistic number of peak values in the time unit

Subscripts

a: Amplitude

DK: Dirlik

e: Value of an equivalent cycle with 0 mean
H: Haigh parameter

1: Value of the ith eycle

LLC: Level crossing counting method
m: Mean value

max: Maximum value

min: Minimum value

O: Oritz

PC: Peak counting method

RC: Range counting method

RFC: Ramflow counting method

s: Sampling

W: Wohler parameter

WL: Wrishing-Light
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1 INTRODUCTION

The structural components of a motor velicle such as the dnving wheels, are subject (o cyclical
stresses that depend randomly on the nature of the terrain on which the vehicle will move. Therefore,
a fatigue analysis is necessary to verify the resistance of the component throughout its useful life. The
most precise method to validate the mechanical resistance to fatgue is the analysis in time domain:
Miner's law [1] or Hansum and Rotem [2] have been widely confirmed by both theoretical studies
and expernumental tests. However, when dealing with random fatigue, it 1s necessary to transform the
load lustory into a senes of stress packets. Numerons counting methods have been proposed to
achieve this purpose, but nowadays the only one with a proved effectiveness is the Ramnflow, which
1s long, slow and, as far as concerned in industrial context, expensive method. Moreover, Rainflow
algorithm requires a different software that is necessary to buy 1f the load history has to be analysed.
An alternative approach is the study of fatigue i frequency domamn. In the last years, academic world
has shown great mterest in this field because it seems to be the solution to the problems which are
related to counting methods,

This article will illustrate the pnncipal laws of damage n frequency domain which work with the
load spectra. These methods (such as Dirlik [3] and Narrow Band methods [4,3]) ehmmate the pre-
analysis m which the load history is reamanged and starts directly caleulating the damage that each
harmonic of the load spectrum causes on the material.

Tune and cost savings are considerable: even the software needed are cheaper and more common,
Classic methods need caleulation program like Mathlab or similar, while these new methods are
implemented in Excel spreadsheet,

One could wonder why such a fast and cheap method is not massively used in today's industrial
reality. Frequency damage methods must satisfy the Gaussian, ergodic and namrow-band load
spectium hypotheses: obviously not all the processes fall nto tlus case and, wnfortunately, there 1s
still no adequate mathematics treatment to deal with deviations from the aforementioned hypotheses,
The scientific literature provides corrective coefficients that can be calculated to correct the deviation
of a spectrum from a standard case. This article will demonstiate that, after having illustrated and
applied the theory of frequency analysis, not even the coefficients can guarantee an adequate
correction or, at least, comparable to the results provided by the treatment in the time domain.

These theones (time vs frequency) have been applied to a load history obtained by a test on a
industrial vehicle’s wheel. More experimental test campaigns are in place to look for a link between
the calculated coefficients and the actual damage on the components, The purpose of this research is
to find an equivalent method in frequency domain which gives results similar to the more reliable
time domain methods.

Figure | reports a diagram which highlights the most important steps necessary 1o perform random
fatigne analysis in time and frequency domain [6,7]
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Figure 1

The goal of this article is the fatigue study of a nm for earthmoving vehicles, In particular, we want
to identify the distribution of loads acting on the fixed flange (Figure 2) see due to rolling, starting
from results obtained from laboratory tests. After having highlighted the best distribution of pressures,
we proceed with numerous finite element analyses from wlich it 1s possible to evaluate the mfluence
of different parameters, such as: the vertical load, the inflation pressure and the type of tire,

What 1s now exposed is one of the most crifical points of fatigue analysis in time domain. Faced with
a mndom stress history, in which peaks and valleys follow each other without any order, it is
necessary to obtain packages of cycles between the latter nmiform in amphiude ga and average load
om. The result of this sort is the input required by the methods used for time analysis of fatigue,
although a drastic choice is required to obtain this result. Methods like peak counting or level crossing
are very fast, but the risk of making rongh approximations is high. In contrast, counting algorithms
such as the tank method or the famous Rainflow counting are excellent mathematical models 1o
represent the physical phenomenon of random loads i an orderly manner. The price 1o pay is the
high expenditure of time and resources, It must be remembered that fatigue is a slow phenomenon

h
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and it requires many hours of experimental observation, the difficulty of systematically using such
precise methods can easily be understood,

Increasingly efficient Rainflow algonthms and other algonthms have been developed over the years
[8.9]. but they are still too slow to cope with the enorinous amounts of data that come from
experimental rests,

2 FATIGUE ANALYSIS

Once the load history has been settled with a counting method, clusters are obtained with equal mean
and amplitude. Clusters are the starting point for the methods which provide an estimate of fatigue
damage.

Two different methods can be chosen [10,11]

If laws of linear damage are used, fatigue damage will be caleulated assuming that the moment in
which a given load condition has occurred is indifferent: in this case the Palmgren-Miner law 1 will
be used.

n nl’l
D=Zd'= [T:Sl (1)
=1 =1

So, in this case, D is supposed to have a linear growth. According o this method, a structure is broken
when D equals to 1. More wisely and more safely, it is a common habit to reduce the maximum value
of D under one, in order to prevent structures, break off caused by unexpected dangerous situations
[12-14]

On the other hand, non-linear damage laws, though more complex, take into account matenal
remforcement mechanisms in the early stages of damage. Obviously, they provide a more accurate
estimate of the damage. The Hansim-Rotem [15.16] law is a simple and effective law to take the
remforcement into account.

Assuming that fatigue damage represented by the S - N:curve added in a logarithmic ratio, Hanshin
and Rotem modified fatigue damaging expressions with the ( 2 ):

n n 1-2”.
D=Zdj=2(:—;.)l'ﬂ =1 (2)
e

=1

Where 1;‘_‘—:‘ depends on the static strength of the matenal s; = a;/ay;s.
More complex laws derive from the theories of Mark and Starkey, Henry or Gatts, but their

complexity, especially regarding the determination of material parameters, does not make them
swutable to be a quick method to validate frequency results.

This kind of methods are the most recent ones. They could be a faster way to analyze a random fatigue
history and they can give extra information about the signal (like what is the most powerful wave that
constitute a signal). A lot of attention should be pay when these methods are used, some strong
hypothesis are needed.

Analyze a signal in frequency domain requires some statistical steps before the caleulatnon of the
damage [17]. In the next section these passages will be described and shown m a proper way. To sum
up, frequency domam analysis follows the steps presented in Figure 1.

6
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3 STUDIED COMPONENT

The studied element 1s a wheel of a matenal transfer velucle produced by GKN mn Carpenedolo, Italy.
Strain gauges are placed all over the wheel, two of them close to a hole (which 1s necessary to connect
wheel and hub). Tn fact it 15 a critical place because of the stress concentration (tlus phenomenon is
described by notch factor). Loading histories are oblained from some tests performed mn different
conditions of tracks to sumulate the life cycle of this component. This article will analyze the most
common load history: on road condition.[18]

The figures show the tested wheel (Figure 2) and the position of the strain gauges (Figure 3).[19]

Figure 2 Whee! with strain nup

Figure 3 Wheel with strain gaug=

The data coming from gauge 4 and on road condition will be studied in this work.

The wheel 1s built of S355 steel, static proprieties are given m standard EN 10025-3 (N) and m
standard EN 10025-4 (M), Instead, fatigue parameters are given i standard EN 13001-3-1:2012 +
Al:2013:
o Yield stress: g, = 355 MPa;
Ultimate tensile strength: o vrs =450 MPa;
Elastic modulus: E = 215 GPa;
Value of high cycle fatigue beginning: No, = 104 cycles;
o Infmity life value: Nf = 5x10° Cycles.
In safety condition, the fatigue limit (of) is approximated with the formula ( 3 ) [20-23]

ar=0.3-am3- (3

For $355 steel, the value of fatigue limit is of= 135 MPa. This precautionary value is taken to execute
an analysis in safety condition, as the o vrs value. The analysis is doue with low values because the
wheel is a S355 steel bent and welded. [24,25]

4  LOAD CONDITION

To samulate the wheel’s work conditions, a test on a oval paved track has been done by GKN. The
industrial vehiele has been loaded and it has done some laps on this truck. Data acquisition lasted for
about ten minutes with a sampling frequency of 100 Hz.

Under the hypothesis of elastic-linear strain and uni-axial stress state, load history can be calculated
with Hooke's law:
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a=F-¢ (4)
where E is Young's module. The hypothesis of linear-elastic field 1s correct because the maxinmm
value of stress 1s Guax = 141:7 _MPa, which is minor than the material’s yield strength (o, = 355
MPa) [26]

In Figure 4 is shown the load lustory of the wheel [27 28]

LOAD HISTORY
150 ' h ,

stress [MPa)

100 A . A . A A R
0 100 200 300 400 500 600 700 800
time [s]

Figure 4 On road teil. streds

5  Time domain analysis

How to manage random fatigue in time domain will be shown in this section. First, the signal reported
n Figure 4 will be analysed with Ramflow method which prodisces equvalent fatigue eveles. After
that, with the help of Haigh law, all the equivalent fangue cycles will be transformed i alternated
symmetrical cycles at the same danger level of original ones. Then it s possible to calenlate the
fraction of damage thanks to Miner’s rule. The reason why only Rainfow and Miner's law are used
in this work is that these methods are the most effective, known and used i tume domaim. [29,30]

Rainflow analysis

To stant this analysis, it is necessary to handle the input signal (Figure 4). Rainflow method allows to
transform a random signal in equivalent cycles with mean value (o) and range (o.) generally
different from zero, Another output is how many tunes a cycle repeats tself (m). Tlus step 18
fundamental, because working on package of smaller cycles is the only way to use the Miner’s law,
The Figure 5 shows the input signal and the output of the Rainflow analysis. [31]
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50
Cycle Range Cyde Average

Figure 5 Rainflow Input and output
Haigh's law
The next step is to transform the cycles that comes from Rainflow analysis with the Haigh’s diagram
The purpose of this step is to modify the mitial cycles in new ones with 6im = 0. In the next subsection
the reason of thus transformation will be explained.
The equation of Haigh curve is:

Tjg = d {f Oy =0

or : (%)
O O = " O if Oim > 0

For those cycles that have negative mean value (G < 0) the transformation is easy. In fact, negative
mean value is a good thing for fatigue life because it inhibits the crack’s progress. In safety condition,
the new cycle has the same aliernated component of the onginal one.
On the other hand, for those eycles that have positive mean value. the transfornation is more
complicated. Looking at the positive part of the Haigh diagram., it can be considered that all the points
on the Haigh curve (the red line) have the same level of danger.
The slope of Haigh curve can be caleulated in this way:
i
My Gors (6)
Now, every cycle i can be located in High diagram as a point P = (0, 6a). The purpose of tlus step
15 1o find the equivalent point Q. With some algebraic passage it is possible to find Q.
lo‘m =My Op +0ga if G =0
Tga = Opq — My * Tigy if Tiyy > 0
Now, this passage must be done for every cycle.
To sum up, any cyele can be re-arranged in an alternated symmetrical one (o..) thanks to this equation:
1“:'0 =0 if om=0
Ojp = Ojg =My * Oy if Oy >0

()

(%)
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Now that every cycle has been transformed n an altemated symmetrical one (desenbed with only
one parameter
aie), the Wohler curve can be used to define the number of cycles to failure (Ni) of a constant reversal
stress (aie).
The Wohler curve (Figure 6) can be approximated with four parameters of the considered matenial.
These four parameters are oUTS, of , Nos and Nf , In bi-loganthmic field, Wohler curve can be
written with the ( 9 ) formula;
log(a,) =log(ayss)
if log(N) < log{Ngs)
log(aa) = my, - log(ayrs) + g
if log(Nps) < log(N) < log(Ny)
Where:
{ _ log(ay/ayrs)

Wi lﬁg(Nr/Nog) {10y
9w = log(a;) —m,, log(Ny)

7

8

25

-~ 324

23

a2

og (N)
Figure 6 Wihler curve

[t 1s nnportant to underline that this curve 1s not the real one of the materials, but 1t 1s an approxumnation
made by using the suggestions coming from standard EN 10025-3 (N) and standard EN 1300]-3-
1:2012 + A1:2013 that gave the value of Nf and Nos. Moreover, all the stress values that are minor
than the fatigue it are neglected. Notice that these results (even in frequency domain) could be far
from reality, but time domain and frequency domain must give similar results because of the Wohler
curve that is used in each method is the same.[32]
Now that the Wohler curve is known, it 1s possible to caleulate the damage caused by every equivalent
cycle (d). In fact, Rainflow method has given as output the number of repetition (n) of each cycle
which has been transformed in an alternate symmetrical one (G«). The number of cycles with oiethat
break off the component can be caleulated with the ( 11 ) formula, that comes from the near part of
the Wohler diagram:
log(a,) -
log(N;) = 280) = ‘;: e

(i)

10
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Using Miner’s law, it is possible to calculate the total fatigue damage (D) cansed by the entire load

history:
1
Zd; Z-,—'—‘: 1 (12)
=1

Let’s now ca]culme the number of cycles to failure of the entire random sequence:

— }- (13)
Damage ratio and cycles to failure are:

« D=10545107;

« N=094835 cycles.
Input Signal
As reported in Figure 4, the load history is sampled. In this preliminary analysis, no window will be
applied; otherwise, later, it will be discussed what kind of window will be the best choice for the signal
and in case a window 15 really necessary.
The signal has been sampled for £, = 767.99 seconds with a sampling frequency of £, = 100 Hz.
Thus, the sampling periodis T, = 1/f; = 0.01 seconds.
The number of points sampled 1s N, = f; 1, = 76799 mvoking the Nyquist-Shannon samphing
theoremN; ym =2 Ny + 1 1fthe Ny harmonic frequency hastobe seen without ahiasing_at least
N pomts has to be sampled

In this case N ww = 76799, so Ngr=(76799-1)/2 38399 It means that harnonic frequencies

until 38399 can be seen without aliasing.
Basic parameters

* Mean value (1). For a vector whose elements are vy, arithmetic mean 1s definedas y = gﬂﬂ

. It represents the value which is less distaut from all the other values. If vy represents a ﬁmle
population, the population mean is equal to the arithmetic mean.

«  Standard deviation (g44). In stanistics, it 1s a measure nsed to quannfy the amount of vanation
or dispersion of data-set values, A low standard deviation indicates that data tend to be close
to the mean value (also called the expected value). While, an high standard deviation points
out that data are spread out over a wider range of values.

*  Variance (a°). It measures how far a set of numbers are spread out from their average value.
The variance is the square of the standard deviation and can also be caleulated as the second
cenlral moment of a distnbution.

The points sampled have a mean value of p= 7.93 10-4 MPa, a variance of o° = 188.7373 MPa" and
a standard deviation of 6 = 13.73817 MPa. [33,34]

LLN theorem

The law of large numbers (LLN [35]) is an assumption that describes the result of performing the same
experiment a large number of times. According to the law, the average of the results obtained from a
large number of mials should be close 1o the expected value, and 1t will tend to become closer as more
trials are performed. The LLN 1s unportant because it guarantees stable long-term results for the
averages of some random events. In this situation the LLN theorem has a strong relevance as it
mtroduces stability m normmal distnbution.

Autocorrelation

When dealing with mandom signals, it is reasonable to ask whether the particular signal being analysed
is truly representative of every possible signal in every possible interval of observation time. Luckily
a propniety exists and it 1s called autocorrelation, that provides a measure of the regularity (or, better,
ergodicity) of the process. In addition, the delay ntroduced using this method allows to discover
periodicity insignal.
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While the probability density (PDF, which it will be caleulated further on) contains the mformation
related 1o the variations of the amplitude of the process, the autocorrelation confains mformation
related to the variations on the time axis. Furthermore, it 1s very useful to know that the spectral density
of a signal is the Fourier transform of the autocorrelation function.
When a signal is ergodic (1.¢., it 1s not tupe-mvarant respect to 1tself), antocorrelation provides values
close to zero or negative. It is very stmilar to destractive mterference, in which the negative parts of
the curve are now erased with positive, so the correlation function has smaller values. The maximum
correlation value 1s an index of how much the signals are in phase,
Assume to have a sampled signal 5{7); if ¢ is the delaying parameter, the autocorrelation formula can
bewnttenas ( 14):
tmax
Rex = Z[su)-su-n)] (1)
te=0
Observing the sunination formula, it can be noticed that the autocorrelation function 15 sunply the
correlation between the signal S(7) translated of 7 + r and the signal S{r) itself; the variable t is free and
15 not saturated in the operation of integration
In other words, not only a summation has been written, but also an infinity of sums, the one for every
possible value of 1 € [fo; foun] and 7.
The autocorrelation function is lumted and it measures the sumlanty of a signal with a copy of the
translated signal of r. The maximum is obtained by a translation with r = 0.
For power signals, if no periodic or constan! components are present, with mereasing transiation
similanty autocorrelation tends to decrease, and therefore the autocorrelation function tends towards
zero.
This is not true for periodic signals It is easy to verify that the autocorrelation is itself perodic, with
the same penod. Even in the case of a constant signal, autocorrelation is a constant and it does not
tend to zero.
Usmg the non-windowed input signal i Figure 4, the antocomrelation function gives as ontput the
curve m Figure 7. Notice that the autocomelation function decreases to zero: this 1s the proof of
signal’s ergodicity: with a delay of few seconds, peak and valley in the signal are random enough to
erasing each other’s,
The results obtamned by calenlating autocorrelation are useful to obtain PSD (power spectral density).
In fact, the Wiener-Khinchin theorem ensures that the power spectral density of a signal coincides
with the Fourter transform of the antocorrelation function of the signal itself.
! AUTOCORRELATION
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Figuae 7 Antocorreistion funetion
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Probability density function (PDF)

In addition to the classic parameters (p, o~ and g.uq) it is useful 1o extend the analysis in order to obtam
the probability density function (PDF). This function associates a probability for each stress (a) value
reported on the abscissas. The result s a continuous curve, of total area equal to 1 and represents the
range of values that the magmiude of interest can - most likely - assume.

The same physical phenomenon can be analysed from several points of view. The simplest way is to
detect how many times that phenomenon oceurs, regardless of what has generated it. A more detailed
point of view requres analysing the different causes that may have given nise to the observed
phenomenon. In the first case, the analysis is rather sumple, If a phenomenon (for example the
occurrence of a given o value) can take X different values, cach of these values can be treated as a
discrete random variable. Simplistically, i1f the occurrence of an event 1s unrelated to the occurrence
of others, the probability of measuring the X value 1s equal to 100X %,

Instead, most physical phenomena need a more accurate analysis. First of all 1t is necessary 1o
underline that it is highly unlikely that a phenomenon depends only on a parameter. For example, if
the statistical measurement of the fatigue damage of a wheel 1s needed, 1t would be too great an
approxumation to state that it depends only on the length of the road winch was dnven, Actually, the
effect of notch factor, the thermal effects on matenals, any stone or hole on the road should be
considered. All these parameters, which have their own infrinsic and statistical variability, combine
themselves in a stochastic way and provide the final damage.

Though, 1t 1s clear the needing of a method that can describe a phenomenon including the statistical
variability of the parameters. This method - or betier - ilus probability fumction, is the normahzed
Ganssian distribution and the mathematical work on which is based on the central limit theorem.

Let 1 be the number of contributory causes that affect an event and assume that np 15 the nunber of
measurements done.

+ «[f X is distributed as a random binomial vaniable with a very large n (to give an idea of how
large. it can be said that it should be n=30), and approximately np=10, then the binomial can
be approximated wit a Nonnal Gaussian PDF with expected value equal to np.

+ If Xis distributed as a random Poissonian variable with the very large A parameter
(orientatively A > 10), then the Poissonian can be approximated with a Normal with
expected value and vanance equal 10 2: N (A; A).

Therefore, it remains to understand if the vanable X, which i the case deseribed in this paper is X
= stress, i1s a binomial variable.
It has been supposed that the input
random data may be viewed as a normal 20
distribution, but in order to bwld this
distribution mean and variance are oo
needed Otherwise, someone could
object that for a random distribution the e
mean value is - indeed - random and 1t
changes for every measurement. This is
true, but if a large number of data are
processed, the LLN theorem guarantees
that the mean value deduced isn't too far ~ °"'
from the real mathematical mean.
It will now be supposed to have a signal %%
that can be statistically analysed as a
Gaussian one. g S

G01s

Stress value [MPaj
Figure 8 PDF for a vupposed Gaussian-distributed signal
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Therefore, a bell-normahized-curve will be built using mean value and vanance of stresses
previously measured. The result is shown i Figure 8.[36,37]

FFT and windows
Ifall the previous statistical conditions are respected, frequency analysis should give good results.
Let"s start with the Founer theorem: the ongmal Amplitude-Time signal will now be converted in a
Magnitde- Frequency one (Figure 9). Notice that even if windows allow to have better results when
a random signal 1s elaborated, this solution 1sn't every time the best one. Especially when the input
signal hasn’t so much asynchronous frequencies or if its queune has vot so many peaks, a windowed-
Founer-transformed signal produces a big error. The reason of this incorrect result can be found in a
lack of energy that the window drains form the proper original signal. As example, using an Hanning's
window [38], the 50% of the oniginal energy 1s lost: that results in a reduction by a factor 2 m the FFT
peak. A worst effect 1s made on FFT's phase diagram, where waves are significantly distorted from
their original phasing.

Spectrum of X{1)
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Figure 9 FFT of the Input signal (Figure 4

Power spectrum density (PSD)

The characterization of a random vibration usually oceurs through the spectral power density curve
(PSD, Power Spectral Density).

The PSD is defined as the average quadratic response of a random variable, to which an ideal
narrowband filter is applied. The result is divided by the bandwidth of the filter, to tend the latter to
zero. The term power is rather genenc and it can refer to acceleration, speed, displacement,
deformation, force, and so on. In the case of a random load description, the PSD is generally referred
to the input value of the strain gauge (Volt or microstrain).

The PSD of a signal describes the distbution of the power between the frequencies that make up that
signal. Through Fourier analysis, every signal, even continuous, can be decomposed mito a discrete
number of frequencies. The statistical processing of that signal represents its spectrum. When the
energy of a signal is concentrated in a finite time interval, the spectral energy density of that signal
can be calculated. The results will then be better 1f the input signal is discrete, as in case studied,
where it 15 provided for a fimte number ofpoints.

There are many ways of calculating the energy density of energy. but the most well established is the
PSD (power spectral density) method. which works particularly well on signals that span a wide time
span. In addinon, if autocorrelation has been caleulated, Wiener-Khinchin theorem can be invoked in
order to ransform autocorrelation mto PSD [39,40],
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In addition, the PSD spectrum of a physical process often contains essential information on the nature
of the vibratory phenomenon under examination.

Any signal that can be represented as a time-varying amphtude has a comesponding frequency
spectrum. When these signals are displayed in the form of a frequency spectium, some aspects of the
receved signals or of the underlying processes which produce them are revealed. In some cases the
frequency spectnun may mclude a distinet peak corresponding to a sine wave component, and there
may be peaks corresponding to the hanmonies of a fundamental peak, mdicating a periodic signal
which is not simply siusoidal.

The power spectral density (PSD) ol the signal deseribes the power stored in the signal as a function of
frequency, or, better, per umit of frequency. Spectral power density is commonly expressed in watls
per hertz (W/Hz). In addition, the area under the curve is related to the actual signal strength over the
whole frequency or 1o a specified bandwidth.

When a signal is only defined in terms of voltage, for example, there is not an unique power associated
with the declared amplitude. In this case, "power” is simply calculated i terms of the square of the
signal, as power would always be proportional to the actual power delivered by that signal in a given
impedance,

Units of VZ/Hz for the PSD and V/Hz for the ESD (energy spectral density) are used even if no
"power" or "energy” is specified effective. Sometimes the spectral amplitude density (ASD), which
is the square root of the PSD., is encountered: the ASD of a voltage signal has units of V /vHz . This
is useful when the shape of the spectrum is rather constant, since the variations in the ASD will
therefore be proportional to the variations in the voltage level of the signal iself

Anyway, it is mathematically preferred to use the PSD becanse only in this case the area under the
curve is significant m tenms of actual power over the whole frequency or on a specified bandwidth.
The results of this analysis can be seen i Figure 10

Spectrum of PSD
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The PSD calculus can be difficult, but if a good statistical analysis i1s made before the frequency
analysis things can be done m an easter way. In fact the PSD can be oblained by PSD = 2 FFT(Rx)
where the 2 is used because the FFT algorithmm of a 2n-length vector produces a n-length output with
the half of the input energy.

For the fatigue estimation let’s consider stresses on a structural element; furthermore, let's assume
that stresses can be described as a stochastic, stationary and ergodic process X(1) with a mean value
of zero. Additionally, statistical propriety of X(t) is deduced using only one sufficiently long
measurement X(t): which is possible due to the ergodicity of the signal.

o
o
B
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In frequency domain, a stochastie process is desenibed by power spectral density (PSD), defined as
the Founer transform of the autocorrelation function, R [41,42]

Sye(@) =ij Ryx(7) €7 . dr (15)
Fr <1
where w represents the pulsation and:
T
Ryx = 1ym I X(t) X(t + r)dr (16)
oy

where Tis the period of signal and t is the time i which signal 1s observed.
Lastly, using Lutes’s function spectral moments can be calculated as follow:

o
Risi =j Jew|™ « Sy y(ew)dew (17)
-

where m € N represents the order of that spectral moment.
If a.1s the variance of X(t), oz1s the variance of X(t) and o is the variance of X(t)t), it could be
written that:

Ao = 0x?

Ay =0? (18)
Jl,._ =0 fz

Number of crossing of mean value represents also the zero crossmg in tune wut, because mn this case

it has been supposed px=0.

Accordmgly, to Lutes's works [43,44], vo (that represents how many tine the mean value is crossed

in one time unit and with a positive slope) can be caleulated as follow:

= X Az (19)
Yo = 3% Ao
Ina similar way it is possible to estimate how many maxinmm values are found in a period of tume:
vp = -}- :‘-4- (20)
2w |4,

In tlis paragraph the process is supposed to be ergodic, continuous, stationary stochastic with 0 as
mean value. Even if there are a lot of processes that can be described in the same way (wind, sea
wave, fraffic, ...,) there are some that doesn’t satisfy that hypothesis.[27]

6 Narrow band and broad band processes
Sometiumes it is necessary (o estimate if a process is a narrow band or broad band one. As known, a
narrow band process identifies a situation m which spectrum is concentrated around a few
frequencies; otherwise, a broad band one identifies a spectrum with a large amount of frequencies
imvolved. In few words: NB processes are signal that i time domain are made up of few harmonic
waves; BB processes, the opposite. [45]
Shape and geometrical features of PSD function can be used to solve this problem, First of all, a
geometrical propriety has to be calculated:
™

e, L

v Ao Ay
Here m € Q. but the most common value for n are 1 and 2. thus:

1

Ao 4y

a. (1)

a =

“T"
-

a; =

-
-
-

AB'A.‘,
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a are non-dimensional numbers, 0 € a, <1 and @,2 .1 (see Figure 11).

These parameters are useful to show if a process is a narrow band one. because in that case the two
parameters will be really close to 1. Instead, they will be close to 0 1f the process is a broad band
one,

Once A and a parameters have been calculated, a Gaussian PDF for maximum values in a time unit
(pe(X)) can be generated. Here Rice's function (1945) will be used:

X - 1294

Pp(X) = (—)—ae 2qf . (—) (z4)
" ¢ ax'\}l"ﬂzz = ¢ Oy * l-ﬂzz

where @) ) is the normal standard probability density function, that for a generic stochastic Gaussian

process x{r) can be written as
X

d(x) = Z:r[ e~tdt (24)
Lastly, the cun_lzlntive probability to find a :::mﬂmum 1 a pertod of time is given by:
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Figure 11 Probahility density function about relative maximum p,(X) when o, increases
For mimimum values, the symmetry between max and min has to be considered, so pi(X) = pp(—X)
and:

Pv(X)—¢( o )+ne_% 1 ¢.( Il )

¥= Ux'qfl"azz dx"‘l—azz

Accordingly, to Lutes' works, for a narrow band process where ay=a:=1 the PDF and the cumulative

probability are equal to a Ravleigh density function onto a generic stochastic Gaussian x(f) process:
2

(26)

x _Xx
r(x):a-e 20% (11)
x:
R(x)=1-e 2% el

where x € R”, r(x) is the Rayleigh probability and R(x) 1s the cumulative probability density function.
Lastly, with references to Figure 11, 1t has to be noticed that a narrow band process has only positive
maximun values, while a broad band could have positive and negative maximum values.
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Fatigue damage
If the lustory load has a vanable amphitude, it 15 mandatory to define a method i order to count the
right number of cycles. This method, or cnitenon, has to group and order maximum and minimum
value m the history load. creating a sort of new history load describable with packages of eyeles.
Especially, every group of cycles has the same amplitude s and the same mean vahie m. 1fu 1s the
number ofrelative maximum and v that of the minimumn, these two relations can be wntten:

u—-—v

2
u+v

s =

(2

{3

m=

The mam problem with estimation of the fatigue strength is to define an appropnate PDF function
for the X(t) process.

In fact, a correct value n fatigue resistance is sinctly linked to the PDF chosen.

A good PDF i1s the combined PDF hu, v). whose cumulative probability 1s:

H(u,v) = fl:ﬁh(x, y)dxdy (3)

=00

which expresses the probability to have a cyele with a relative max minor of v and a min minor of v
Changing vanables it is possible to obtain the PDF as a function of s and m:

Pam(s.m) =2h{m + 5,m = 5) (32)

In that case the PDF of the cycle mmplitude 1s given by the marginal probability of the power
spectrum density (marginal PDF of PSD):

Pa(s) = I Pam(s, mydm (23)

Once the ma_%mal PSD (pa(s)) 1s known, the damaging can be calculated mvoking Palmgren-Miner’s
law:

E[D]=vn-£‘"]ms"-p¢(s)ds (M)

0

where E [D] is the probabilistic damage, v, 15 the number of cycles m the tune unit, K and C are
Waohler's parameters for a S-N curve when the stress is symmetric and altemated (thus, S N* = ()
The pa(s) function (1.¢. the marginal PDF of PSD) depends on the method used to count eyeles in the
onginal history load. Commonly, four differemt methods could be found m scientific literature:

+  Peak Counting (PC)

+ Level Crossing Counting (LCC)

+  Range Counting (RC)

« Ramflow Counting (RFC)
Anyway, Rainflow Counting 1s nowadays the better way to summarize a complex history load. so,
with references to Dowling works, the previous ( 34 )can be transfonmed as follow:

=]
E[Dml = vﬂ'(.'"[ Sk'ngc(S)dS (3L
o

Some spectral verification laws are presented. Their use i1s common when fatigue resistance has to be
proved for metallic structural components.
7  Narrow Band (NB)
If process is Nanm:z—Baud-type (i.e. al=a2=1) the pp(s) is Rayleigh like:
&

s
= i Y (36)
Pp(s) oze
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f",,l(.if;‘):l-e-33—“’:‘"T (37)
In thus kind of process the damage 1s:

k
E[Dm;j=vn'C"-(\JZA.,I-I‘(1+E) (38)

where I'( ) 1 5 the Euler gamma function: I'(1 + n) = n!

If a Broad Band signal would be freated as a Narrow Band signal with the NB method, the damage
caleulated will be equal to a NB signal with vanance of ks. The NB method usnally give a bigger
damage if compared to RFC method, even if this is an error that is in favour of security, it 1s important
to know that the damage calculated is not a proper damage.

Some authors have proposed to change the NB formula using coetficients that could make the damage
more linked to real phenomena, The most famous one is the Wrishing-Light method:

EIDE";«% = pwiE[ Dyl (39)

Where pwa 15 the Wrishing-Light coefTicient, and it depends only on spectral moments Ao, L and Aby
> parameter

pwe = alk) + [1=a(k)]- (1 -£)?®

= ’1—a§

a(k) = 0926 - 0.033: k

b(k) = 1.587 -k — 2.323

where k 1s determined from S N curve: S*N = C.
Notice that for a Narrow Band process a: = 1, s0 € = 0 and pwr = 1, as expected if narrow band
phenomenon were treated with NB method.
8  Fatigue damage calculation
Fust of all, spectral moments have to be calculated. ( 17 )ean be used.
The spectral moment method has advantages. The analysis needs only the first-order and the second-
order moment calculations of the energy spectia and the method does not require the knowledge of the
power-law behavior (spectral index) or even a shape of the spectrum.
Basically the zeroth moment is the area under any spectral curve. The first moment gives a weight to
higher frequencies and it 1s like a center of gravity/mean value. The second moment gives mformation
aboul the vanance of a frequency 1l compared to the center of gravity value. Lastly, the third and the
fourth moments give mformation on skewness (1.e. the asymmetry of the process) and on kurtosis {i.c.
how much the process 1s far from a Gaussian process) of the process.
Moments can be normalized if they are divided by the zeroth moment. Iif a moment is normalized it
15 usually writlen as my, otherwise as 4.
In this process;

*  Jp=377.47221is the zeroth spectral moment;

+  41=1107.7 1s the furst spectral moment;

«  /2=14533 s the third spectral moment;

+  A3=3.695 10° is the third spectral moment;

*  A4=10615- 107 is the fourth spectral moment;
Using those parameters three useful quantities can be estimated:

L)

Wy = é ;—: = 0.9875 1s the probabilistic number of zero erossing in a period of time;

W, = L %: = 43014 1s the probabilistic mumber of peak values in the time unit.

2
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sLastly, IF = ‘5;% = (.22961s the wregularity factor, that shows how much the process 1s not regular
in the time unit.

One of the hypotheses in Narrow-Band method is to have an IF approximately next to 1. In the studied
case, IF 15 really far from a umt value, but a Narrow Band calculation will still be made. Obviously,
useless and not-realistic

results could be expected.

Accordingly. to ( 38 ) which is the one for the Narow Band damage E[Dyn]= 1.9394 10" and
assuming 1 as a rupture linut, with NB life calculation 5.1563 10° cycles should be done to reach the
rupture fimit.

Remembering this is far too safe way to estimate a non-Narrow band damage so let’s correct this
value using Wrishing-Light coefficient, pwr that is equal to 0.8085, so the Wrishing-Light damage is
13680 10°7° that gives 6:3774 10” cycles unnil mpture.

9 Oritz method

Like Wrishing-Light method, Oritz [20] studied a coefficient that could comect NB results. First of
all, he considered

Waohler's parameters ( S N* = C) and he defined h = 2 k. Then we calculate:

l‘z . J]h
Ao Apsy

which is the coefficient used to comrect Narrow-Band damage. Thus, Dose = pwr. DNB = 1:2005 10
1% which gives 8:33 10° cycles until mpture,

= 0.6190 (41)

Po=

10 Dirlik method

In 1985 Dirhk [3] tnied to bmld a new approach to fatigue frequency analysis. He succeeded m
approximating the pzrc(s) (1e. the PSD of the amplitude of the considered cycles) using an
exponential PDF and two Rayleigh PDF. His results are stored from ( 42 ) to ( 52 Jformulas:

1
Pric(s) =—==Ip+ ¥+l (42)
Vo
Dy .2
=F—9 7 (43)
D,z _ 2
¢,_Fe ﬁ;! (44)
x=D3Z:e 2 (45)
L
2:-—\{:{_—- (46)
a
D -—3—2-(“.'"-‘“3} (48)
1T 1+af
o 7
Dz=-l—-—‘31—7%-+—u—‘» ()
Dszl-Dl_Bz (50 )
o —D?
R: az 'r"‘l Dl (51}

L E——
l"'az"'Dl“"Dl
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1.25 . (ﬂg oy D3 _Dz o R)
0= D (51)
1
This model gives a prec{s) which depends on four spectral moments; in fact. and it 1s different from
Wrishing-Light method: now A comes into the previous formulas too. Invoking ( 53 ), that it has
already been used to obtamn damages from pgrc(s), Dirlik damage can be estimated (see ( 54 )).

E[DRFCI = V' C3s J‘ sk- pmfc{s)ds (53)
]

EIDRK) = 22" - [b,- @5 T+ 1) + (V) -1 1 +g~)-(sz|mk +Dy) (s4)

Many studies show that Dirlik method is the best to calculate fatigne damage.

Accordingly to Dirlik, damage 1s 7.3305 107" on a maximum amount of 1,

Thus, 1.3642 1017 cycles can be made,

Notice that even if Dirlik method is the best one, it only works for Gaussian-defined processes.

We can show now a table (see Figure 12) with a resume the damage computed for each method:

TIME DOMAIN FREQUENCY DOMAIN
Mumner Hanshin Rotemn Narow Band ~ Wnishing-Light Ontz Dirlik
Dmg. [%] | 1054107 6.323:10°° 1.939-1 0710 1.568-107% 1200107 73301078
Cycles [N] 94°838 158" 149 5.156310° 6.3774°10° §.3310° 1.3642 108

Figuie 12 R o of resalis

Obviously. something must have gone wrong in frequency domain as the table 1 shows a difference
of five orders of magnitude (even thirteen for Dirlik). Tlis discrepancy cannot be caused by the
software used (Matlab is the most reliable). Even the algonthms and matenal data used are cormrect.
Books quoted m bibhography contams the mathematical demonstration of methods used and
umplemented in this paper,

11 EFFECT OF THE ASSUMPTIONS:

Until now, the process has been supposed to have a Gaussian-standard data-set. Is this a good
hypothesis? A good way to venfy the goodness of the approximation is to use the descriptive
statistics. By computation of particular statistical parameters, the degree of adherence of a certam
hypothesis (1.e. the Gaussian one) towards the problem under examination can be estimated.

A Iistogram s a plot that consists of columns, whose height 18 linked to the number of repetitions of
a particular event. Chosen the casual variable on which the statistic will be made (in our case, the
stress’s range @), the maximum and the minimum o are searched. Then an approximation is chosen
as app = Opay — Omin/Mumber, where the denominator is decided by the user on basis of the user’s
own preferences.

The second step 1s 1o create classes: they will be in a number of munbers, in a wide of app, with a
starting value of app-n (where n € [ 1; munber -1]), with a center-value of app-(n + 0:5) (where ne [1;
number -1]) and with an ending value of app-(n+ 1) , where n € [1; number -1].

For each class it 1s necessary to count how many times an event 18 found m the data-set and what 1s
the probability of finding that event. Lastly, a rectangle with an area proportional to the probability
has to be built and plotted

Sometimes a more powerful tool 1s used m order 1o show if data are wuly distnbuted as a Standard
Nommal distribution. First of all, mean value and standard deviation are calculated from the data; then,
using a software like Excel (or Mathcad, or Matlab, ...) we can calculate:

o First column: the data examined;
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« Second colmmn: how much 1s the probability to find the data in the first colunm if the data is
distributed as a Gaussian distribution;

o Third column: the real probability to find the data in first colummn;

* Fourth column: the cummlate probability of the second column;

» Fifth column: the cumulate probability of the second column;

Now two plots may be created:

o The real probability and the Gaussian probability versus the data examined (ie. Second
column vs. first column plus third column vs. first columm);

* The real cumulative probability and the cumulative Gaussian probability versus the data
examuned (1.¢. Fourth column vs. first column plus fifth column vs. first column),

Now a control chart (called graph of Normal probability) can be generated. An mteresting propriety
of a Gaussian dataset is that a straight line can be generated 1f it 1s plotted m a particular way:
* On abscissas the data examined (in this case, the stress value g);
e On Y axis, the z value that respect the equation ®(z) = Fx{a), where Fx(o) is the cumulative
Gaussian probability and @(z) 1s the Gaussian normalized distnibution,

If data are truly Gaussian, they lay onto a straight line characterized by an angular coefficient m =
1/0q and a G = j/6gq4. thus t(g) = m - & + gis the straight line searched.

Lastly, 1f data seems to be not so different form the Gaussian straight line, a regression line can be
estimated, whose m and ¢ will be the new mean and standard deviaton of a new (and more adberent)
Gaussian curve. (Obviously it will be: gy = 1/m and p = q/m).

Once the input signal has been statistically analysed, the real frequency domain analysis can start.

In statistics, a Q-Q7 plot is a probability plot, which is a graphical method to compare two probability
distributions by plotting their quantiles against each other.

First, the set of intervals for the quantiles is chosen. A point (x, ¥) on the plot corresponds to one of
the quanules of the second distribution (y-coordinate) plotted against the same quantile of the first
distribution (x-coordinate). Thus, the line 1s a parametric curve with the parameter which is the
number of the interval for the quantile.
The main step in constructing a Q-Q plot is calculating or estimating the quantiles to be plotted. If
one or both of the axes i a Q-Q plot 1s based on a theorencal distribution with a contiuous
cumulative distribution function (CDF), all quantiles are uniquely defined and can be obtaned by
mverting the CDF. If a theoretical probability distribution with a discontinuous CDF 1s one of the two
distributions being compared and some of the guantiles may not be define an interpolated quantile
may be plotted. If the Q-Q plot is based on data, there are mmltiple quantile estimators in use. Rules
for forming Q-Q plots when quantiles must be estimated or interpolated are called plotting positions.
A simple case is where one has two data sets of the same size. In that case. to make the Q-Q plot. one
orders each set in increasing order, then pairs them off and plots the comesponding values. A more
complicated construction is the case where two data sets of different sizes are bemg compared. To
construct the Q-Q plot in this case, it is necessary to use an interpolated quantile estimate so that
quantiles corresponding to the same underlying probability can be constructed.

e If the two distributions being compared are similar, the points in the Q-Q plot will

approximately lic on the line y = x.
» If the distributions are linearly related, the points in the Q-Q plot will approximately lie on a
line, but not necessarily on the line y = x.

-9
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A Q-Q plot 1s used to compare the shapes of distnbutions, providing a graphical view of how
properties such as location, scale, and skewness are sinmlar or different i the two distnibutions. Q-Q
plots can be used to compare collections of data, or theoretical distributions.

Q-Q plots are comumonly used to compare a data set to a theoretical model, because they can provide
an assessment of "goodness of fit” that 1s graphical, rather than reducing to a numencal summary,
As shown m Figure 13, data provided are not Gaussian. Furthermore, the less a value 1s, the more it
1s near to Gaussian line: this means that these values that causes fatigue damage are the biggest, and
here they are all under the Gaussian (so, they will be neglected). Another discrepancy in usmg a
Normal distribution can be seen if the PDF plot 1s zoomed in the lugh siress zone (Figure 14). In fact,
the normal distnibution is almost 0 over SOMPa, but the real PDF function 1s above the Gauss one.
This mean that stress with value over then 50MPa are neglected, but they are the most dangerous!

Blue line in Figure 13 only depends on mean and vanance of Gaussian. In facts, 11s parameters are
calculated as!

m=-
’ I

fl=‘m'ﬂ"—"; (55)
Someone could try to approximate the real distnbution using a linear regression. If this way s
followed, the result will be a new straight line (the black one in the graph) with an m and a ¢ that will
be linked to mean and variance of a new Gaussian curve. Lastly, this new Gaussian can be built as N
(=q/m,1/m). Results are provided m Figure 14 and they show that even in this case, the Ganssian
curve isn’t a good choice for the given data-set.
To prove this pomt, the probability of finding a stress value between 50 and 150 MPa will be
calculated. Using the nonnal distribution this probability 18 1:36 1074, instead with the real PDF
this probability 1s 0:011. The difference i this probability 1s the cause of the huge difference between
the orders of magnitude in the results presented i table 1: neglecting all those stress value cause the
big underestimation of the damage.
As presented in the previous section, the normal distnbution is the most umportant cause of the failure
of frequency analysis.
For every critenia used in this section will be described what has influenced the results.
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Figure 13 §-Q plot for the input dats-set and its regression curve
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Narrow Band, Wrishing-Light and Oritz are incorrect because of the two hypotheses of Normal
distribution and IF = 1. In fact, as it can be seen in the previous section, stress distribution is not a
normal one. Moreover, the irregulanty factor 18 0.2 which has made the Namow Band criterion
incorrect. However, approximating to | the IF 1s a “safety mistake” because the damage oblamed is
bigger than the real one. Wnshing-Light and Onitz use the Narrow Band damage as a starting point
to find the damage, so even these two criteria are mcorrect.

Dirlik criteria could be used only if the distribution 1s a normal one. Moreover. Dirlik method neglects
the effect of the meaning stress. Furthermore, in this algonthm the PDF fimction can be found in an
exponential equation, so the errors propagation is exponential (in fact, as it can be seen in table 1,
there 1s a difference of thirteen orders of magmmde). This 1s a good method to use only under
particular circumstances. It canmot be used i general analysis of damage,

In case of non-Gaussian loading stories, it is possible to identify three macro-areas that eliminate the
normality of probability distribution:

« an external non-Gaussian excitation;

+ anon-Gaussian response of the structure;

« anon-linear and Gaussin conduct of the materal considered.
The study of these phenomena is particularly tuportant because, as it has been previously shown i
this work. if a pon-Gaussian load history 1s treated m a Gaussian way, the calculated damage results
muich less than the one which would be generated m reality. In order to eliminate this too conservative
estumate, 1t 1s useful to define the parameters of kurtosis and skewness, which can be obtamed from
the spectral moments of 3wand 4morder by ( 17 ).
Among the major researchers of non-Gaussian random fatigue, Braccest’s work 1s particularly
important, as it calculates a coefficient to be multiphied to Gaussian damage 1o make 1t non-Gaussian,
Let kabe the kurtosis and s« be the skewness.

First of all, if {i: :3 the process is Gaussian. Otherwise. let ko be the inverse negative slope of
Basquin equation. Then a coefficient named AnG can be written in a closed form as follow:

= )
Thus, if DG 1s the calculated Gaussian damage and Dy 1s the non Gaussian one.

Dpg = Ang * Dg (87)
For the process considered in this article, k.= 11:03 and s, = 1:42, so A, = 60:93.
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1f a Narrow band process is supposed, the NB damage would be 1:9394 107°. Otherwise, the process
is mot a narrow band one, so Oritz correction should be applied; a 1:2005 10'° damage will be
expected, Lastly, the process is not Gaussian, so the real damage would becomne 7:3147 1019

The latter 1s a better result (because it 1s closer to the exact time-domain result), but lot of researches
should be already done on this problem because the correction is oo naccurate.

12 CONCLUSION

In the last years, the study of random fatigue has been developed in a more efficient and precise way,
also thanks to the power of computers. Random fatigue processes i frequency domain are faster and
easier to study than time domain, because no counting methods are needed. In fact, in frequency
domain, these methods are already included in formulas used to calculate the damage (38 for example,
which contain m itself the Rainflow counting method). However. frequency domain methods have
some strong hypothesis to venfy.

Implementng this method could be an advantage for industries as additional software are not needed
to process data. Tmplementing a Rainflow algonthm for tune domain methods i Excel is very hard,
mnstead a frequency analysis can be done with the same software because the calculation of FFT is
the only complex mathematical operation required for this type of studies.

For example, to develop all the algonthm necessary to calculate the damage in time and frequency
domain, Matlab has been used. This software requires more time to compute the time algorithm than
the frequency one (about more than 4 times). Moreover, if a frequency algonthm is used, Matlab
becomes useless becanse even Excel is capable of doing all the operations required.

On the other hand, a lot of attention is requared m frequency analysis. A lot of restrictive hypothesis
are made with this method. There are lots of random solicitations that have zero mean value and a
Gaussian PDF (like wind, vibrations, etc..) but not all of mechanical components can be studied with
this formulation. A wheel is a very common components and, in this work, the most commeon load
history (“on road” situation) has been processed. This article 1s proof that a common load history (like
the on road one) does not respect the hypothesis of Gaussianity. For this reason, corrective
coefficients attested in scientific mbliography have been applied.

This paper proves that the coefficients presented in Bibliography ([1]) are a strong correction (abowt
60.93 times more) but this 1s not enough. Using a Gaussian distribution for a PDF when the real
distribution is a leptokurtic

one 1s not a safe approximation. It has been proved that cutting all the high values of stress with a
Gaussian distribution produces a very low damage. Even if the Ass 15 usually a good mprovement
for the results, in this situation it 15 not able to comect the data,

14
-/
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13 FUTURE DEVELOPMENTS

Thas article 1s the proof that a lot of experimentation and theoretical research must be done. The
following steps are planned in order to give a more complete solution of fatigue analysis in frequency
domain,

1. To mprove the theory, the acquisition of more load histories 1s necessary. This article is only a
starfing point that is used to apply some methods coming from the literature to a real component In
this application has been proved a behaviour that doesn’t fit with the expected data, This different
behaviour has been explamned and the solution is 1o improve the corrective coefficient, A good way
to do so 1s lo program a test matrix on different components under some different real history loads,
It will be helpful to understand how to correct the current fonnulas.

2 For guving results close to reality mechanical 1ests on the wheel are needed. A better charactenzation
will be obtained with a tensile test on the component. In fact, even if the wheel 1s made i S355, its
proprieties are different from a generic $355 specimen. This happens because the matenal is bent and
welded. Yielding value, ultunate tensile strength and elastic modulus are necessary for the analysis,
Even a Wohler curve 1s needed to obtam all the values that belong to the caleulation of the damage,
3 After the wheel's characterization, it 1s necessary lo execute the analysis in time and frequency
domain for all the load histories. Seeing the difference between the two tyvpes of analysis is
indispensable to study the effect of the non-Gaussianity contribute; after that. a better approximation
of the coefTicient AnG could be obtaned experimentally,

4 At lasl, a verification of goodness of the models (time and frequency) is planned. It is strongly
suggested to apply the same load histonies to the wheel obtaining the real damage with on field
measurement,
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9. STUDY OF AN INDUSTRIAL RIM FA APPROACH
The present part of the work aims to study the fatigue life of a wheel rim for earth-

moving vehicles through numerical finite element analyses. The study stems from the need of
the GKN Wheels company to deepen the analysis of some breaks occurred along the radius of
the fixed flange of the rim under study, named with the code 32519065. This rim’s design has
undergone a reduction in thickness from 11 mm to 9 mm in 2015. The thickest product was
distributed in 105.000 pieces from 2012 to 2017 without showing any type of failure; the new
product was initially sold in 68.000 units from 2012 and 2014 without presenting any
problems. From 2015 the first fractures were found, which were equal to 58 until 2017 on a
total volume of 23.500 rims supplied between 2015 and 2017. The study starts from the desire
to be able to discover the influence of different parameters on the fatigue life of the rim. In
particular, the following factors can be distinguished: tire inflation pressure, radial load and
type of tire. In reality, other aspects could also be considered such as: the operating
temperature, the variation in inflation pressure with the temperature and many others that
are left to any future developments. Inflation pressure and radial load are redistributed on the
flanges with different pressure conditions on the rim surface. The study started with the
analysis of results obtained in static laboratory tests carried out on wheel rolling test
machines. From these, a model of redistribution of the loads on the fixed flange, the critical
area where the breaks were detected, was developed. This study was done first with just the
inflation test, then also adding a radial load, considering two different types of tire: radial and
bias. In particular, different load conditions have been studied in the finite element model in
order to reproduce the results obtained in the laboratory as faithfully as possible. From the
static results it was possible to proceed with the fatigue study. This saw a first part related to
the choice of material and the fatigue curve and a second part related to the fatigue
simulations performed with SolidWorks Simulation. At the end, there is a comparison between
the different load conditions considered. The final comparison made it possible to give a first
estimate of how much each factor affects the analysis results and how much the model
developed from the data obtained in the laboratory can be used to have information on the
fatigue life of the wheel rim. The principles described for the past works are used also in this

one. Some recall will be presented in the following chapters.
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9.1.Field tests
9.1.1. Testdescription
The field tests were held in China, in the “LiuGong Test Area”, and a wheel loader called
“Liugong Wheel Loader GL850H” was used as a vehicle. A “Armour 23.5-25 16 PR L-3” tire with
a diagonal configuration (bias) and an inflation pressure of 3,2 bar was mounted on the rim.

Tyre side gauge
position - TS

preT T
&

rl,,' 7A

" E ‘o -

Outer side gauge I
position - OF |
I | |

TS1 [ 182 | 1S3 | 154 | 1S5 | 188 | TSP | 158
OF1 OF3 | OF5 OF7

Figure 105 Strain gauge position on the rim during field tests.

The front-right rim has been instrumented with strain gauges of the type “HBM
uniaxial grid 3500Q”, which are uniaxial strain gauges with resistance of 350 Q. These were
placed near the removable flange in symmetrical positions, as shown in Figure 105. In total,
the strain gauges positioned were 8 on the external side (pneumatic side) and 4 on the internal
side of the wheel. These were then connected to a data acquisition unit of the “Edaq lite 4
channels” type. The field test is composed by different tests (Table 11):

Test Description Load type Note

1 Rehandling Stones

. . . Slow movement with variation
Circular motion without :
2 None of the radius of curvature
load .
(small-medium)

20 km/h speed, medium radius

3 Circular motion with load 5 tons standard load
of curvature
4 Figure of 8 5 tons standard load
External circuit with
2 braking at the first corner e
6 Off-road 5 tons standard load
Changed the connection of
7 Figure of 8 3 tons standard load strain gauges, added an
external strain gauge

8 Oval off-road 5 tons standard load

9 Circular motion with Stones

stones

10 Figure of 8 with stones Stones

11 Deflation from 3,2 bar None

Table 11 Descriptive table of field tests.
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Figure 106 Images relating to the tests described in Figure 3.3.2

It can be seen from the table (Figure 106) how the types of tests are different in order
to ensure that data on operations in different load conditions can be collected and the

multiple conditions of use that can be found in reality are exhausted.
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The strain gauges used in the various tests are reported in the table (Table 12):

Test Description Chl Ch2 Ch3 Ch4
1 REHANDLING 783 7S5 752 TS7
5 CIRCULAR MOTION WITHOUT LOAD — 783 S5 ) 76

different radii of curvature
3 CIRCULAR MOTIOF\{ W!THLOAD_— 5 ton—20 753 S5 7S2 56
km/h — medium curve radius
4 FIGURE OF 8 LADEN — 5 ton — 20 km/h 783 7S5 752 7S6
EXTERNAL CIRCUIT WITH BRAKING AT THE
’ FIRST CURVE LADEN 153185 152 156
6 OFF-ROAD LADEN 783 7S5 752 7S6
7 FIGURE OF 8 LADEN - with an OF strain
8
9

gauge (on the inside of the wheel) e 0 e OFd

OVAL OFF-ROAD LADEN 183 TS5 rs2 OF5

CIRCULAR MOTION WITH STONES 753 TS5 rs2 OF'5

10 FIGURE OF 8 WITH STONES 753 TS5 152 OF5
F DEFLATION FROM 3,2 bar 753 785 152 OF5

Table 12 Strain gauge channel table for each field test.

There are two different positions of the strain gauges: TS (Tyre Side), i.e. external
position of the wheel (on the tire side), e OF (Outside of Flange), i.e. internal position of the
wheel. The channels remain almost unchanged, with the exception of the fourth channel. In
fact, in the first test there is a breakdown of TF7, which is replaced by TF6. The latter is
replaced starting from test 7 with an OF strain gauge, in order to have information on the
inside of the wheel.

9.1.2. Laboratory tests
The laboratory tests were carried out in the Woodridge (United States) laboratory by
GKN technicians. In this structure, the wheel has been subjected to rolling test with radial load.

The rim has undergone several tests with the use of both radial and bias tires. In order
to detect the stresses on the flange, strain gauges of the HBM LY11-3/350 model were applied
(Figure 107):

- Characteristic Quantity
. Temperature range [°C| From -200 to 200
I ' Temperature range (self-compensation) From -10to 120
N (il /4 - °c
- ER Grid length a [mm] 3
L J Grid width b [mm] 1,6
Stand length ¢ [mm/ 4.5
-t Stand width d [mm] 4,5
Measuring grid material Constantan
Grate support material Polyamide

Figure 107 HBM LY11-3/350 strain gauge and table of its technical characteristics
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Seat radius

These were placed on the radius of the

flange, which is the most stressed area. In

o particular, the positioning was carried out

= - starting from the centre of the beam (F2, F5,
Lo D2, D4) and then the adjacent strain gauges
SR were placed as a continuation based on the size

of the grid (Figure 108).

At the end, the following configuration
i Sa.s ? is obtained (Figure 109) where the strain
- gauges indicated with F refer to the fixed flange
and those with D to the detachable flange. The

Figure 108 Representation of the methodology for  test sequence was the following for each type
arranging the strain gauges on the radius of the

. " Al Ui

flange being studied. of tire:
_ e application of the strain gauges
il e N\ as shown in Figure 108 on the
\ F1,F4, D1 -
\ seat radius surface both on the
F2,F5,D2,D4 removable flange side and on
F3,F6,D3 the fixed flange one;

e strain gauges connection to the
SOMAT E-DAQ Lite acquisition
unit;

e strain gauges reset;

Figure 109 Qualitative representation of the positions of the strain
gauges along the radius of the flange.

¢ inflation of the tire with detection of deformation measurements given by the
strain gauges;

e application of stepped loads and detection of strain gauge data;
o deflation of the tire and verification of zero setting of the strain gauges.

This procedure was repeated for four pressure values: 2 bar, 4 bar, 6 bar and 8 bar, in
order to detect a possible connection between the breakages that occurred during operation
and the tire inflation pressure. The technicians started from the highest-pressure value and
applied five different radial loads, respectively of 5.000 kg, 7.500 kg, 10.000 kg, 12.500 kg and
15.100 kg, up to the test with 2 bar where the test was concluded with a maximum applied
load of 12.500 kg.

9.1.3. Laboratory data analysis
The tests were carried out following the procedure indicated in the previous
paragraph, even if the strain gauges data in positions F1 and F2 were lost due to malfunctions
of the same during the test. The remaining data were grouped into graphs for the comparison
and variation of the loads by dividing the results according to the type of tire: radial (Figure
110; Figure 111) or bias (Figure 112; Figure 113):

160



250

200

150

100

Stress [MPa]

50

350
300
250
200
150

Stress [MPa]

100
50

450
400
350
300
250
200
150
100

Stress [MPa]

550
500
450
400
350
300
250
200
150

Stress [MPa]

Results for 2 bar inflation pressure - radial tire - fixed flange

—e— Inflation
—a— 5000 kg
—=— 7500 kg
—e— 10000 kg
—e— 12500 kg

Fa F5 F6

Results for 4 bar inflation pressure - radial tire - fixed flange

Strain gauges

—e— Inflation
—=— 5000 kg
—e— 7500 kg
~e— 10000 kg
—e— 12500 kg
—o— 15100 kg

Fa F5 F6  Strain gauges

Results for 6 bar inflation pressure - radial tire - fixed flange

—eo— [nflation
—=— 5000 kg
—e— 7500 kg
~—=— 10000 kg
—e— 12500 kg
—e— 15100 kg

F4 F5 F6

Results for 8 bar inflation pressure - radial tire - fixed flange

Strain gauges

—— Inflation
—=— 5000 kg
~—=— 7500 kg
~—=— 10000 kg
—e— 12500 kg
—e— 15100 kg

F4 F5 F6

Strain gauges

Figure 110 Graphs of the maximum values detected by the strain gauges on the fixed flange when using the radial tire
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Figure 111 Graphs of the max values detected by the strain gauges on the removable flange when using the radial tire.
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Figure 112 Graphs of the maximum values detected by the strain gauges on the fixed flange when using the bias tire.
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Figure 113 Graphs of the max values detected by the strain gauges on the removable flange when using the bias tire.
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The linear decrease does not entail an equal trend in stress, as evidenced by the fact
that the spacing between the curves of the graphs does not remain constant. The same
behaviour is observed by keeping the inflation pressure constant and by changing the radial
load, especially with heavy weights. Furthermore, from the comparison between the uses of
a radial and a bias tire, it is possible to notice how the stresses of the strain gauges F5 and F6
are greater in the radial case than in the inflation tests. By keeping the pressure constant and
increasing the radial load, it is possible to identify how the bias tire transfers a greater load to
the flange, in particular to the fixed component. The latter is of particular importance, as it is
the area where the breakages were found in operation. With reference to the fixed flange, it
is noted that the radial tire stresses the position F6, while the bias stresses the position F5,
demonstrating a different distribution of loads due to the configuration of the tire mounted

on the rim.

9.2.Static study of the rim
9.2.1. Introduction

In this chapter, the static study carried out on the rim will be presented; the analysis
focuses on the fixed flange, since it is the most critical part of the component. In fact, the
highest stress as well as the failures of the component have been recorded in the seat radius
area next to the fixed flange, as explained in Chapter 9.1. For this reason, even if the strain
gauges used during the tests in Woodridge were placed on both the flanges of the rim, only
the fixed flange data were analysed. The analysis was done with the SolidWorks Simulation
function. As previously stated, the SolidWorks Fatigue Analysis functions work by processing
the results of a static analysis, so the main aim of the static study was actually to reproduce
within the simulation space stress distributions the most similar to the experimental ones so
they could be processed in the fatigue simulations. From literature, the confirmation that
many FE softwares, such as ANSYS, need a static stress distribution in order to perform fatigue
analyses was found [19]. Moreover, regardless of the type analysis meant to perform, static
simulations are always executed on the tire model as a preliminary evaluation of the load
capacity of the component as well as the mesh refinement needed [20]. However, this study
also allowed us to deepen our knowledge of the forces exchanged between tire and rim flange.
In this chapter, the experimental data, the rim 3D model, the constraint and load conditions
will be described. Every FE test performed has been compared to the experimental results in
order to improve the finite elements model and to obtain the most accurate fatigue analysis
possible. Following the results of experimental tests, the FE simulations have been divided
into inflation simulations and both inflation and radial load simulations. In the first set of tests,
the contact pressure on the flange due to inflation only has been evaluated, while both the
effects of inflation and radial load on the pressure distribution have been studied in the second

set of tests.
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9.2.2. Inflation tests
92.2.1. Experimental data
In this section, the results of the experimental inflation tests are presented. They were

needed to develop and verify the models of interaction between tire and rim; they have

already been discussed (Table 12):

INFLATION EXPERIMENTAL DATA

201 Radial Tire_Inflation Runli

Inflation P STRESS [MPa]
F1 F2 F3 F4 F5 Fe D1 D2 D3 D4
2 bar Lost Lost 37,3 36,0 109,8 145,7 47,0 54,7 54,2 87,4
4 bar Lost Lost 107,0 84,5 205,5 225,9 105,7 116,9 121,4 178,6
6 bar Lost Lost 178,6 135,1 296,5 304,0 177,1 193,3 196,0 274,0
8 bar Lost Lost 250,2 185,9 384,6 381,2 250,6 275,3 274,8 371,7

104_Bias_Tire_Inflation_Run4_ReCal_Repair

Inflation P STRESS [MPa]
F1 F2 F3 F4 F5 F& D1 D2 D3 D4
2 bar Lost 55,5 32,6 33,9 56,6 103,4 32,9 33,1 11,3 96,6
4 bar Lost 150,3 120,9 88,1 181,7 188,3 111,9 118,3 106,9 223,2
6 bar Lost 245,5 211,9 144,4 286,7 275,3 200,3 211,5 200,8 337,2
8 bar Lost 347,3 310,0 202,9 391,0 367,5 296,6 311,4 304,9 456,5

Table 12 Experimental results from Woodridge laboratory tests.

As shown in the tables, F1 and F2 strain gauges data were lost during the test of the
radial tire, so these two sets have been excluded from the analysis of the bias tire as well. The
inflation pressure was increased linearly in the different tests; as can be noticed in Figure 114,
the seat radius stress increases linearly as well, even though with different slopes depending

on the seat radius areas.
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Figure 114 Stress — pressure trend from the experimental results. As visible, the increase of the radius stress is linear
for all the areas studied. The stress pressure ratio, however, changes depending on the radius area.

92.2.2. Stress component considered
The strain gauges used during the tests are uniaxial gauges, so the stress measured is

uniaxial as well. In particular, the component of the stress measured by the gauges is parallel
to the surface of the rim and contained into the y-z plan as shown in Figure 115:

Figure 115 Reference system applied to the rim 3D model
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SolidWorks Simulation does not allow extrapolating the values of the stress resulted
from an analysis along a generic direction, but it gives the results of the stress parallel to the
fixed reference system only and a few other stress definitions such as Von Mises stress and
maximum main stress called P1. As a result, it was not possible to extrapolate from the analysis
the stress parallel to the surface; it had to be used instead a different definition of stress as an
approximation. In order to choose the best stress definition to approximate the surface
parallel stress, a specific study on the fixed flange with the following settings and properties

was carried out (Figure 116):

MATERIAL

Property Value um
Elastic module (E) 200.000 MPa

Poisson coeff. (v) 0,29 MPa

MESH

Nodes number 78.909

Elements number 38.923

CONDITION TYPE APPLICATION AREA VALUE UDM
Constraint Fixed Drilled disc for axle shaft coupling / /
Load Pressure  External rim surface (tire side), bead seat included 0,2 MPa
Load* Pressure* Radial surface of both the fixed and detachable flanges 4,96 MPa
Load Pressure  Seat radius of both fixed and detachable flanges 0,2 MPa
DATA FOR THE CALCULUS OF *
Tire Radius 806 mm

Rim Flange radius 326,21 mm
Rim Flange height 16,79 mm

Pressure Inflation 2,00 bar

Figure 116 Simulation parameters applied in the FE model for the comparison among the different definitions of stress.
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The mesh has been thickened in the flange area in order to get more reliable results

(Figure 117):

o W TR,
R e T

at

Figure 117 Mesh used for the study on the stress definition comparison.
A linear reference system centred at the end of the flange has been set (Figure 118):

Flange local refernce system

0 5

41,2 mm

[ \ 715 mm

o

Figure 118 Linear referenﬁe system centred on the edge of the flange. The extremes of the study domain are also shown,

The analysis with the setting shown above has been carried out; the results obtained
by defining the stress with Von Mises, with the main stress P1 and with the uniaxial stress
have been compared in order to evaluate the best approximation. For the latter case, the
study has been more complex, as the uniaxial stress parallel to the component surface cannot

be automatically obtained from the software.
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In fact, the SolidWorks Simulation function only allows extrapolating stresses parallel
to geometrical objects like axes. For this reason, separation lines had to be created on the
flange as a reference to build local axes parallel to the rim surface. The local axes have been
used to obtain the uniaxial stress in each area of the discretized flange. The results comparison

is shown in Figure 119:

FEM simulations - 2 bar inflation pressure
120
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Von Mises
40

=T

Stress [MPa]

20 jaxi
( —— Uniaxial
0
40
=20

-40

Node position [mm]

Figure 119 Comparison of the results from the FEA simulation of the 2 bar inflation configuration obtained considering
different stress definitions on the nodes of the fixed flange.

It can be noticed that the P1 main stress gives a good approximation of the uniaxial
results, especially with regard to the most critical area that is the seat radius area. Following
these assessments, it has been decided to use P1 main stress to approximate the uniaxial
stress of the flange area in the following simulations as well.

9.2.2.3. Automotive theory-based analyses

9.2.2.3.1. Introduction to automotive theory-based analyses
In this paragraph, the first analyses carried out to evaluate the forces exchanged

between tire and rim are presented. These analyses are based on the automotive theory
formulas. Following these relations, the axial load applied to the flange by the tire can be

estimated as follows:
W, P
o p e ) 2 0 N
= =(a°—1f)——— 9-80
Where a is the tire radius, ryis the average radius of the circular crown identified by

the vertical wall of the flange and h¢ is the height of the vertical wall of the flange. From a
wider point of view, both the rim flange and the bead seat should be loaded to perform a

Py

more complete analysis. According to the literature and to comparisons between numerical
computing and experimental campaigns, the ratio of the flange load to the bead seat one is
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considered to vary depending on the contact conditions at the tire-rim interface. This is
influenced by the type of tire, the inflation pressure, the reinforcement of the composite
materials and by the design of the rim [21]. However, in this model, a simplification has been
applied and the load on the bead seat has been neglected.

The rim parameters have been extrapolated by the rim design, while the tire radius
has been supposed following catalogues of tire manufacturers (Table 13):

OBIJECT GEOMETRY VALUE um
Tire Radius a 806 mm
Rim Radius r¢ 326,21 mm
Rim Height hs 16,79 mm

Pressure Inflation pressure Pq 2-4-6-8 bar

Table 13 Tire and rim dimensional parameters used in the simulations.

The mesh has been thickened in the fixed flange area both inside and outside the rim
in order to obtain more accurate results.

MESH

Nodes number 513.038

Elements number 321.354

MESH

Nodes number 513.038

Elements number 321.354

Figure 120 Mesh applied to the rim 3D model in the FE simulations (above) and mesh parameters (below). The minimum
dimension of the nodes, equal to about 3,7 mm, is applied in the critical seat area.

Load conditions are different for each analysis and will be described case by case,
except for the pressure on the lateral cylindrical surface of the rim, which is equal to the
inflation pressure (Figure 121).
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Figure 121 Pressure applied in the simulations on the Figure 122 Fixed constraint applied to the coupling
lateral surfaces of the rim. The pressure is set equal to surface between rim and axle shaft.
the inflation pressure.

In each numerical simulation, a fixed constraint has been applied on the drilled disc
surface, in order to reproduce the coupling with the vehicle’s axle shaft (Figure 122). For these
analyses as well, a reference system centred in the end of the flange was designed.

Particular attention was paid to the area identified by the following axial dimensions
(Figure 123):

0 Flange local refernce system

450 mm

53,7 mm

Figure 123 Dimensions corresponding to beginning and end of the seat radius, following the reference systems defined in
Figure 118

The strain gauges position in the reference system shown above have been assumed
as follows (Table 14):

STRAIN GAUGES POSITION
ZF4 [mm] ZF5 [mm] ZF6 [mm] ZF3 [mm]
45,00 46,29 48,42 53,67
46,29 49,42 53,67 56,67
Table 14 Axial dimensions corresponding to the positions of the strain gauges following the reference system shown in
Figure 118
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9.2.2.3.2.  1stanalysis: application of p from automotive th
In the following analyses, load conditions are obtained directly from the theory
introduced previously. In this way, as the inflation pressure varies, the following pressures
applied to the vertical walls of the flange are obtained (Figure 124):

RADIAL TIRE
Lr:_g::frg Pressure on the flange
MP
[bar] [MPa]
2 4,96
4 9,92
6 14,88
8 19,84

Figure 124Pressures (above) applied on the vertical surface of the fixed flange (below). This distribution refers to the
supposed load configuration produced by a radial tire on the rim flange.

It can be noted that the load condition varies linearly with the inflation pressure. The
results of the analysis, which will be shown later, are quite close to the experimental
measurements from the radial tire, so the load configuration predicted by the automotive
theory has been considered valid without need for any corrective coefficient. For the bias tire,
on the other hand, a coefficient k was needed to get a good match between numerical results
and experimental data. The different design of the bias tire causes, in fact, a different stress
distribution on the flange as well, so the k coefficient can be considered as an evaluation of
the effect of the design of the tire on the stress curve. The k coefficient can be obtained from
the comparison of the experimental data and can be defined as:

Or6 radial _ 226
OF6_bias 188
Where 0pg rqqiqr IS the stress detected at 4 bar by the strain gauge F6 on the radial

tire, while gpg pjqs is stress measured at 4 bar by the same strain gauge on the bias tire. A
reference pressure value of 4 bar was chosen since it is close to the inflation pressure

= = 1.202 9-81

recommended in the tire data sheet, equal to 3,2 bar.

As stated above, the k coefficient considers the different type of tire used in the test;
by applying this coefficient, the following load conditions are obtained for the bias tire (Figure
125):

BIAS TIRE
Inflation pressure Pressure on the flange

[bar] [MPa]
2 4,13
4 8,25
6 12,38
8 16,51

Figure 125 Pressures applied in the simulations on the vertical surface of the rim flange for the load condition of the bias
tire.
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The graphs below compare the results of the numerical simulation of the load pressure
reported above and the experimental data from the laboratory tests for each combination of
tire design and inflation pressure. As visible, the experimental values are not matched to a
single coordinate, but rather to an interval which consider both the actual dimensions of the
strain gauges and any possible inaccuracy due to manual application on the rim.

The comparison of the results for the bias tire is reported below (Figure 126):
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P1 stress - 8 bar inflation pressure - bias tire
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Figure 126 Comparison between the numerical results from FE simulations and experimental results for the bias tire.

The comparison for the radial tire is shown below (Figure 127):

P1 stress - 2 bar inflation pressure - radial tire

160

-— o ——P1 -2 bar

——F6
——F5

——F4

——F3

Stress [MPa]

44 46 48 50 52 54 56 58
Node position [mm]

P1 stress - 6 bar inflation pressure - radial tire

——P1-6bar

——F5

—_— . .

——F4

Stress [MPa]
G
(== ]

——F3

44 46 48 50 52 54 56 58
Node position [mm]

175



P1 stress - 6 bar inflation pressure - radial tire
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Figure 127 Comparison between the numerical results: FE simulations and experimental results for the radial tire.

It can be noticed that the model studied interprets the experimental stress trend quite
well. Above all, the bias configuration curves intersect the value reported by the strain gauges
in several points. The strain gauge best simulated is F4, which always intersects the curve in
one point. However, the match between the numerical curve and the experimental results
cannot be considered sufficient overall. The 2 bar configuration experimental result is highly
underestimated by the numerical model in both the radial and the bias case, especially for the
F6 gauge; in the radial configuration, for both 6 and 8 bar inflation pressure, the numerical
model overestimates the experimental data and the highest error concerns F6 gauge once
again. In many cases F5 strain gauge does not intersect the curve, reporting a different stress
distribution with less slope along the radius. Finally, F3 strain gauge was probably placed
slightly farer from the radius area during the tests, since the numerical model systematically

and greatly overestimates it, especially in the radial configuration.
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9.2.2.3.3. 2nd app. of p from automotive th. with corrective coeff.
The purpose of the following analysis is to focus on the F6 strain gauge and adjust the

automotive theory model on it, since it is the gauge which returns the greatest stress values.
Inorder to obtain more accurate peak values in the simulations, corrective coefficients (f) have
been introduced. These have been obtained from each one of the experimental tests, since
the strain gauge values show a non-linear increase of the stress. The pressure applied on the
vertical wall of the rim flange was calculated referring to the inflation pressure of 4 bar

following the formula already introduced (9-81).

Then three corrective coefficients for the remaining inflation pressures have been

calculated:

ap _bias_2bar 103
fz_bias = 5082 = 188 = (0,55

JFéﬁbiasﬁbar
OF6_bias_6bar _ 2 75

e g &= = 1,46
6-ptas OF6_bias_abar 188

Ore bi 368
fa_bias o Fe6_bias_8bar - — 1,96 9-82

OF6_bias 4bar ~ 188
The same coefficients have been obtained for the radial configuration:

Or6_radial_2bar o 146

f2_radial = = 0,65
JFé_radialAba'r 226
__ Ofé6 radial_6bar _ 304 B i
fé_radial — 376 — 1}3
JFﬁ_radiaIAbar
— Jr6_radial_8bar 381 -
fsaradial = = 1,69 2

JFﬁ_radiaI_4bar 226
Therefore, the load conditions for the radial tire were obtained starting from the 4 bar

configuration through (9-81); then the other load configurations were calculated by applying

the coefficients reported above (9—83). The results are shown below (Table 15).

RADIAL TIRE
Inflation pressure Pressure on the flange
[bar] [MPa]
2 6,45
4 9,92
6 13,39
8 16,76

Table 15 Table reporting the pressures applied on the vertical wall of the flange for a radial tire after correction with the f
coefficients (9-83).
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For the bias tire, the 4 bar load condition has been obtained from the radial one
through the k coefficient (9-81), while the other pressures have been found by applying the f
parameters for the bias configuration (9—82) (Figure 128):

BIAS TIRE
Inflation pressure Pressure on the flange
[bar] [MPa]
2 4,54
4 8,25
6 12,05
8 16,17

Figure 128 Table reporting the pressures applied on the vertical wall of the flange for a bias tire after correction with the
f coefficients (9-82).
By applying the load conditions described in the tables above, a curve of the main
stress P1 has been obtained. The comparison of the results for the bias configuration follows
below (Figure 129):
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P1 stress - 6 bar inflation pressure - bias tire
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Figure 129 Comparison between the num results from FE sim of the adjusted model and exp results for the bias tire.
The results for the radial tire are compared below (Figure 130):
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P1 stress - 6 bar inflation pressure - radial tire
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Figure 130 Comparison between the numerical results from FE simulations of the adjusted model and experimental
results for the radial tire.

The adjustment of the model seems to have reduced the differences between the
numerical curve peak and the F6 strain gauge experimental values. However, there are still
large gaps for F3 and F5 strain gauges, which probably derive either from inaccuracy in the
hypothesis of the strain gauges positioning or from an error in the load conditions that lead
to a wrong stress distribution in the fillet radius area.

9.2.2.3.4. 3rd analysis: p from automotive th. for lab. results
The following analysis has been carried out to obtain the same stress peak values from

the numerical simulations and the experimental measurements; thus, once again, the F6
strain gauge has been used as a reference to calibrate the model. We started considering the
pressure applied on the flange obtained from the 4-bar inflation pressure configuration in the
second analysis, in which the evaluated peak is equal to 218,7 MPa. A maximum stress of 226
MPa has been measured in the laboratory tests by F6 strain gauge instead Table 1); therefore,
a proportion has been applied so that the numerical peak result and the F6 strain gauge

measurement could match.
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Then, f coefficient (9—-82; 9-83) and k coefficient (9-81) has been applied, allowing us

to obtain all the load conditions for both radial and bias tire (Figure 131):

BIAS TIRE
Inflation pressure Pressure on the flange
[bar] [MPa]
2 4,63
4 8,42
6 12,29
8 16,50
RADIAL PRESSURE
Inflation pressure Pressure on the flange
[bar] [MPa]
2 6,57
4 10,11
6 13,65
8 17,08

Figure 131 Tables reporting the pressures applied on the flange for a bias tire (above) and a radial tire (below) after
correction through proportion and f coefficient and k coefficient.

By applying the load configurations described in the tables above, a curve of the main
stress P1 is obtained from the simulations and it is compared with the stress detected by the

strain gauges (Figure 132; Figure 133).

The comparison of the results for the bias tire are shown below (Figure 132):
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Figure 132 Comparison between the numerical results from FE simulations of the adjusted model and experimental

results for the radial tire. F6 results are used as reference.
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The comparison of the results for the radial tire are presented as well (Figure 133):

P1 stress - 2 bar inflation pressure - radial tire
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Figure 133 Comparison between the numerical results from FE simulations of the adjusted model and experimental
results for the radial tire. F6 results are used as reference.
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Even if the introduction of the corrective coefficient improved the match between the
numerical curve peak and the F6 strain gauge measurements, the automotive theory-based
model still maintains many limits, since it cannot precisely predict the stress trend in the seat
radius from experimental tests and thus the match for the remaining strain gauge with the

numerical results is rarely obtained.

These analyses clearly showed that the contact pressure problem in the flange area
between tire and rim is much more complex and cannot be approximated with a uniform
contact pressure as suggested by the automotive theory. Therefore, other modelling options
have been studied to improve our knowledge of the tire-rim contact phenomenon.

9.2.2.4. Tire 3D model approach

In this chapter, the second study approach attempted to understand the mechanical
interaction between tire and rim is exposed. As the automotive theory formulas could not give
a good prediction of the stress distribution in the critical area, a more complex modelling
approach has been considered. In fact, it was decided to create a 3D model of the tire used in
the experimental tests, on which FE simulations could be performed. The advantage of this
approach was that, if the tire was accurately modelled, ground-tire interaction loads could be
directly applied on the tire tread. Then, the FE simulation of the tire would have given as a
result the load exchanged with the rim; the rim itself could have been simulated in a second
analysis with the loads previously found in order to obtain the stress distribution in the seat
radius area. The finite elements analysis applied to tire models has become an increasingly
common practice, thanks to the improved computing capabilities of the new systems.
However, even nowadays, tire structure modelling and analysis represent a challenging
operation as non-linearity occurs in the material properties as well as in the contact boundary
conditions. Moreover, the tread pattern, the complex and composite internal tire design and
their influence on the load distribution must be considered. The great non-linear mechanical
behaviour of the tire is proved by many studies: one of the most relevant aspects is the non-
linear vertical stiffness, for which that with the increase of the radial vertical load applied, the
tire vertical deflection increases non-linearly [22]. Nevertheless, where it is possible, the FE
analysis allows the improvement of the tire design and reduces prototyping costs. Static
analyses of tire models are generally meant to provide results on stress states induced by

inflation and radial loads, as well as loads parallel to the pavement.
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Stresses in the bead wires, influence of the tire geometry, effect of the inflation
pressure and the radial load can be estimated. Moreover, FE analysis can give important
information about the contact pressure distribution on the tire-rim interface, which is the
main purpose of the current study [20,23]. For this reason, an approximated 3D model of the

tire was designed in Solidworks. The model created is shown below (Figure 134):

Figure 134 3D model of the tire to evaluate the loads exchanged between tire and rim.
As it can be seen in the picture above, all the main structural components of the tire

have been included: bead wire, carcass, plies and rubber, which has been distinguished
between tread rubber and sidewall rubber. In fact, an accurate modelling of the tire can be
performed only if all its structural elements, which have different functions and are made of
different materials, are considered. Unfortunately, no information about the design of the tire
nor about the structural properties of its component and related materials could be collected.
For this reason, the 3D model was just an approximated recreation of the supposed design of
the actual tire used in the experimental tests. Hence, since no information about the internal
design of the plies and the carcass could be found, the bead wires, carcass and plies design
could only be guessed from the literature. The tread was simplified by modelling the
circumferential grooves only, which is a common practice for 3D tire models [20]. The lack of
data, moreover, was not limited to the geometry, but regarded the materials as well. This was
a great limit for the development of the FE tire model, as the structural properties of the tire

components are essential in order to perform an accurate simulation.
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From the literature, it has been found that a great variety of materials and many elastic

behaviours must be included in the tire study:

Nylon, which constitutes the wires of the body plies and should be modelled as

an elastic isotropic material.

Steel, modellable as an elastic isotropic material, it is employed for different
parts within the tire, that are the bead wires and the steel plies contained into
the belt. The bead wires should be modelled as a bunch of smaller steel wires.
The belt steel plies provide resistance to the tread. They are composed of
several parallel steel wires and are often placed with different orientation

according to the ply.

Rubber: as the great majority of the rest of the vulcanized elastomers, it is
usually modelled as a hyper-elastic isotropic material, since linear elastic
models are unable to describe the material stress-strain isotropic and non-
linearly elastic characteristic. The stress-strain characteristic of a hyper-elastic
material can be derived from a strain energy density function. The Mooney-
Rivlin model, which is one of the most accurate approaches to study the rubber
mechanical behaviour, is based on this assumption. In this model, two of the

Cauchy invariants are linked to the strain energy density function:

W=Cy Uz—3)+Cio- (4 —3)+ Dy - (J—1)? 9-84

Where W is the strain density function, Cy; and C,; are empirically determined

constants which describe the deformation response of the material and D, is a constant

associated to the material volumetric response. I; and I, are the first two invariants of the

deformation tensor while J is the determinant of the deformation gradient. The Mooney-

Rivlin equation, thus, contains several material coefficients that should be derived

experimentally. As the rubber properties for the tread and the sidewall are different, the

Mooney-Rivlin coefficients should be differentiated as well [24].

All the materials component reported above require elastic coefficients for the

associated materials, especially the rubber, for which many constants are needed. All the

coefficients should be known in order to correctly define the mechanical behaviour of the tire.
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However, the Mooney-Rivlin constants for the rubber of the test tire were not available.
Besides, neither an empirical fitting of the coefficients could be done, as dedicated
experimental tests could not be performed. Even if the material properties were found, no
information about the carcass design nor the plies displacement were available, so the
modelling would have been much approximated [20,24]. Moreover, the composite structure
and the highly non-isotropic behaviour of the materials could not have been accurately
simulated through the functions of the software, since Solidworks Simulation only allows
setting orthotropic properties along the orthogonal global axes. Dedicated rebar elements for
the reinforcement of the composite materials could not be available. Lastly, the highly non-
linear and non-isotropic mechanical properties of the composite structure of the tire made
would have been extremely complex to set up in the study.

For all this reason, it was soon realized that FE tire modelling could not have been a
reasonable study approach for both the time and the resources it would have requested.
Manufacturer suggested trying different approaches, since the simulation of the whole tire
needed too many unknown parameters and it would hardly have returned consistent results
with the experimental tests. It is important to remember, in fact, that an accurate fatigue
evaluation of the rim needed a faithful reproduction of the experimental stress state in the
static simulation. According to literature and scientific papers, predictions reported from
some researchers are not accurately consistent with the experimental results due to
oversimplification needed in FE models. These approximations often regard the tread pattern,
the anisotropy of the ply and carcass cords, the tire-rim contact conditions [20,23]. From
literature, it has been confirmed that simplification of the tire model does not induce
significant changes in the load-deflection curves nor in the footprints, but causes significant
variations in the tire stiffness [20]. For this reason, it was decided to continue the study of the
tire-rim contact phenomenon through a different approach, as described in the following
paragraphs.

9.2.2.5, Empirical approach applied to the inflation problem
As stated before, the study approach first applied to the problem of the tire-rim

contact could not give consistent results. An accurate description of the tire stiffness in all its
components is, in fact, so complex as to make the development of a model very prohibitive.
It was realized that the phenomenon of the interaction is so complicated it cannot be studied

through a usual modelling approach, if not spending great resources and time.
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Thus, it was understood that a completely different resolution approach had to be
used. In fact, it was decided to apply a reverse study method, so all the analytical and
numerical based models was put aside and it was decided to use the data from inflation tests
as an experimental starting point on which an empirical model could be developed, instead of
using them as comparison terms. This empirical model should then have allowed us to
reproduce the stress distribution detected experimentally.

As starting hypothesis, it was supposed that the distribution of the loads exchanged
between the tire and the rim could not be limited to the flange vertical surface, but to a wider
area instead, including the upper part of the flange and the bead seat area. Secondly, it was
assumed that the contact pressure could not be uniform and that it could vary instead along
the surface in the y-z plane (Figure 115). Following these assumptions, it was decided to divide
the flange area into many circular areas shown in Figure 135, so that different load conditions
could be applied to different zones of the flange, even though without continuity. Given the
axial symmetry of the component and the load condition (at least for the inflation problem),

the division was necessary only in the axial direction.

Figure 135 Division applied to the inner surface of the flange and of the seat area of the rim 3D model.

The areas have been identified as follows (Figure 136):
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As shown above, the inner seat radius area has been divided into three zones, which
approximately correspond to the strain gauges positions, as previously described. Each one
of the three areas is 4,5 mm long alongside the surface, while the strain gauge length is equal
to 3 mm. From the Woodridge laboratory experience report, it was known that the F5 strain
gauge was manually placed in the centre of the seat radius; F4 and F6 strain gauges were
placed next to F5, so where a gauge ended, the adjacent one began. Therefore, it would have
been more accurate to create division lines in the seat radius area that would reproduce a
similar location. However, it was presumed that, since the application of the strain gauges was
manual and therefore associated with a certain error, the gap between the two lengths of 3
mm and 4,5 mm could take into account any possible positioning inaccuracy.

Moreover, attention must be paid to the stress compared from laboratory tests and
numerical simulations. Since the strain gauge measurement is an average of the material
strain occurring under its application surface, it was supposed that the mean values
extrapolated on the corresponding area in the simulation could be effectively compared with
the experimental result. Therefore, in each subsequent simulation performed, the average
stress value from the FE analysis was compared with the experimental one.

Before going on with the model description, it is necessary to briefly present and
analyse the experimental results of the inflation tests, which are shown below. The graphs
report the measurements of the stress for each strain gauge considered and they are linked
by a series of line segments, so that an approximated trend can be visualized (Figure 137).
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Figure 137 Inflation experimental results of the seat radius stress; data of both the radial and bias tire designs are
presented.
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As can be seen, as the inflation pressure increases, the amplification of the stress is not
the only effect that follows. Instead, the trend of the stress in the seat radius changes as well.
For some inflation conditions, the stress curve is strictly monotone and the stress peak is
therefore reached in F6; for other inflation conditions the maximum stress value correspond
to the F5 measurement. After some tests, it was realized that the reason of the curve shape
change could be the variation of the loaded zones of the rim flange. In other words, an
increase of the inflation pressure could produce a variation of the deformed configuration of
the tire and, thus, of the flange area mainly loaded as well.

The problem which resulted therefrom was understanding how the load distribution
on the flange could affect both the intensity and the shape of the stress curve. Hence, the
discretization of the flange area of the 3D model previously shown (Figure 135) was thought
and introduced; in fact, it was realized that a deeper understanding of the phenomenon could
be reached only by studying the influence of each flange’s loaded area on the stress
distribution. Therefore, the first set of simulations of this model was performed: as many
analyses as the discretization areas were carried out, from zone z to zone /. In each of these
simulations, just one of the division areas was loaded with an arbitrary pressure normal to the
rim surface, so that the influence of the loaded area on the shape of the stress curve could be
evaluated. It must be specified that a similar study could give information about the curve
shape only and not about the stress intensity itself, since the load pressure value was
completely arbitrary. Moreover, it is necessary to point out that the entire rim study was
supposed to be based on the elastic linear field hypothesis. Only thanks to this, the principle
of superposition of the effects could be applied; this principle was necessary in order to
consider the stress distribution in the seat radius as a linear combination of the effects induced
by each discretized load.

Before presenting the results of this study, it must be described the optimization of
both the 3D model and the mesh operated for this set of simulations and all the analyses that
will be described in the following chapters as well. Firstly, a quarter of rim 3D model has been
introduced (Figure 138):

Figure 138 90° 3D simplified model of the rim.
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The introduction of the 90° 3D model simplification was considered fully acceptable, since in
both the inflation and the radial load problems it had no significant impact on the value of the
results. The inflation problem is, in fact, axial-symmetrical, so any portion of the rim would be
sufficient to study the stress distribution. Regarding the radial load problem, even though it is
not axial-symmetrical, the circumferential stress distribution does not affect in any way the
fatigue evaluation for which the static simulations are carried out. Finally, the axial-symmetry
of the rim itself allows considering just a portion of the component without affecting the
analysis results. Naturally, some constraint expedients have been consequently adopted: a
sliding constraint have been applied on the sectioned surfaces, in order to reproduce the axial-
symmetry of the rim (Figure 139):

Figure 139 Sliding constraints applied to the sectioned surfaces of the model.
A fixed constraint was applied as well on the coupling area between rim and axle shaft

as done in the previous simulations and shown in Figure 122,

The mesh applied for these analyses and for all the following studies as well was set to
be particularly subtle in the critical area only. The general mesh had elements with dimensions
going from 5 mm to 40 mm, while the thickened mesh elements applied to the flange area

was 1,5 mm long. The mesh is shown below:

MESH

Nodes number 1.453.924

Elements number 1.009.933

Figure 140 Mesh applied to the rim model for the static and fatigue analyses.

191



A maximum 1,5 mm dimension for the mesh elements was chosen for many reasons.
First, it was noticed this thicker mesh provided more accurate results compared to coarser
meshes; for instance, a gap of several MPa was recorded in the seat radius stress using a mesh
of 3 mm elements compared to the 1,5 mm mesh. It was later noticed that small differences
in the stress field could give greatly variable fatigue life results in the FE analyses. Moreover,
since the length of the strain gauges was 4,5 mm, 1,5 mm long elements choice allowed us to
match the area corresponding to a single gauge to at least 3 finite elements. Therefore, the
area corresponding to a single strain gauge could be modelled more accurately and the stress
extrapolated from the simulations would have been the average of many elements, giving us

more precise samples.

As described before, the purpose of this first set of analyses was to evaluate the
influence of each of the loaded flange areas on the stress curve shape in the seat radius.
Therefore, as many simulations as the discretized zones have been carried out; in each one,
just one of the areas shown in Figure 136 has been loaded. An example is shown below (Figure

141):

Figure 141 Load conditions of one of the many simulations performed do evaluate the influence of the loaded area on
the radius stress distribution.

As stated, normal pressures have alternatively been applied; the normal pressure has
been calculated so that the resulting axial force applied on the flange was always the same. It
must be specified that this condition has been set just to evaluate how a similar axial force
applied in different flange areas could affect the magnitude of the radius stress, but the main
aim of this set of simulations remained estimating the influence of the loaded area on the
stress curve shape. Since the simulations performed were linear, the value of the normal

pressure applied could not affect the stress curve shape.
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The parameters and the results of the simulations are reported below (Table 16):

AXIAL AREA PRESSURE AXIAL PRESSURE NORMAL COMPONENT
ZONE FORCE Fa COMPONENT P4 Pn
[N] [mm?] [MPa] [MPa]

h 10.000 2.778 3,60 41,30
i 10.000 2.782 3,59 41,24
| 10.000 2.342 4,27 13,01
m 10.000 2.360 4,24 5,75
n 10.000 2.390 4,18 4,32
0 10.000 2.895 3,45 3,45
p 10.000 2.942 3,40 3,40
q 10.000 2.991 3,34 3,34
r 10.000 5.437 1,84 1,86
s 10.000 5.587 1,79 1,94
e 10.000 5.720 2 i =) 2,20
u 10.000 5.830 1,72 2,82
v 10.000 5.907 1,69 4,42
z 10.000 5.947 1,68 12,88

Table 16 Load parameters and normal pressure applied in the simulations.

The results of the simulations are presented as well (Table 17):

STRESS
AREA [MPA]
F4 F5 F6
| -0,05 -0,59 -4,17
m -0,04 -3,26 0,18
n -2,46 4,47 8,67
0 3,96 12,31 15,19
p 9,34 17,11 19,72
q 14,68 22,82 23,96
r 20,10 28,08 28,48
s 25,80 33,74 33,53
t 32,09 39,98 39,06
u 40,79 48,59 46,68
v 57,81 65,45 61,58
z 135,40 142,20 129,50

Table 17 Stress results from the simulations for each area loaded.
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A graphic representation of these results is proposed (Figure 142):
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Figure 142 Graphic representation of the simulations results. The stress values obtained in the three areas of the seat
radius are reported for each flange zone loaded. The different trends of the stress in the radius are visible,

As stated before, the most relevant result which was intended to derive from this set
of simulations was the trend of the stress distribution in the seat radius area. This could be
numerically evaluated regardless of the magnitude of the curve by normalizing the F4 and F6
stress values with respect to F5, which has been considered as reference. The result of the

normalization is shown below (Figure 143):

STRESS
AREA [MPa]
F4 F5 F6

I 0,08 1,00 7,04
m 0,01 1,00 0,05
n -0,55 1,00 1,94
0 0,32 1,00 1,23
p 0,55 1,00 1,15
q 0,64 1,00 1,05
r 0,72 1,00 1,01
s 0,76 1,00 0,99
t 0,80 1,00 0,98
u 0,84 1,00 0,96
v 0,88 1,00 0,94
z 0,95 1,00 0,91

Figure 143 Stress ratio between F4, F5 and F6. The simulations results have been normalized with respect to F5.
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A graphic representation of the stress ratios of three of the most significant load
configurations and the graphic representation of the stress distribution given by the software

are presented (Figure 144; Figure 145; Figure 146; Figure 147):
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Figure 144 Seat radius stress trend obtained by loading the “0” area with a normal pressure.
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Figure 145 Seat radius stress trend obtained by loading the “r” area with a normal pressure.
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Figure 146 Seat radius stress trend obtained by loading the “z” area with a normal pressure.
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Figure 147 Comparison of three simulation results. “0”, “r” and “z" load config return different stress curve shapes.

As it can be noticed, normal loads applied to different areas of the flange cause
significantly different stress trend in the seat radius, clearly visible also from the simulation
images. In particular, pressure applied on the lower part of the flange on the vertical wall
produces a monotone increasing curve and the maximum stress is located in the F6 area. On
the other hand, if the upper area of the flange is loaded, the curve is not monotone and the
maximum stress is placed in F5. All the intermediate load configurations produce a stress
trend included between these two extremes. This study turned out to be extremely useful in
the following simulations, since it allowed foreseeing which areas should have been loaded to
reproduce the stress distribution of the seat radius from the experimental results. Therefore,
this set of analysis saved a lot of time when pressure configurations had to be hypothesized
in the next simulations, since it gave a good reference to rely on. If a monotone stress curve
resulted from the experimental data, it could be supposed that the lower vertical part of the
flange had to be loaded; vice versa, if a maximum in F5 was observed, it was reasonable to
suppose that the pressure had to be applied in the upper area of the flange. Thanks to the
study exposed above, the inflation problem could be faced more easily. In the next
paragraphs, the approach used to suppose the contact pressure distribution will be exposed.

The inflation problem was interpreted through a linear combination of the single load
pressures exposed above. Since no information about how the tire and rim exchange forces
between each other were available, only a few hypotheses were assumed. First, it has been
supposed that the contact pressure had to be roughly continuous and, thus, large irregularities
in the pressure distribution could not be admitted. In second instance, it has been assumed
that the pressure trend had to present a peak approximately in the middle of the application

area.
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Asignificant assumption has also been applied: in fact, some areas of the flange surface
had not to be necessarily loaded. This was clearly an approximation, since a pressure should
have been applied wherever tire and rim got in touch. However, this approach helped us to
understand how loads on wider areas could affect the stress in the seat radius. This
approximation has been removed in the following studies on the radial load, in which a more
complex contact model has been developed. As stated before, loads on different areas of the
flange cause different stress curve shape; this criterion was the main one applied in order to
make the experimental curve shape and the numerical one overlap. In other words, the first
aim of the study was to reproduce the trend of the radius stress curve: at this point, obtaining
the right magnitude of the stress was not essential. Thus, the approach adopted was the one
following described. It was assumed that the total axial force acting on the flange was equal

to the one predicted by the automotive theory (9-85):

Fo=(a®—13) Py [N/ ]

Where a is the tire radius, supposed equal to 750 mm, 1;,, is the radius of the “m” area
in the middle of the seat radius, which can be reasonably considered as the lower extreme of
the axial forces exchanged; r;,, is equal to 318,3 mm. P, is the inflation pressure. The next step
was to allocate to each flange area a fraction of axial load, so that the sum of all the loads
could return the total axial force predicted by the automotive theory. From there, normal
pressures were derived and applied to the model in the simulations. The allocation
coefficients ¢;, have been changed many times in many attempts to reproduce the
experimental stress curve shape. Several contact pressures were supposed and simulated,
until a distribution that could reproduce the experimental stress trend could be find. However,
pressure distributions that gave a good interpretation of the stress curve shape could not
predict the magnitude of the radius stress as well. Thus, once a good numerical curve trend
was found, a corrective k coefficient was multiplied to all the contact pressure identified

before in order to adjust the magnitude of the stress.
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The k coefficient was set to match the highest stress (F5 or F6 depending on the
inflation conditions). Hereafter the pressure distribution found by following this study
approach are presented; the stress results are shown as well (Figure 148; Figure 149; Figure

150; Figure 151; Figure 152, Figure 153, Figure 154; Figure 155):

4 bar - radial — inflation

MODEL PARAMETERS APPLIED LOADS

INFLATION PRESSURE é'}';?;ﬂgg% F [N] Pn [MPA]
Po [MPa] 0,4 c 0,00 F 0 Poi 0,00
Gii 0,00 Fm 0 P 0,00

AXIAL LOAD - AUTOMOTIVE

THEORY i 0,10 Fn 11175 Pnn 4,02
Fa [N] 144892 € 0,30 Fo 33525 P 9,65
&5 0,25 Fp 27937 Pop 7,91
AXIAL LOAD - SIMULATION & 0,15 Fq 16762 Pra 4,67
Fo' [N] 111749 ¢ 0,15 Fr 16762 Par 2,59
Cs 0,05 Fs 5587 Pz 0,90
CORRECTIVE COEFFICIENT Ct 0,00 Fe 0 Pt 0,00
k 0,77 Cu 0,00 F. 0 Pru 0,00
G 0,00 Fy 0 P 0,00
(= 0,00 F, 0 Pn: 0,00

Load diagram - inflation - 4 bar - radial
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Figure 148 Loading parameters (above) and contact pressure diagram (below) applied in the simulation of the 4 bar
inflation on a radial tire.
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STRESS RESULTS COMPARISON [MPA]
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F5 296,46 297,00
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AREAS  EXPERIMENTAL NUMERICAL
F4/F5 0,456 0,710
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Figure 149 Results comparison of the 4 bar simulation on a radial tire.

4 bar - bias - inflation
MODEL PARAMETERS APPLIED LOADS
ALLOCATION
INFLATION PRESSURE COEEEICIENTS F [N] Pn [MPa]
Py [MPa] 0,4 C 0,00 Fi 0 P 0,00
€m 0,00 Frm 0 Prm 0,00
AXIAL LOAD - AUTOMOTIVE
THEORY Cn 0,00 Fn 0 Phn 0,00
F. [N] 144892 Co 0,10 Fo 7126 Po 2,05
Co 0,15 Fo 10690 Pp 3,03
AXIAL LOAD - SIMULATION Cq 0,22 Fq 15678 Pnq 4,37
Fa' [N] 71265 cr 0,32 Fr 22805 Pre 3,53
Cs 0,16 Fs 11402 Pns 1,84
CORRECTIVE COEFFICIENT Ct 0,05 F: 3563 Pnt 0,65
k 0,49 Cy 0,00 Fu 0 Pru 0,00
Cy 0,00 Fy 0 Py 0,00
C: 0,00 F, 0 Pas 0,00
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Figure 150 Loading parameters (above) and contact p diagram (below) applied in sim. of 4 bar inflation on a bias tire.
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STRESS RESULTS COMPARISON [MPa]

AREA EXPERIMENTAL NUMERICAL

F4 88,08 126,60
F5 181,69 183,10
F6 188,27 189,00

STRESS RATIOS COMPARISON [/]

AREAS EXPERIMENTAL NUMERICAL

F4/F5 0,485 0,691
F5/F5 1,000 1,000
F6/F5 1,036 1,032
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Figure 151 Results comparison of the 4 bar simulation on a radial tire.
6 bar - radial - inflation
MODEL PARAMETERS APPLIED LOADS
_ ALLOCATION
INFLATION PRESSURE COEFFICIENTS F [N] P, [MPa]
Po [MPa] 0,6 C 0,00 F 0 Pu 0,00
Cm 0,00 Fri 0 Pom 0,00
AXIAL LOAD - AUTOMOTIVE
THEORY Cn 0,00 Fn 0 Pan 0,00
Fa [N] 217337 Co 0,05 Fo 5456 Pro 1,57
Cp 0,13 Fp 14185 Prp 4,02
AXIAL LOAD - SIMULATION Cq 0,21 Fq 22915 P 6,39
Fa' [N] 109118 cr 0,34 F: 37100 P 5,74
Cs 0,20 Fs 21824 Pis 3,52
CORRECTIVE COEFFICIENT [ 0,07 F: 7638 Pt 1,40
k 0,50 Cu 0,00 Fu 0 Phu 0,00
Cv 0,00 Fv 0 Pov 0,00
(o 0,00 F. 0 Pn 0,00
Load diagram - inflation - 6 bar - radial
10.00
‘™ 8.00
(=%
g 6.00
b
> 4.00
g 2.00 I I
= 2
0.00 . .
I m n o p q r s t u v z

Figure 152 Loading param (above) and contact p diagram (below) applied in the sim 6 bar inflation on a radial tire.

202



STRESS RESULTS COMPARISON [MPa]

AREA EXPERIMENTAL NUMERICAL

F4 135,12 210,90
F5 296,46 297,00
F6 304,00 303,70

STRESS RATIOS COMPARISON [/]

AREAS EXPERIMENTAL NUMERICAL

F4/F5 0,456 0,710
F5/F5 1,000 1,000
F6/F5 1,025 1,023
ADDLO0 Stress comparison - inflation - 6 bar - radial ‘
Experimental
Numerical
__300.00
m
o
=
= 200.00
vy
g
“ 100.00
0o " . Seat radius area
Figure 153 Results comparison of the 6 bar simulation on a radial tire.
6 bar - bias - inflation
MODEL PARAMETERS APPLIED LOADS
ALLOCATION
INFLATION PRESSURE COEFFICIENTS F[N] P [MPa]
Po [MPa] (ol 0,00 Fi 0 Pni 0,00
Cm 0,00 Fm 0 Prm 0,00
AXIAL LOAD - AUTOMOTIVE
THEORY Cn 0,00 Fn 0 P 0,00
Fa [N] 217337 Co 0,00 Fa 0 Pre 0,00
Cp 0,00 Fp 0 Prp 0,00
AXIAL LOAD - SIMULATION Cq 0,00 Fq 0 Phq 0,00
Fa' [N] 58557 Cr 0,07 F 4099 Par 0,63
Cs 0,20 Fs 11711 Pns 1,89
CORRECTIVE COEFFICIENT Ct 0,25 Fe 14639 Pht 2,69
k Cuy 0,28 Fu 16396 Pru 3,85
Cy 0,16 Fy 9369 Pov 3,45
C; 0,04 F 2342 Pz 2,51
Load diagram - inflation - 6 bar - bias
10.00
™ 8.00
é 6.00
&
> 4.00
o
o i 1
0.00 -
| m n o] p q r 5 t u v z

Figure 154 Loading param (above) and contact p diagram (below) applied in the sim 6 bar inflation on a bias tire.
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STRESS RESULTS COMPARISON [MPa]
AREA EXPERIMENTAL NUMERICAL

F4 144,38 245,00
F5 286,67 288,10
F6 275,33 275,50

STRESS RATIOS COMPARISON [/]
AREAS EXPERIMENTAL NUMERICAL

F4/F5 0,504 0,850
F5/F5 1,000 1,000
F6/F5 0,960 0,956
400.00 Stress comparison - inflation - 6 bar - bias .
Experimental
Numerical
— 300.00
[
c- /_
=
= 200.00
w
a
5
Y 100.00
0.00 ' .
F4 F5 F6 Seat radius area

Figure 155 Results comparison of the 6 bar simulation on a bias tire.

An exemplificative illustration of the graphic results of the FE simulations is proposed

as well (Figure 156):
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Figure 156 Graphic representation of the main stress field returned by the FE static simulation for the 6 bar — 15.100 -
radial tire configuration.
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As can be noticed, a good regularity was reached in the load diagrams supposed: in all
the inflation configurations, in fact, both the loading hypotheses and conditions exposed
before were respected. As described previously, the best matching between the stress ratios
in the seat radius areas was searched firstly; from the stress ratios results it is clear that a good
overlapping between experimental and numerical values was obtained for the F6/F5 ratio in
all the inflation studies. The F4/F5 experimental ratio, instead, could not be interpreted
numerically in any way: F4 values, in fact, systematically overestimate the F4 laboratory
results. This could be due either to the limits and approximations of the model developed or
to inaccuracies of the strain gauges application during the tests. In any case, such model limit
was considered acceptable, since F4 stress is the lowest of the three stress samples and, thus,
cannot be considered responsible of static nor fatigue failures of the rim. In fact, this
inaccuracy of the model remained even in furthermore accurate model versions, which was
applied in the radial load study. However, since F4 stress has a relatively low relevance in both

the static and the fatigue resistance verifications, this model flaw was considered negligible.

A quick analysis of the simulation results compared to the contact pressure diagrams
reveals a few evaluations of both the tire design and the inflation pressure influence on the
way of interaction between tire itself and rim. Of course, these statements can be considered
significant only if the accuracy and hypothesis of the model used to study the contact
phenomenon prove to be enough accurate. The first association that can be done is between
the tire design and the main loading area on the flange. As visible from the diagrams, in fact,
it is reasonable to presume that bias tires tend to load upper areas of the flange compared to
radial tires. In fact, even if the dependency of the load applied to the rim flange and bead seat
areas under loading still remains a challenging and not completely understood problem, from
literature and experimental evidence it emerges that the tire design highly affects the stress
state of the bead seat [25]. Moreover, the pressures that is necessary to apply in order to
reproduce the experimental data seem to be lower for the bias tires. With equal tire design,
it seems that higher inflation pressures produce higher contact in the upper area of the flange.
This can be ascribed to the way the tire deforms under the action of the internal inflation
pressure: it is plausible that, the higher the inflation pressure, the higher the tire is pushed on

the hook of the flange.
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In the following pictures, a qualitative representation of the mainly loaded areas of the
flange depending on the inflation conditions is presented. It is good to remember that these
load distributions derive from a model which is quite approximated and then represent only
an interpretation of the possible contact solution between the tire and the rim (Figure 157;

Figure 158; Figure 159, Figure 160).

Figure 160 Qualitative supposed load distribution for the 6 bar inflation configuration on a bias tire.
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From the images above, it is clear, following the model developed for the inflation
study, that the higher the inflation pressure, the upper the flange zone which is loaded.
Moreover, bias design tends to reduce the contact pressure onto the flange compared to the
radial one; furthermore, with equal inflation pressure, the bias design seems to mainly apply

the load on a upper area of the flange compared to the radial tire.

Even if the model applied at inflation problem is quite rough and has a few limits, it
revealed to be very helpful to understand the behaviour of different tire design and the
influence of the inflation pressure on the contact area on the flange. With these results, the
inflation study can be considered accomplished. More detailed and accurate models, which

will be exposed in the next paragraph, have been developed for the radial load problem.

The need to improve the model used for the inflation study went hand in hand with
the will to better understand the rim-tire contact phenomenon and therefore perform FE
simulations as close as possible to the real interaction.

9.2.3. Radial load tests

After obtaining the results exposed in the previous paragraph for the inflations
simulations, the radial load problem was faced. In this section, the experimental data from
rolling laboratory tests will be analysed and a more complex empirical model will be applied
in order to understand and reproduce the contact phenomenon in the FE simulations. The
radial load problem has a higher relevance compared to the inflation problem, since on the
static results of the analyses of the radial load the fatigue simulations will be based. Therefore,
a more complex model for this study has been considered appropriate. In the next paragraphs,
experimental data and numerical simulations will be presented.

9.2.3.1. Rolling tests experimental data

In this paragraph, the experimental data from Woodridge laboratory rolling tests are
presented. The rolling tests performed are eight: for both the radial and the bias tires, four
inflation pressures have been tested (2, 4, 6 and 8 bar). For every inflation value, five
increasing radial loads have been applied: 5000 kg, 7500 kg, 10000 kg, 12500 kg and 15100 kg.
For safety reasons, the 15100 kg load has not been applied on the 2 bar inflated tires. The

tables with the maximum stress values measured are reported below (Table 18):
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ROLLING TESTS EXPERIMENTAL DATA

2011_Radial_Tire_2bar_5k_7.5k_10k_12.5k_Loading

Radial Load Stress [MPa]
F1 F2 F3 F4 F5 F6 D1 D2 D3 D4
5,000 kg Lost Lost 80,4 79,9 164,3 192,6 100,4 1056 92,5 147,0
7,500 kg Lost Lost 88,6 92,0 177,5 2009 1134 1174 100,8 160,2
10,000 kg Lost  Lost 95,8 103,0 190,1 208,0 124,3 1262 104,9 1710
12,500 kg Lost Lost 101,4 1124 1999 213,8 136,1 1356 108,1 1823
1011_Bias_Tire_2bar_5k_7.5k_10k_12.5k_Loading
Radial Load Stress [MPa]
Fl F2 F3 F4 F5 F6 D1 D2 D3 D4
5,000 kg Lost Lost 85,5 89,5 196,9 171,9 102,7 1036 77,3 1793
7,500 kg Lost Lost 103,7 106,5 217,3 1912 118,1 1189 92,4 1983
10,000 kg Lost Lost 119,7 121,1 2357 207,7 132,2 132,7 107,1 2153
12,500 kg Lost Lost 137,3 137,4 255,4 2254 147,5 148,2 121,8 232,3
2021_Radial_Tire_dbar 5k _7.5k_10k_12.5k_15.1k_Loading
Radial Load Stress [MPa]
F1 F2 F3 F4 F5 F6 D1 D2 D3 D4
5,000 kg Lost Lost 1460 130,1 253,0 2653 166,4 1749 156,7 240,2
7,500 kg Lost Lost 153,2 142,6 2658 272,8 178,7 186,8 165,2 254,5
10,000kg  Llost Lost 159,8 154,7 278,0 279,6 190,8 1980 172,8 2685
12,500 kg Lost Lost 165,3 165,2 288,3 2855 201,9 2079 178,8 2804
15,100 kg Lost Lost 1716 177,4 3010 292,1 214,6 219,1 184,4 291,7
1021_Bias_Tire_4bar_5k_7.5k_10k 12.5k 15.1k Loading
Radial Load Stress [MPa]
Fl F2 F3 F4 F5 F6 D1 D2 D3 D4
5,000 kg Lost Lost 180,7 145,33 309,7 2575 187,1 190,5 170,0 291,6
7,500 kg Lost Lost 1969 158,8 326,1 274,5 201,8 206,2 183,1 3079
10,000 kg Lost Lost 214,3 175,5 343,9 293,7 218,3 222,7 197,0 3253
12,500kg  Llost Llost 230,6 191,9 359,1 311,7 233,9 237,7 211,4 3423
15,100 kg Lost Lost 247,0 207,0 377,0 3283 248,4 252,0 225,2 3576
2031_Radial_Tire_6bar_5k_7.5k 10k _12.5k_15.1k_Loading
Radial Load Stress [MPa]
Fl F2 F3 F4 F5 F6 D1 D2 D3 D4
5,000 kg Lost Lost 231,1 191,0 372,3 3553 260,6 270,0 242,0 349,6
7,500 kg Lost Lost 240,2 205,0 386,4 363,6 276,3 2850 253,1 365,6
10,000 kg Lost Lost 249,7 221,5 402,4 372,0 2940 3018 2654 3833
12,500 kg Lost Lost 256,5 2343 414,8 3783 3079 3148 274,3 3972
15,100 kg Lost Lost 262,7 246,6 4264 3836 321,6 3274 2825 410,11
1031_Bias_Tire_6bar_5k_7.5k_10k_12.5k_15.1k_Loading
Radial Load Stress [MPa]
F1 F2 F3 F4 F5 F6 D1 D2 D3 D4
5,000 kg Lost Lost 259,7 1884 358,1 3255 2586 267,1 253,1 3832
7,500 kg Lost Lost 280,7 2044 379,5 346,8 277,2 2833 269,1 402,38
10,000 kg Lost Lost 299,5 218,8 400,8 366,0 293,5 3015 283,7 4206
12,500 kg Lost Lost 316,6 2348 421,4 384,6 3109 3191 297,8 4375
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15,100 kg Lost  Lost 334,9 251,7 444,8 403,7 3285 3362 313,3 4554
2041_Radial_Tire_8bar_5k_7.5k_10k_12.5k_15.1k_Loading
Radial Load Stress [MPa]
F1 F2 F3 F4 F5 F6 D1 D2 D3 D4
5,000 kg Lost Lost 283,1 231,8 436,1 415,2 323,8 340,5 310,5 428,0
7,500 kg Lost Lost 291,7 244,7 450,4 423,2 341,5 357,6 322,8 444,7
10,000 kg lost Lost 302,3 263,0 4684 433,2 3644 3790 3386 464,0
12,500 kg lost Lost 310,9 2781 482,8 440,9 3829 396,1 350,1 479,6
15,100 kg lost Lost 317,4 290,7 494,3 446,7 399,0 410,4 3587 493,2
1041_Bias_Tire_8bar_5k_7.5k_10k_12.5k_15.1k_Loading
Radial Load Stress [MPa]
F1 F2 F3 F4 F5 F6 D1 D2 D3 D4
5,000 kg Llost Lost 442,1 2550 5086 480,2 362,3 3757 3759 5493
7,500 kg lost Lost 4706 275,1 5355 5083 387,8 3975 397,4 576,7
10,000 kg Lost Lost 487,7 287,6 5535 526,2 4028 4104 409,9 592,0
12,500 kg Lost Lost 5079 301,8 574,6 546,5 4198 4295 4240 611,2
15,100 kg lost Lost 529,6 3188 598,9 5689 439,2 449,1 441,0 632,22

Table 18 Maximum stress results from Woodridge rolling tests.

As stated before, the stress reported are the maximum recorded during the rolling

tests. Therefore, reproducing in the FE simulations this stress values meant to study the most

critical load condition the tires faced during the rolling tests. Once again, only F4, F5 and F6

data have been considered; in fact, F1 and F2 gauges measurement was lost during the tests,

while F3 data had no consistency with the other results. Finally, D data refer to the detachable

flange, which is not object of our study.

A quick comparison of the data allows observing that, as expected, the higher the

inflation pressure and the radial load, the higher the stress in seat radius area. A deeper

analysis is possible only representing graphically the results (Figure 161):
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Rolling tests - 6 bar - radial
500.00

——5.000 kg
400.00 —_—7.500 kg
- = 10.000 kg
= ——15.100 kg
$ 200.00 Inflation
&
100.00
0.00
F4 F5 F6
Seat radius area
Rolling tests - 6 bar - bias
00.00
0 ——5.000 kg
400.00 ——7.500 kg
- — ———10.000 kg
% 300.00 ——12.500 kg
= —15.100 kg
§ 200.00 Inflation
&
100.00
0.00
F4 F5 Fb
Seat radius area
Rolling tests - 8 bar - radial
700.00
——5.000 kg
600.00 ——7.500 kg
— 500.00 ——10.000 kg
S i ——12.500 kg
= ——15.100 kg
& 300.00 Inflation
& 200.00
100.00
0.00
F4 F5 F6
Seat radius area
Rolling tests - 8 bar - bias
700.00
——5.000 kg
600.00 —7.500 kg
— 500.00 ——10.000 kg
a ——12.500 kg
2, 400.00 ——15.100 kg
ﬁ 300.00 ! Inflation
e
¥ 200.00
100.00
0.00
F4 F6

F
Seat rad'?us area
Figure 161 Graphical representation of the maximum stress recorded during the rolling tests on the seat radius surface.
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This graphic representation offers a few further information. First, it can be noticed
that in many load configurations, the stress curve produced by the radial load cannot be
considered simply as a translation of the inflation curve; in other words, the stress is not just
amplified, but the stress curve shape is changed as well. In view of what was observed in the
previous paragraph about stress trends and load areas, this means that applying and
increasing a radial load on the wheel does not only intensify the contact pressure values, but
also produces variation in the deformed configuration of the wheel and, thus, in the flange
areas mainly loaded. This is clearly visible in the 2 and 4 bar graphs. It was thus excluded the
possibility to use the inflation study as starting point on which add up the radial load effects.
Ultimately, the radial load study had to be analysed as a case of its own, since the deformation
of the tire cannot be considered in any way linear and, therefore, the effects of several loads
cannot be summed up. The non-linearity of the tire excludes, in other words, the chance to
apply any principle of superposition of effects. By plotting the same data on a different
abscissa axis, this phenomenon can be further understood (Figure 162):
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Figure 162 Measured stress trend depending on the load conditions; all the combination of tire design, inflation

pressure and radial load are presented.
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As shown in the graphs above, the stress increases quite linearly with the radial load
applied to the tire, but curves of different areas of the seat radius have different slopes. This
confirms what stated before about the contact zone varying with the intensity of the radial
load. As described before, this phenomenon did not allow a study based on the decomposition
of the whole problem into an inflation problem and a radial problem, because their effect
could not be summed up together. Thus, an empirical model similar to the one applied to the
inflation study has been used.

9.2.3.2. Model and analyses applied to the radial load problem

As stated before, an empirical reverse model was applied to the radial problem as well.
The principle behind it was still to reproduce the experimental results by applying a pressure
distribution on the flange. For this study, however, a more complex and accurate model for
the contact pressure between rim and tire was developed. The need to improve the model
applied to the inflation problem came from some limits of the previous approach. First, in the
model applied to the inflation problem, some of the flange areas lacked of contact pressure;
in the model developed for the radial load instead, this approximation was removed and it
was supposed that every surface of the flange in touch with the tire had to be loaded with a
normal pressure. Secondly, a more systematic and valid procedure to suppose the pressure
distribution was searched for. In order to accomplish this new hypothesis and criteria, a study
conducted by Michelin on the contact pressure between tire and rim came to the aid. This
study, suggested by manufacturer, concerns an experimental measurements campaign on the
contact pressure between tire and rim flange. Tire and rim tested are not the same studied in
this thesis, but the flange profile is nearly identical to the GKN rim, so it is reasonable to
presume that the experimental results obtained by Michelin have a good validity for our study
as well. The pressure measurements have been recorded with a Tekscan sensors matrix
composed by 12 x 52 pressure sensors and put between the tire and the internal surface of
the rim. The value of the measured contact pressure is the average of 12 sensors. The
qualitative disposition of the sensors is shown below (Figure 163):

Hook of the wheel
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/‘ \ Tekscan sensors

0 // 2
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Number of sensorline

0
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Figure 163 Representation of the Tekscan sensors positioning on the rim flange.
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The distance between each of the 52 sensors was about 1,5 mm. The tests carried out

by Michelin have been several, with different combination of inflation and radial load

parameters. One of the most significant tests produced the results shown below (Figure 164):
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Figure 164 Average measurements given by the Tekscan sensors matrix for different value of inflation pressure.

The study consisted in three different tests, which differed by the inflation pressure

value: the aim of the tests was to evaluate the effect of the inflation pressure variations on

the contact pressure on the flange area. As can be noticed, the contact pressure distribution

measured is more complex than the one supposed for our inflation study. As expected, the

whole flange surface is subject to a contact pressure, which value varies along the flange

profile. More in detail, two pressure peaks can be detected: the first is set on the hook of the

flange, while the second is placed in the seat radius area. In the model previously developed,

this pressure peak was not considered. Between the two peaks, a pressure plateau can be

detected: graphically, it can be estimated that the values of the contact pressure in this area

vary roughly linearly with the inflation pressure, with a ratio of about 4 to 1.
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A few other qualitative evaluations can be done; the higher the inflation pressure:
e the lower the contact pressure under the bead wire;
e the higher the contact pressure on the flange hook;
e the higher the contact pressure between seat and hook areas.

All the considerations exposed are purely qualitative, since no sets of numerical data
were available but only the resulting graphs and, thus, only a graphical analysis could be
carried out. Another significant set of tests carried out by Michelin was about the influence of
radial load on the contact pressure. Three different radial load (0, 3.000 and 6.000 daN) were
applied to the 3,2 bar inflated tire. The same sensor matrix used for the inflation tests was

used for the radial load tests as well; the results are presented below (Figure 165).
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Figure 165 Contact pressure tests results by Michelin. 0, 3000 and 6000 daN radial loads were applied to the wheel.
A few information can be obtained from this graph. In fact, as the radial load applied
to the tire rises, the pressure peaks increase as well, while the pressure plateau between the

seat radius and the hook does not seem to be affected in any way.
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Thus, it is reasonable to state that the radial load produces an increase of the contact
pressure on the hook and on the seat radius of the flange, but not on the vertical wall area
[26].

Starting from the considerations on the results of Michelin tests, a more complex
model was developed. In fact, the contact pressure curve for the 3,2 bar inflation was
considered; this curve was chosen because it was the inflation configuration the most similar
to the ones studied in this thesis. The graph of the 3,2 bar inflation and no radial load was
graphically extrapolated and applied to the geometry of the GKN rim flange; in fact, a good
match between the geometrical pattern of the sensors and the discretization of the flange of
our model could be found. The result of this transposition is shown below (Figure 166):

Contact pressure distribution - derived from Michelin 3,2 bar inflation
measurements
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Figure 166 Contact pressure distribution derived from the 3,2 bar inflation measurements results. The Michelin curve
was graphically extrapolated and adapted to the GKN rim.

The pressure distribution obtained turned out to be a good base on which the contact

model could be built. The criteria applied to it are the following:

e The pressure plateau between seat radius and flange hook is considered fixed
and proportional to the inflation pressure, with a ratio of about 4 to 1. Thus,
the value of the pressure in this area will not be changed depending on the
radial load, since it is considered function of the inflation parameters only.

e The seat radius peak (in the area between “g” and “p”) will be changed in
intensity depending on the radial load, but not in position, since it was assumed
that the tire heel could not change his loading area once it fit in its seat.

e The hook peak, on the other hand, could be changed in both intensity and
position along the flange profile, as the loading area on the upper part of the
flange can change depending on the tire design, the inflation pressure and the
radial load, as verified in the previous paragraphs.
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Starting from this model definition, the 4 and 6 bar load cases have been analysed in
order to produce contact pressure diagram for all them. The criteria found analysing Figure
164 and Figure 165 turned out to be very useful in this improved model, as they represented
a good starting point on which formulate loading hypotheses. Another essential aspect that
distinguishes this model from the previous one, is that no automotive formulas was assumed
as a starting point and, hence, no axial force was distributed on the flange surface. Quite the
opposite, it was decided that the experimental stress had to be well interpreted both in curve
shape and magnitude. In fact, it was reasonable to think that, if a contact pressure distribution
was found which could give stress results sufficiently similar to the laboratory ones in terms
of both intensity and distribution of the radius stress, that pressure diagram had to be quite
similar to the real one. As it will be shown later, corrective k coefficient had to be applied to
adjust by only a few percentage points the maximum stress and, therefore, get the best
matching between numerical and experimental results. It is good to remember, in fact, that
the static results of this set of FE simulations would have been used then as a starting point
for the fatigue simulations and the most accurate stress reproduction of the experimental

campaign was therefore needed.

The main objective of this model was to evaluate as well as possible the stress values
in all the three seat radius areas (F4, F5 and F6). Before presenting the load distributions

supposed through this model, a few explanations on the method used to produce them are

needed. The curve shape could be modified through three coefficients. The first one, called o,

affected the intensity of the seat radius peak, as shown below (Figure 167):

a coefficient effect - bead seat peak amplitude modulation
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Figure 167 Influence of the a coefficient on the contact pressure diagram.
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The second coefficient applied, 8, affected the intensity of the hook peak (Figure 168):

B coefficient effect - Flange hook peak amplitude modulation
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Figure 168 Influence of the B coefficient on the contact pressure diagram.

Finally, the y coefficient defined the position of the hook peak along the flange profile
(Figure 169):

v coefficient effect - Flange hook peak position modulation
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Figure 169 Influence of the y coefficient on the contact pressure diagram.
On the other hand, the value of the pressure in the plateau area as well as the position
of the seat radius peak along the flange profile were considered fixed parameters. The plateau

pressure was assumed as a linear function of the inflation pressure only as stated before.

The 3D model of the rim, the mesh sizing and the boundary conditions used for this set
of simulations are identical to the ones applied in the inflation analyses described in Paragraph
4.2.5; the only difference consists in the load conditions, which refers to the contact pressure
model described above. It is important to remark that the circumferential pressure
distribution generated by a vertical radial load should be modelled with a cosine function,
which can be compared to the pressure distribution predicted by Hertz for the contact
problem. The domain of this function should be centred in the tire-ground mean contact point
and should extend in both directions for a semi-amplitude called load angle, whose value

varies according to the tire design, the rim design, the inflation pressure and the radial load
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applied [25]. However, the aim of this thesis is not to reproduce a faithful distribution of the
stress in the rim, but to make the best evaluation of the rim fatigue life possible: for this
purpose, modelling the stress distribution along the circumferential direction was completely
useless. Thus, in this model any circumferential stress dependency is neglected, as it does not
constitute any sort of approximation in terms of evaluation of the fatigue resistance of the

component.

This having been said, the load diagram obtained from the simulations can be
presented; it is worth remembering that the criterion on which a pressure diagram could be
retained acceptable was a good match between the experimental and numerical results of the
F5 and F6 stress (the F4 experimental values were, once, again, very difficult to reproduce in
the FE simulations). The contact pressure distributions obtained through this model and the
comparison between the experimental and the numerical results are presented in the

following figures.
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The load diagrams and the results comparisons for the radial tire — 4 bar configurations

are shown below (Figure 170; Figure 171; Figure 172; Figure 173; Figure 174):

load diagram - radial - 4 bar - 5.000 kg

. CONTACT PRESSURE CONTACT PRESSURE . CONTACT PRESSURE
A E R '

Lo [MPal A [MPa] AREA [MPa]
8 2,13 n 4,66 s 2,14
h 2,55 o] 6,27 t 0,77
i 2,64 p 6,75 u 900
| 2,51 q 6,14 v 0,00
m 2,79 r 4,22 z 0,00

Contact pressure diagram - radial - 4 bar - 5.000 kg
800
& 7.00
;-- 6.00
< 500
3 4.00
S 3.00
TERRRE
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(=]
“ 0.00 L
g h i | m n o] p q r 5 t u v z
Simulation results comparison - radial - 4 bar — 5.000 kg
RIBRASRERIEES COMBAR AN STRESS RATIOS COMPARISON
[MPA]

AREA EXPERIMENTAL NUMERICAL AREAS EXPERIMENTAL NUMERICAL
F4 130,1 157,2 F4/F5 0,514 0,624
F5 253,0 251,9 FS/F5 1,000 1,000
F6 265,3 265,2 F6/F5 1,049 1,053

Stress results comparison - radial - 4 bar - 5.000 kg

350.0
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— 250.0 = Numerical
a
S 2000
g 150.0
@ 1000
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0.0
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Figure 170 Contact pressure diagram (above) and comparison between experimental and numerical results (below) for
the radial tire — 4 bar — 5.000 kg configuration.
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Load diagram - radial - 4 bar - 7.500 kg

| CONTACT PRESSURE | CONTACT PRESSURE o CONTACT PRESSURE
AREA [MPa] AREA [MPal AREA [MPa]
g 2,12 n 3,30 s 2,74
h 2,64 0 4,47 t 1,40
i 2,75 p 5,32 u 0,55
| 2,61 q 5,28 Y 0,00
m 2,56 r 4,30 z 0,00
Contact pressure diagram - radial - 4 bar - 7500 kg
__6.00
‘EL 5.00
© 400
e
@ 3.00
£ 2.00 I I I I I
: I
£ 1.00 I
(=]
© 0.00 a
g h i | m n o] p q r 5 t u v z
Simulation results comparison - radial - 4 bar - 7.500 kg
STRESS RE'SU[:‘;'S;:]O'MPAR'SON STRESS RATIOS COMPARISON
AREA EXPERIMENTAL NUMERICAL AREAS EXPERIMENTAL NUMERICAL
F4 142,60 178,7 F4/F5 0,537 0,673
F5 265,79 265,7 F5/F5 1,000 1,000
F6 272,83 272,5 F6/F5 1,026 1,026
Stress results comparison - radial - 4 bar - 7.500 kg
350.00
—— Experimental
300.00
. 250.00 Numerical
&
S 200.00
4 150,00
& 100.00
50.00
0.00

F4

F5

Seat radius area

Figure 171 Contact pressure diagram (above) and comparison between experimental and numerical results (below) for
the radial tire — 4 bar — 7.500 kg configuration.
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Load diag_ram - radial - 4 bar — 10.000 kg

. CONTACT PRESSURE CONTACT PRESSURE CONTACT PRESSURE
AREA [MPal AREA [MPa] AREA [MPal
g 3,04 n 4,46 S 2,92
h 4,51 o] 5,17 t 1,39
i 4,80 p 5,95 u 0,43
| 4,43 q 5,82 Y 0,00
m 4,03 r 4,69 z 0,00
Contact pressure diagram - radial - 4 bar - 10.000 kg
__7.00
% 6.00
5 5.00
2 4.00
£ 3.00
E 2.00
£ 100 I I I
© 0.00 =
g h i | m n o p q r 5 t u v z

Simulation results comparison - radial - 4 bar — 10.000 kg

':STRESS*RES'U[ﬂi ;GMPANSON STRESS RATIOS COMPARISON
AREA EXPERIMENTAL NUMERICAL AREAS EXPERIMENTAL NUMERICAL
F4 154,70 183,7 F4/F5 0,556 0,665
F5 278,05 276,1 F5/F5 1,000 1,000
F6 279,65 279,7 F6/F5 1,006 1,013
Stress results comparison - radial - 4 bar - 10.000 kg
350.00
Experimental
300.00
Numerical
= 250.00
oo
E 200.00
@ 150.00
% 100.00
50.00
0.00
F4 F5 F6

Seat radius area

Figure 172 Contact pressure diagram (above) and comparison between experimental and numerical results (below) for
the radial tire — 4 bar — 10.000 kg configuration.
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Load diag_ra_m - radial - 4 bar — 12.500 kg

. CONTACT PRESSURE CONTACT PRESSURE CONTACT PRE'S_'SUR:E
AREA [MPa] AREA [MPa] AREA [MPa]
g 3,09 n 3,52 S 3,28
h 4,66 o] 3,81 t 1,88
i 4,96 p 4,76 u 0,94
I 4,58 q 5,00 v 0,40
m 3,93 r 4,58 z 0,00
Contact pressure diagram - radial - 4 bar - 12.500 kg
__6.00
< 5.00
E 4.00
=
2 3.00
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E 1.00 I
o .
(o]
“ 0.00 I -
g h i | m n o] p q r 5 t u v z
Simulation results comparison - radial - 4 bar — 12.500 kg
TRESS RESULTS COMPARISON e L
STRESS 59;;?,? SON STRESS RATIOS COMPARISON
AREA EXPERIMENTAL NUMERICAL AREAS EXPERIMENTAL NUMERICAL
F4 165,22 202,9 F4/F5 0,573 0,704
F5 288,31 288,4 F5/F5 1,000 1,000
F6 285,47 286,3 F6/F5 0,990 0,993
Stress results comparison - radial - 4 bar - 12.500 kg
350.00
Experimental
300.00
— 25000 / Numerical
o
2, 200.00
4 150.00
& 100.00
50.00
0.00

Fa FS
Seat radius area

F6

Figure 173 Contact pressure diagram (above) and comparison between experimental and numerical results (below) for
the radial tire — 4 bar — 12.500 kg configuration.

224




Load diagram - radial - 4 bar - 15.100 kg

e CONTACT PRESSURE ; 'CONTACT PRESSURE . | CONTACT PRESSURE
AREA [MPa] AREA [(MPa] AREA [MPa]
g 3,39 n 3,66 5 3,45
h 5,25 o 3,01 1 2,39
i 5,61 p 3,67 u 1,47
I 5,16 q 4,15 v 0,90
m 4,40 r 4,11 z 0,51
Contact pressure diagram - radial - 4 bar - 15.100 kg
__6.00
%u 5.00
© 400
2
2 3.00
£ 1.00
8 0.00 I I L
g h i | m n o] p q r 5 t u v z

Simulation results comparison - radial - 4 bar — 15.100 kg

STRESS RESU{ﬁ;ﬂMEARISON STRESS RATIOS COMPARISON
AREA EXPERIMENTAL NUMERICAL AREAS EXPERIMENTAL NUMERICAL
F4 177,41 221,2 F4/F5 0,589 0,735
F5 301,04 300,8 F5/F5 1,000 1,000
F6 292,10 293,0 F6/F5 0,970 0,974
Stress results comparison - radial - 4 bar - 15.100 kg
350.00
300.00 Experimental
- 250.00 — Numerical
% 200.00 /
@ 150.00
% 100.00
50.00
0.00

F4

F5

Seat radius area

Figure 174 Contact pressure diagram (above) and comparison between experimental and numerical results (below) for
the radial tire — 4 bar — 15.100 kg configuration.
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The load diagrams and the results comparisons for the radial tire — 6 bar configurations

are shown below (Figure 175; Figure 176; Figure 177; Figure 178; Figure 179):

Load diagram - radial - 6 bar — 5.000 kg

: CONTACT PRESSURE CONTACT PRESSURE . CONTACT PRESSURE
& LC E JNT/ >SUF . )
L [MPa] AE [MPal AREA [MPa]
8 3,68 n 3,80 s 2,41
h 5,01 o] 2,86 t 2,57
i 5,27 p 2,58 u 3,28
| 4,94 q 2,45 v 3,93
m 4,41 r 2,42 z 4,13
Radial - 6 bar - 5.000 kg
6.0
[{3]
%'_. 5.00
@ 4.00
=
2 3.00
o I I I I I I
o
£ 1.00
5]
“ 0.00
g h i | m n o] p q r 5 t u v z

Simulation results comparison - radial - 6 bar — 5.000 kg

L RESU[$;OMPARISQN STRESS RATIOS COMPARISON
AREA EXPERIMENTAL NUMERICAL AREAS EXPERIMENTAL NUMERICAL
Fa4 191,0 300,4 F4/F5 0,513 0,805
F5 372,3 373,0 FS/F5 1,000 1,000
F6 355,3 355,1 F6/F5 0,954 0,952

Stress results comparison - radial - 6 bar - 5.000 kg

500.0

400.0

300.0

200.0

Stress [MPa]

100.0

0.0
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F5
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Figure 175 Contact pressure diagram (above) and comparison between experimental and numerical results (below) for
the radial tire — 6 bar — 5.000 kg configuration.
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Load diagram - radial - 6 bar — 7.500 kg

Seat radius area

CONTACT PRESSURE CONTACT PRESSURE CONTACT PRESSURE
AREA [M PA] AREA [MPA] AREA [MPA]
g 4,44 n 4,63 s 2,41
h 6,56 0 3,12 t 2,61
i 6,97 p 2,67 u 3,51
I 6,45 q 2,47 v 4,35
m 5,60 r 2,42 z 4,59
Radial - 6 bar - 7.500 kg
__ 800
&
2, 6.00
2
2 4.00
[<1]
o
£ 2.00
(1]
: NERRER I
8 0.00
g h i | m n o] p q r 5 t u v rd
Simulation results comparison - radial - 6 bar — 7.500 kg
STRESS RESU[[J'S;;OMPAR'SON STRESS RATIOS COMPARISON
AREA EXPERIMENTAL NUMERICAL AREAS EXPERIMENTAL NUMERICAL
F4 205,03 313,1 F4/F5 0,531 0,811
F5 386,42 386,2 F5/F5 1,000 1,000
F6 363,62 363,2 F6/F5 0,941 0,940
Stress results comparison - radial - 6 bar - 7.500 kg
500.00
— Experimental
400.00 .
_ | p— Numerical
m
< 300.00 el
@ 200.00
bl
100.00
0.00
F4 F5 Fé

Figure 176 Contact pressure diagram (above) and comparison between experimental and numerical results (below) for
the radial tire — 6 bar — 7.500 kg configuration.
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Load diagram - radial - 6 bar — 10.000 kg

F4

F5

Seat radius area

Figure 177 Contact pressure diagram (above) and comparison between experimental and numerical results (below) for
the radial tire — 6 bar — 10.000 kg configuration.

CONTACT PRESSURE CONTACT PRESSURE CONTACT PRESSURE
AREA [M Pal AREA [MPa] AREA [MPa]
g 5,57 n 5,86 s 2,40
h 8,87 o] 3,51 t 2,66
i 9,51 p 2,80 u 3,82
I 8,71 q 2,49 v 4,89
m 7,38 r 2,42 z 5,21
Radial - 6 bar - 10.000 kg
__ 1000
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E_ 8.00
<1}
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% |”I|I||III||II
“ 0.00
g h i | m n o p q r 5 t u v z
Simulation results comparison - radial - 6 bar — 10.000 kg
Slikas RESU['I_;)T;:]QM FARISDN STRESS RATIOS COMPARISON
AREA EXPERIMENTAL NUMERICAL AREAS EXPERIMENTAL NUMERICAL
F4 221,46 329,0 F4/F5 0,550 0,817
F5 402,42 402,6 F5/F5 1,000 1,000
F6 372,04 3723 F6/F5 0,925 0,925
Stress results comparison - radial - 6 bar - 10.000 kg
500.00
— Experimental
400.00
g — Numerical
3]
% 300.00
3 200.00
&
100.00
0.00
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Load diagram - radial - 6 bar— 12.500 kg

CONTACT PRESSURE CONTACT PRESSURE CONTACT PRESSURE
AREA [MPal AREA [MPa] AREA [MPa]
g 6,47 n 6,84 5 2,41
h 10,70 o 3,83 t 2,59
i 11,53 p 2,92 u 3,66
| 10,49 q 2,52 v 5,33
m 8,79 r 2,42 z 6,38
Radial - 6 bar - 12.500 kg
__ 1400
E§L 12.00
o 10.00
g 8.00
£ 6.00
E 4.00 I
€ 2.00
s i |
g h i | m n o p q r 5 t u v z
Simulation results comparison - radial - 6 bar — 12.500 kg
STRESS RESU[II-;;i:]oM PARISON STRESS RATIOS COMPARISON
AREA EXPERIMENTAL NUMERICAL AREAS EXPERIMENTAL NUMERICAL
F4 234,28 341,70 F4/F5 0,565 0,824
F5 414,77 414,60 F5/F5 1,000 1,000
F6 378,26 378,00 F6/F5 0,912 0,912
Stress results comparison - radial - 6 bar - 12.500 kg
500.00
Experimental
400.00 R Numerical
% 300.00
@ 200.00
A
100.00
0.00
F4 Fs F6

Seat radius area

Figure 178 Contact pressure diagram (above) and comparison between experimental and numerical results (below) for
the radial tire — 6 bar — 12.500 kg configuration.
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Load diagram - radial - 6 bar — 15.100 kg

Seat radius area

CONTACT PRESSURE CONTACT PRESSURE CONTACT PRESSURE
AREA [MPal AREA [MPa] AREA [MPa]
g Tild n 7,56 s 2,42
h 12,04 o] 4,07 t 2,62
i 13,00 p 3,01 u 3,81
I 11,80 q 2,54 v 5,68
m 9,82 r 2,43 z 6,84
Radial - 6 bar - 15.100 kg
__ 1400
C§L 12.00
o 10.00
g 8.00
£ 6.00
g 4.00
£ 200 I I I
g h i | m n o p q r 5 t u v z
Simulation results comparison - radial - 6 bar — 15.100 kg
STBE RESU[II;;i':]OMPARISON STRESS RATIOS COMPARISON
AREA EXPERIMENTAL NUMERICAL AREAS EXPERIMENTAL NUMERICAL
F4 246,59 352,7 F4/F5 0,578 0,828
F5 426,41 426,2 F5/F5 1,000 1,000
F6 383,62 385,3 F6/F5 0,900 0,904
Stress results comparison - radial - 6 bar - 15.100 kg
500.00
Experimental
-~ 400.00 _—— T —— Numerical
S 300.00
s
¢ 200.00
&
100.00
0.00
F4 F5 F6

Figure 179 Contact pressure diagram (above) and comparison between experimental and numerical results (below) for
the radial tire — 6 bar — 15.100 kg configuration.
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The load diagrams and the results comparisons for the bias tire — 4 bar configurations

are shown below (Figure 180; Figure 181, Figure 182, Figure 183; Figure 184):

Load diagram - bias - 4 bar - 5.000 kg

. CONTACT PRESSURE CONTACT PRESSURE CONTACT PRESSURE
AREA [MPal] AREA [MPal AREA [MPa]

g 2,39 n 4,74 s 1,54

h 3,09 o} 5,06 t 0,82

i 3,22 p 4,91 u 0,34

| 3,19 q 4,02 Y 0,02

m 3,74 r 2,68 z 0,00

Bias - 4 bar - 5.000 kg

_ 1200
1=
% 10.00
E: 8.00
=
2 6.00
S 400
g 2.00 I I
C .
(=]
8 w0 AR
g h i | m n o] p q r 5 t u v z
Simulation results comparison - bias - 4 bar - 5.000 kg
2 ERES RS ESECREEGUSQN STRESS RATIOS COMPARISON
[MPa]

AREA EXPERIMENTAL NUMERICAL AREAS EXPERIMENTAL NUMERICAL
F4 145,3 259,6 F4/F5 0,469 0,838
F5 309,7 309,8 F5/F5 1,000 1,000
F6 257,5 275,7 F6/F5 0,831 0,890

Stress results comparison - bias - 4 bar - 5.000 kg
400.0 :
350.0 Experimental
300.0 —_— : Numerical
& 2500
=
— 200.0
£ 1500
v
100.0
50.0
0.0

F4 F5 F6
Seat radius area

Figure 180 Contact pressure diagram (above) and comparison between experimental and numerical results (below) for
the bias tire — 4 bar — 5.000 kg configuration.
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Load diagram - bias - 4 bar — 7.500 kg

CONTACT PRESSURE : CONTACT PRESSURE | CONTACT PRESSURE
AREA [MPa] AREA [MPa] AREA [MPa]
g 5,64 n 6,01 S 1,61
h 9,85 o 3,01 t 1,78
i 10,68 p 2,10 u 2,84
| 9,65 q 1,71 v 4,51
m 7,95 r 1,61 z 5,55
Bias - 4 bar - 7.500 kg
__14.00
£ 12.00
SR
v 10.00
é 8.00
Y 6.00
o
g 400 I I I
£ 200
S o l EEEEN
g h i | m n o p q r 5 t u v z
Simulation results comparison - bias - 4 bar — 7.500 kg
=liEas _RESU[II;I'S:;OMPAR[SON STRESS RATIOS COMPARISON
AREA EXPERIMENTAL NUMERICAL AREAS EXPERIMENTAL NUMERICAL
Fa 158,76 274,4 F4/F5 0,487 0,842
F5 326,12 326,0 FS/F5 1,000 1,000
F6 274,53 288,5 F6/F5 0,842 0,885
Stress results comparison - bias - 4 bar - 7.500 kg
400.00
350.00 Experimental
300.00 —— —_— Numerical
& 250.00
=
— 200.00
£ 150.00
vy
100.00
50.00
0.00
F4 F5 F6

Seat radius area

Figure 181 Contact pressure diagram (above) and comparison between experimental and numerical results (below) for
the bias tire — 4 bar — 7.500 kg configuration.
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Load diagram - bias - 4 bar — 10.000 kg

CONTACT PRESSURE CONTACT PRESSURE CONTACT PRESSURE
AREA [MPa] AREA [MPa] AREA [MPa]
g 6,10 n 6,51 s 1,63
h 10,77 o 3,19 t 1,82
i 11,69 p 2,18 u 3,02
I 10,55 q 1,74 v 4,90
m 8,66 r 1,63 z 6,07
Bias - 4 bar - 10.000 kg

__ 1400

S 1200

< 10.00

2 800

£ 6.00

g 400

£ 200 II II

8 oo I n 1@

g h i | m n o p q r 5 t u v z
Simulation results comparison - bias - 4 bar — 10.000 kg
SRk RESU[II_;;iaCZ]OMPARESON STRESS RATIOS COMPARISON
AREA EXPERIMENTAL NUMERICAL AREAS EXPERIMENTAL NUMERICAL

F4 175,10 291,2 F4/F5 0,509 0,847
F5 343,86 343,6 F5/F5 1,000 1,000
F6 293,70 301,6 F6/F5 0,854 0,878

Stress results comparison - bias - 4 bar - 10.000 kg

400.00
Experimental
__300.00 / - Numerical
©
o
<
» 200.00
@
&
100.00
0.00

Fa F5 F6

Seat radius area

Figure 182 Contact pressure diagram (above) and comparison between experimental and numerical results (below) for
the bias tire — 4 bar — 10.000 kg configuration.
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Load diagram - bias - 4 bar — 12.500 kg

CONTACT PRESSURE CONTACT PRESSURE CONTACT PRESSURE
AREA [MPa] AREA [MPa] AREA [MPa]
g 6,69 n 7,16 s 1,62
h 12,00 0 3,39 t 1,84
i 13,04 p 2,24 u 3,23
I 11,74 q 1,74 v 5,40
m 9,60 r 1,62 z 6,76
Bias - 4 bar - 12.500 kg

__ 1600

& 14.00

2 12,00

£ 10.00

3 8.00

3 6.00

& 400 I

S 200

8 oo I I s nnnl

g h i | m n o p q r 5 t u v z
Simulation results comparison - bias - 4 bar - 12.500 kg
SRk RESU[II;;i;OM EABISON STRESS RATIOS COMPARISON
AREA EXPERIMENTAL NUMERICAL AREAS EXPERIMENTAL NUMERICAL

F4 191,91 305,4 F4/F5 0,534 0,850
F5 359,07 359,1 F5/F5 1,000 1,000
F6 311,71 313,8 F6/F5 0,868 0,874

Stress results comparison - bias - 4 bar - 12.500 kg

400.00
Experimental
300.00 —_— N Numerical
©
o
=3
P 200.00
a
3
100.00
0.00

F4 F5 F6
Seat radius area

Figure 183 Contact pressure diagram (above) and comparison between experimental and numerical results (below) for
the bias tire — 4 bar — 12.500 kg configuration.
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Load diagram - bias - 4 bar - 15.100 kg

- | CONTACT PRESSURE CONTACT PRESSURE CONTACT PRESSURE
Sl [MPa] ARES [MPa] e [MPa]
g 7,14 n 7,65 5 1,64
h 12,90 o 3,55 T 1,88
i 14,02 p 2,31 u 3,39
| 12,62 q 1,77 v 5,78
m 10,30 r 1,64 z 7,27
Bias - 4 bar - 15.100 kg
__16.00
& 14.00
2 12.00
£ 10,00
2 800
& 6.00
Y 4,00
€ 200 I I
8 oo B
g h i | m n o p q r 5 t u v z
Simulation results comparison - bias - 4 bar — 15.100 kg
_— RESU[lr.\';i;OMRARISON STRESS RATIOS COMPARISON
AREA EXPERIMENTAL NUMERICAL AREAS EXPERIMENTAL NUMERICAL
F4 207,02 322,0 F4/F5 0,549 0,854
F5 377,04 377,0 F5/F5 1,000 1,000
F6 328,27 328,4 F6/F5 0,871 0,871
Stress results comparison - bias - 4 bar - 15.100 kg
400.00
Experimental
300.00 Numerical
©
o
=
— 200.00
¢
&
100.00
0.00

F4 FS F6
Seat radius area

Figure 184 Contact pressure diagram (above) and comparison between experimental and numerical results (below) for
the bias tire — 4 bar — 15.100 kg configuration.
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The load diagrams and the results comparisons for the bias tire — 6 bar configurations

are shown below (Figure 185; Figure 186; Figure 187; Figure 188; Figure 189):

Load diagram - bias - 6 bar - 5.000 kg

: CONTACT PRESSURE CONTACT PRESSURE . CONTACT PRESSURE
L [MPa] A [MPa] AER [MPa]
g 5,84 n 6,16 S 2,42
h 9,41 o] 3,61 t 2,41
i 10,11 p 2,84 u 2,69
| 9,24 q 2,51 v 3,99
m 7,80 r 2,43 z 5,18
Bias - 6 bar - 5.000 kg
_ 1200
1=
% 10.00
73" 8.00
=
2 6.00
S 400 I I
o
||IIII||
(=]
“ 000
g h i | m n o] p q r 5 t u v z
Simulation results comparison - bias - 6 bar — 5.000 kg
RHRRRS RESUIIr'\;i:]OMPARISQN STRESS RATIOS COMPARISON
AREA EXPERIMENTAL NUMERICAL AREAS EXPERIMENTAL NUMERICAL
F4 188,4 290,7 F4/F5 0,526 0,812
F5 358,1 358,0 F5/F5 1,000 1,000
F6 325,6 327,9 F6/F5 0,909 0,916
Stress results comparison - bias - 6 bar - 5.000 kg
500.0
Experimental
400.0 Numerical
§ 300.0 —
3 200.0
&
100.0
0.0

F4

F5

Seat radius area
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Figure 185 Contact pressure diagram (above) and comparison between experimental and numerical results (below) for
the bias tire — 6 bar — 5.000 kg configuration.
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Load diagram - bias - 6 bar — 7.500 kg

CONTACT PRESSURE CONTACT PRESSURE CONTACT PRESSURE
AREA (MPal AREA [MPa] AREA (MPa]
g 6,02 n 6,35 s 2,44
h 9,76 0 3,69 t 2,43
i 10,49 p 2,89 u 2,80
I 9,58 q 2,53 v 4,49
m 8,07 r 2,45 z 6,06
Bias - 6 bar - 7.500 kg
__ 12,00
g 10.00
9 800
7
9 6.00
RRRRRRR
§ 0
0.00
g h i | m n o p q r 5 t u v z
Simulation results comparison - bias - 6 bar - 7.500 kg
BlRE= RESU[II-;IE!;OM EARISON STRESS RATIOS COMPARISON
AREA EXPERIMENTAL NUMERICAL AREAS EXPERIMENTAL NUMERICAL
F4 204,4 310,2 F4/F5 0,539 0,818
F5 379,5 379,0 F5/F5 1,000 1,000
F6 346,9 346,7 F6/F5 0,914 0,915

Stress results comparison - bias - 6 bar - 7.500 kg

500.0

Experimental

400.0

Numerical

/ —
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Stress [MPa]
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Figure 186 Contact pressure diagram (above) and comparison between experimental and numerical results (below) for
the bias tire — 6 bar — 7.500 kg configuration.
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Load diagram - bias - 6 bar — 10.000 kg

CONTACT PRESSURE CONTACT PRESSURE CONTACTPRESSURE
AREA (MPal AREA [MPa] AREA (MPa]
g 6,25 n 6,61 s 2,42
h 10,24 o 3,77 t 2,68
i 11,02 p 2,91 u 3,85
I 10,05 q 2,53 v 4,93
m 8,44 r 2,44 z 5,25
Bias - 6 bar - 10.000 kg
1200
S 10.00
9 800
o]
4 6.00
g 400
AEENER
(o]
“ 000
g h i | m n o p q r 5 t u v z
Simulation results comparison - bias - 6 bar — 10.000 kg
STRESS RESU['I_;)T;:]QM EARIaaN STRESS RATIOS COMPARISON
AREA EXPERIMENTAL NUMERICAL AREAS EXPERIMENTAL NUMERICAL
F4 218,8 327,7 F4/F5 0,546 0,817
F5 400,8 400,9 F5/F5 1,000 1,000
F6 366,1 367,1 F6/F5 0,913 0,916

Stress results comparison - bias - 6 bar - 10.000 kg

500.0

Experimental
400.0

Numerical

300.0

200.0

Stress [MPa]

100.0

0.0
F4 F5 Fo
Seat radius area

Figure 187 Contact pressure diagram (above) and comparison between experimental and numerical results (below) for
the bias tire — 6 bar — 10.000 kg configuration.
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Load diagram - bias - 6 bar — 12.500 kg

CONTACT PRESSURE CONTACT PRESSURE CONTACT PRESSURE
AREA [MPa] AREA [MPa] AREA [MPa]
g 6,59 n 6,98 s 2,41
h 10,95 o 3,87 t 2,72
i 11,81 p 2,93 u 4,14
I 10,74 q 2,52 v 5,45
m 8,99 r 2,42 z 5,84
Bias - 6 bar - 12.500 kg
__ 1400
S 1200
< 10.00
2 800
£ 6.00
g 400
€ 200
5 EEEEER
g h i | m n o p q r 5 t u v z
Simulation results comparison - bias - 6 bar — 12.500 kg
SRk RESU[II_;)'I;;OM EABISON STRESS RATIOS COMPARISON
AREA EXPERIMENTAL NUMERICAL AREAS EXPERIMENTAL NUMERICAL
F4 234,8 346,7 F4/F5 0,557 0,823
F5 421,4 421,3 F5/F5 1,000 1,000
F6 384,6 384,2 F6/F5 0,913 0,912

Stress results comparison - bias - 6 bar - 12.500 kg
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Figure 188 Contact pressure diagram (above) and comparison between experimental and numerical results (below) for
the bias tire — 6 bar — 12.500 kg configuration.
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Load diagram - bias - 6 bar — 15.100 kg

CONTACT PRESSURE CONTACT PRESSURE : CONTACT PRESSURE
= [(MPal i (MPa] i [MPa)
g 6,98 n 7,40 s 2,41
h 11,74 o} 4,01 t 2,78
i 12,68 p 2,98 u 4,45
| 11,51 q 2,53 v 6,00
m 9,59 r 2,43 z 6,47
Bias - 6 bar- 15.100 kg
__14.00
& 12.00
2
o 1000
2 800
vy
Y 600 I | I
(=9
T 4.00 I I
BL
c 2.00
§ 2% I 1111
g h i | m n o p q r 3 t u v z
Simulation results comparison - bias - 6 bar — 15.100 kg
STRESS RESU[:‘\:,;OMPAR'SON STRESS RATIOS COMPARISON
AREA EXPERIMENTAL NUMERICAL AREAS EXPERIMENTAL NUMERICAL
F4 251,7 367,8 F4/F5 0,566 0,827
F5 444,8 4445 F5/F5 1,000 1,000
F6 403,7 403,8 F6/F5 0,908 0,908
Stress results comparison - bias - 6 bar - 15.100 kg
500.0
Experimental
400.0 Numerical
g
s 300.0
§ 200.0
A
100.0
0.0

F4 F&

F
Seat rad?us area

Figure 189 Contact pressure diagram (above) and comparison between experimental and numerical results (below) for
the bias tire — 6 bar — 15.100 kg configuration.
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Some clarifications about the previous results are needed. As it can be seen, the match
between the experimental and the numerical maximum stress is already very good; this is
because the k corrective coefficient has already been applied. The intermediate results have
not been presented in order to provide a more concise presentation of the work done.
Anyway, the gap between the experimental measurements and the FE results obtained by
supposing the pressure distributions reached 7% only in the radial tire — 4 bar — 5000 kg
configuration, which was the most complex case to study. In all the remaining load
configurations, errors below 2% could be obtained. This means that the contact pressure
distributions supposed in these simulations can represent a possible solution for the contact
problem. It is good to remember that in all the load configurations supposed, the criteria and
hypotheses reported above have been respected. Regarding the quality of the results
obtained, it must be said that even with this improved model, the F4 experimental results
could not be interpreted in any way, since they are systematically and significantly lower than
the numerical predictions. The cause of this discrepancy could be many, from inaccuracy of
the contact model applied to lack of precision in the application of the strain gauges during
the laboratory tests. According to tire manufacturers, two of the major issues that can lead to
error in the experimental measurements and, thus, produce discrepancy between the
experimental and numerical data are the inaccurate alignment of the strain gauges and the
tendency of the gauges to record transversal strains [25]. As said in the previous paragraphs,
fortunately the F4 stress is the lower of the stress detected in the seat radius area and, thus,
cannot be the most critical on both a static and a fatigue point of view. Regarding the F5 and
the F6 results, a good match for both could be reached for almost every load configuration
overall. In fact, the most critical load conditions to reproduce were the bias tire —4 bar — 5000,
7500 and 10000 kg, for which the stress curve shape could not be reproduced precisely. This
is due to the stress trend itself: in fact, for these configurations, the F5 values are significantly
higher than the F6 ones, so that the curve has a clear stress peak in the middle of the seat
radius. This condition could hardly be reproduced in the simulations, since only more gradual
curves could be obtained. However, for all the remaining load conditions, a good match for
both F5 and F6 stress could be found quite easily. It must be highlighted that finding a good
coincidence between the experimental and numerical results for both F5 and F6 values

substantially meant to be able to interpret the stress curve in the radius critical area.
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Therefore, it can be stated that the load diagrams found might be considered possible

solutions of the tire = rim contact problem.

As done in the previous study, a qualitative representation of the contact pressures
derived from this model is proposed. Since the pressure distribution is quite similar for all the
cases, except for the 4 bar — radial configuration, an exemplificative illustration of all the

remaining pressure diagrams is presented (Figure 190):

Figure 190 Qualitative representation of the contact pressure distribution found with the empirical model proposed in
this paragraph.
An exemplificative graphic representation of the main stress field obtained through
the FE simulation with the pressure distribution of the improved contact model is proposed
as well (Figure 191):
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Figure 191 Graphic representation of the main stress field obtained through the FE static simulation for the 6 bar —
15.100 kg - radial tire configuration.
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Below, the comparison between the different pressure diagrams referring to all the
load configurations are presented (Figure 192; Figure 193; Figure 194; Figure 195):
Load diagrams comparison - 4 bar - radial tire

16.00
——— 5000 kg
——10000 kg
6.00 —— 12500 kg
—— 15100 kg
1.00
g h i | m n o p q r 5 t u v z
-4.00
Figure 192 Contact pressure diagrams obtained for the 4 bar - radial tire load configurations.
Load diagrams comparison - 4 bar - bias tire
20.00
e 5000 kg
15.00 7500 kg
e 10000 kg
10.00 — 12500 kg
e 15100 kg
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0.00
g h i | m n o] p q r S t u v z
Figure 193 Contact pressure diagrams obtained for the 4 bar —radial tire load configurations.
Load diagrams comparison - 6 bar - radial tire
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Figure 194 Contact pressure diagrams obtained for the 4 bar — radial tire load configurations.
16.00 Load diagrams comparison - 6 bar - bias tire
e 5000 kg
11.00 e 7500 kg
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Figure 195 Contact pressure diagrams obtained for the 4 bar - radial tire load configurations.
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As can be seen, a good coherence was obtained for the pressure diagrams of all the
load configurations, except for the 4 bar — radial tire case, for which a “Michelin like” pressure
distribution could not be found.

In fact, in order to obtain stress values in the numerical simulation the most similar to

the experimental ones, it was necessary to load heavily the area corresponding to the vertical
surface of the flange by translating the hook pressure peak. The peak obtained is largely higher
than the seat radius peak for the low load cases; as the radial load increases, the hook peak
decreases and translates towards the hook area; while the seat radius peak increases and,
thus, the pressure diagram tend to a configuration more similar to the Michelin one. Assuming
that this pressure distribution well overlaps the real one, it could not be explained such an
anomalous load diagram. One of the possible reasons could be the particular behaviour of the
radial design at low inflation pressures, for which the tire does not load the hook area, but the
vertical surface of the flange instead. Regarding the other load configurations, pressure
distributions very similar to the Michelin one could be easily found, with good results in terms
of stress found. It must be highlighted how drastically different the pressure diagrams found
for the 4 bar —bias tire is compared to the 4 bar —radial tire. On the other hand, it is interesting
how the hias and radial tire can be described by quite similar pressure distributions at the
higher inflation pressure of 6 bar; these similarities are weaker for the lower radial loads
(5.000 and 7.500 kg). Lastly, it can be noticed that, comparing the 4 bar — radial tire case to
the 6 bar cases, an apparently absurd result emerges. In fact, the higher pressures supposed
for the 4 bar — radial tire case reach about 15 MPa when a 15.100 kg radial load is applied;
while the 6 bar configurations do not exceed 13 MPa in the same conditions. This apparent
inconsistency can actually be explained if we consider that the same radial load is applied to
a much more rigid tire (the 6 bar inflated one) compared to the 4 bar inflated tire. It becomes
clear that in the first case, the same load is applied to a stiff structure and it can be spread
more regularly on the flange surface. In the 4 bar case, on the other hand, the tire is much
more subject to deformations under the radial load, since it cannot rely on the same stiffness
of the 6 bar inflated tire. Thus, the contact pressure distribution can be much less uniform and

higher peak can occur.

With these considerations, the static study of the rim can be considered concluded. In
fact, the experimental stress values have been reproduced quite accurately in the FE

simulations as it was proposed.
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As described before, due to the complexity of the contact problem, an empirical model
was applied to the study, so that the laboratory results could be used as a starting point.
Known contact pressure distributions from other studies have been implemented into our
model in order to accelerate the process of recognition of the possible pressure distributions
on the GKN rim. Finally, pressure diagrams which granted a good match between
experimental and numerical results was identified. These can be considered some possible
solutions of the rim — tire contact problem. Other possible solutions are not excluded;
however, since the diagrams supposed satisfy the criteria and the condition imposed to the
model and grant a good interpretation of the experimental data as well, they were considered
acceptable as a base for the fatigue studies that will be presented in the next chapter.

10. FATIGUE STUDY OF THE RIM

10.1. Introduction
In this chapter the fatigue analyses carried out on the rim 3D model will be described.

As stated before, the SolidWorks Simulation functions do not allow to perform fatigue
analyses starting directly from stress data coming from laboratory tests. Instead, the
experimental results had to be reproduced in the most accurate way possible within the static
simulations presented in Chapter 9.2. The Fatigue analysis function in SolidWorks could then
be used to study the cyclic behaviour of the component, by elaborating the static results and
making them vary between the cycle extremes deduced by the experimental measurements.
In this chapter a study on the material fatigue curve will be dedicated as well; in fact, since
precise information on the Wohler curve of the material were not available, a comparison
between different material curves from the dedicated material database Total Materia had to
be done. The fatigue simulations executed on several materials together with the results from
a rolling fatigue test performed by GKN on a tire under the same load conditions allowed us
to choose the best approximation of the material fatigue curve. Once the material cyclic
properties were estimated, the fatigue analyses could be performed. The results deriving from
them could not be compared to any results from a laboratory test campaign, but they
represented a good evaluation of the possible fatigue lives of the component under several
load conditions. In the next paragraphs, the analysis instruments offered by SolidWorks
Simulation, the study hypotheses, the study of the fatigue curve of the material, the analysis

of the load cycle applied to the rim and the fatigue simulations results will be discussed.
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10.1.1. Analysis instruments and functions
The fatigue simulations have been performed within the Solidworks Simulation

ambient used for the static analyses. The specific type of study applied was the Fatigue
Analysis function, which allows to make use of the stress results from a static simulation to
reproduce cyclic load conditions. In fact, in order to set the fatigue study, the software takes
the stress values derived from a static simulation and makes them vary between two

extremes, which are the maximum and the minimum stress generated by the cyclic load.

To do so, the static stress resultis considered as the maximum stress of the cycle, while

the minimum stress is obtained by setting the cycle ratio R, which can be written as:

Omin

R = 10-86

o

More in detail, the fatigue study allg\g to choose one or several static “events”, which
are made to vary between the stress values found in the static simulations, considered as the
maximum stress, and the minimum stress found applying the cycle ratio R. The cycle ratio can
be set to -1 or 0 if symmetrical alternating cycles or pulsating cycles from zero are needed, but
arbitrary values can be assigned as well. The calculation of cycle ratio from the experimental
data for each load condition will be exposed in Paragraph 10.3. If just one event is set in the
simulation, the analysis determines the effect of it on the fatigue life of the component; if
several events, even with different cycle ratios, are set, the study evaluates how all the events
together affect the fatigue life of the component. In the Paragraph 10.3 it will be described
how it was determined when setting several events was needed, regarding to the stress cycle
of one single point on the rim during its rotation. The fatigue simulation needs a few other
information and setting adjustments. In fact, the fatigue material properties need to be set by
providing the fatigue curve of the material to the software. The curve can be applied by
inserting several points. As disclosed previously, the points of the Wohler curve were taken
from the material database Total Materia; the criteria that were used to choose the material
curve will be described in Paragraph 10.2. Finally, a few simulation settings had to be adjusted.
In fact, the software allows to choose the stress definition that shall be considered for the
fatigue analysis between several options: Von Mises stress, stress intensity P1-P3 and the main
absolute stress P1. In these simulations, this last option was considered as reference stress for

the fatigue evaluations.

246



Moreover, SolidWorks Simulation allows to choose between many methods of
correction of the average stress: Goodman, Gerber or Soderberg. For these studies, it was

decided to use the Goodman correction method, so that the term appearing within the Oaimp

formula is the breaking stress oy (Figure 196):
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Figure 196 Graphic representation of the Goodman correction method of the average alternated stress.

This choice was motivated by the assumption that in the seat radius area the material
had to be highly hardened by the cold deformation process and thus, it could be supposed
that the mechanical behaviour of the material in that delimited area was fragile. Starting from
this hypothesis, the breaking stress o and yielding stress o, had to be considered equal; the
value assigned to this stress will be further investigated in Paragraph 10.2. As last simulation
parameter, the software let the user set the maximum number of cycles that must be
simulated in the analysis. In the current study, since the number of cycles to which the rim is
subjected can be very high, a maximum number of cycles analysed equal to 10 was set, in
order to include any possible result. In the following paragraph the hypotheses on which the
fatigue study has been based will be exposed: many of them heavily influenced both the
fatigue curve of the material and the simulation parameters.

10.2. Study hypotheses

Before exposing the fatigue, analyses performed on the component, it is necessary to
describe the hypotheses on which they are based. In fact, the complexity of the problem was
not limited to the non-linearity of the tire mechanical behaviour and of the tire-rim contact
phenomenon, but it also regarded the elastic-plastic properties of the rim’s processed steel.
In fact, the stresses applied to a mechanical component should be classified in three groups.
Firstly, manufacturing residual tensions left on the rim during the cold forming process should

be considered.
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Then pre-stresses due to the assembly of the component should be studied; in this
study neglecting the pretension induced by the bolts does not represent an approximation
since the coupling holes are placed on the disk far from the critical area of the rim flange.
Finally, the static loads caused by the inflation pressure and the static vertical load and the
dynamic loads due to the inertia of the vehicle as well as the centrifugal force applied to the
rotating masses must be considered. In this thesis, the residual stresses due to the forming
process have been neglected since not enough data for a proper study were available [21].
More in detail, the main difficulty of this aspect concerned the lack of information about the
entity of both the hardening and the residual stress of the steel in the critical bended portion
of the rim, corresponding to the seat radius area which is the main object of this study. Both
these properties of the processed material could have been evaluated only through
experimental hardness measurements in combination with a model that could link them to
the hardening of the steel, or through FE simulations of the plastic deformation process of the
seat radius area. Both these methods revealed to be too expensive in terms of time and

resources, so two important approximative hypotheses had to be introduced.

e |t was supposed that the material elasto-plastic properties were not affected
by the cold deformation process involving the rim and, thus, the hardening in
the seat radius bended area was considered negligible. It is clearly an
approximation of the real mechanical condition of the material after the
bending process, but it was necessary as no further studies could be applied to
the problem. The complexity of the phenomenon is proved by the measured
stress that the steel can sustain. In fact, as visible in Table 18, the stress
measurements for the 8 bar inflated tire under a load of 15.100 kg reached a
peak of about 600 MPa. This result clearly contradicts the breaking stress data
of the material provided by GKN, which declared an ultimate tensile strength
for the unprocessed material of about 370 MPa. In fact, the hardening process
should increase the yield stress of the material, but not its ultimate tensile
strength. Manufacturer confirmed that this experimental evidence occurred in
many laboratory campaign performed on several rim models and that it is still
not clear how the material can sustain a stress higher than the ultimate tensile
strength. For this reason, in this thesis it was opted to consider the steel as
fragile hardened material, at least in the radius bended area. As a fragile

material, no yield stress was considered, and the ultimate tensile strength was
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supposed to be 600 MPa as it was the most downward evaluation justified by

the experimental evidence of the rolling tests.

The second hypothesis is about the residual stress in the seat radius. In this
study, the residual stress derived from the cold plastic deformation of the seat
radius was ignored, since an evaluation would have been, as stated, too
demanding. It is clearly an approximative hypothesis, since residual stresses
always occur wherever a plastic deformation is applied. However, as no
hardness measurements nor bending process simulations could be performed,
it was a necessary approximation. Despite this, it must be determined if it
represents an assumption in favour of safety or not. For this purpose, a report
on the residual stress measurements carried out for GKN by Universita degli
Studi di Brescia — Dipartimento di Ingegneria Meccanica e Industriale can be
taken into account. In this report, called “Evaluation of the residual stress state
in pressed discs by hole drilling method”, two specimens of the seat radius cut
from truck rims from GKN have been used. The aim of the experiment was to
evaluate the residual stress state of the pressed radius area by hole drilling
method. Three holes for each specimen were drilled coinciding with the
bending axis. The results do not show great consistency with each other, but
considering the most regular results, it can be presumed that the residual stress
just below the surface is quite negligible. Some of the results show a positive
maximum stress, while other present both maximum and minimum stress as
negative tensions. Moreover, it was noticed presence of plasticity during stress
relaxation resulting from the introduction of the hole and, therefore, the
preliminary hypothesis of linear elastic behaviour was invalidated. Hence, the
results of this study should be considered mainly as indicative. In conclusion,
the assumption of negligible residual stress next to the rim surface, which can
be considered the most probable cracks nucleation area, was applied. As some
of the measurements indicate positive maximum residual stresses while other
presents negative ones, it could not be ascertained if this approximation was in

favour of safety or not [27,28].
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The first hypothesis and the supposed ultimate tensile strength of 600 MPa are critical
for the Goodman correction of the mean stress component, since the formula applied by the
software is:

oy, = m 10-88
Or
This means that the assumptions on the ultimate tensile strength of the material are

quite crucial on the results of the fatigue analysis.

In conclusion, the following fatigue analyses performed on the component will be
based on these fundamental hypotheses; it is important to remark that they represent
approximative assumptions, but in the context of this thesis they were needed, as no further
studies on the hardening and the residual stress state of the seat radius of the rim could be
done.

10.3. Fatigue curve of the material

In order to perform any fatigue analyses on the rim model, information on the cyclic
behaviour of the material were needed. More in detail, the main instrument which was
necessary was the Waéhler curve, which links the entity of the alternated component of the
cyclic stress to the predicted life of the component, according to experimental evidence from
tests performed on the material. This curve represents, in other words, the influence
parameter of the material in the fatigue problem. Unfortunately, fatigue characterisation tests
are extremely expensive to perform, both in terms of time and resources; thus, obtaining
specific and significant fatigue properties and curves for a given material is not easy. The
Wéhler curve for the rim material was, in fact, not available; GKN could provide us two
experimental points of the curve, obtained through cyclic tests on two specimens of the rim
steel.

The load applied produced an alternated symmetrical stress. The results of these tests
are shown below (Table 19):

Experimental fatigue life results — Material specimens

o, [MPal Ny
320 93.000
347 150.000

Table 19 Results of the laboratory tests performed on the specimens of the rim steel.

Of course, two points are not statistically sufficient to build a curve, so they could be
used just as an indicative reference. It is clear that even just one alternated stress value should
be tested many times to assign a statistical value to the curve point and this would mean a
great effort in terms of number of tests. In other words, finding a single curve through
laboratory tests would have required testing each one of the alternated stress components
o, considered and for each of them, many tests would have been necessary to produce a
statistical validity. Thus, it was clear that a different approach had to be adopted in order to
determine a good approximation of the real material Wohler curve.
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Since performing fatigue tests on the rim steel was too onerous, it had to be found the
curve associated to the most similar material from a dedicated database; for this study, the
Total Materia database was consulted as it contains many mechanical and physical properties
for a vast range of materials. Much information about several tests on both static and cyclical
characteristics for each material are reported. For example, fatigue curves obtained through
different testing methods were available, from axial normal alternated stress to bending
normal alternated stress to torsional alternated stress. As the mechanical problem concerning
the rim flange is purely flexural, bending alternated stress curves were considered. They would
have then been corrected through the Goodman method. Among the Total Materia materials,
structural steels were searched for, as the steel used for the GKN rim belongs to this category
of materials. Considering the data provided by GKN for the ultimate tensile strength, which is
equal to about 370 MPa, the most similar material found in the database was the S235JR
structural steel, which was assumed as a reference.

However, it was reputed more correct to include into the study other structural steels
as well: in fact, it was decided to compare the fatigue curve of many structural steel in order
to obtain a wider view of the possible fatigue behaviour of the materials available for the rim
production. Some of them were clearly too performing and expensive for a large rim
production, but they were investigated even if it constituted a mere speculation. The steels
studied are the following: S185, S235JR, S275JR, S355JR, E295, E335 and E360. The flexural
alternated fatigue curves found in Total Materia for these materials are reported in the table
and in the graph below (Figure 197):

Flexural alternated fatigue curve from Total Materia
N Stress [MPa]
5185 S235JR S2751R S355JR E295 E335 E360
1.000 279 324 387 459 441 531 621
10.000 229 266 318 377 363 434 505
100.000 189 219 262 310 298 355 416
1.000.000 155 180 215 255 245 290 340

Flexural alternated fatigue curve from Total Materia

1000 —e— 5185
© —e— S235IR
2 5275IR
m

o S355IR
4 —e—F795
%

u —e—E335
©

< —e—E360
3

<

100
100 1'000 10'000 100'000 1'000'000 10'000'000

N

Figure 197 Wéhler experimental curves provided by Total Materia for several structural steels. The curves were obtained
under alternated symmetrical flexural load conditions.
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As expected, the most performing materials can sustain higher alternated stress
components for the same number of cycles. The criterion chosen to select the material that
best approximates the real one was based on a laboratory test performed by GKN on the rim.
The test was meant to take the rim to failure and give an evaluation of the fatigue life of the
rim under the load conditions exposed in the table below. The result of the test is reported as
well (Table 20):

ROLLING TEST PARAMETERS AND RESULT

Cold inflation pressure [bar] 6
Radial load [kg] 15.095
Rolling speed [km/h] 12,9
Nf 2.000.194
Table 20 Rolling test parameters and result. The test was protracted until the rim failure, which occurred at 2.000.194
cycles.

This kind of test is extremely expensive in terms of time, since the number of cycles
needed to take the rim to failure can be very high. Therefore, having even just one test
available was extremely important. In fact, even if it was not statistically significant, it provided
an indicative reference that turned out to be extremely useful to understand which fatigue
curve best approximated the real material curve. Hence, the following comparison was not
meant to find an accurate match between the fatigue life found in laboratory and the
numerical predicted one, but it allowed to choose between a set of materials deriving from
the database.

Assuming this approach, a fatigue analysis was performed on the 3D model for each
material; the fatigue life obtained from the FE simulation would have then been compared
with the experimental result in order to choose the material which best approximates the real
one [7].

10.3.1. Simulation settings and parameters
The model used for this set of simulations is the same used for the static analyses
(Figure 198).

Figure 198 3D model used in the fatigue analyses.
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The mesh applied to the 3D model is the same as well (Figure 199). This choice was
actually imposed by the software workflow, since a fatigue analysis must be based on a static

simulation and the model geometry and mesh parameters cannot be changed.

" ‘r 7 o5 ;
UGS PN

Figure 199 Mesh applied to the 3D rim model to perform the fatigue FE analysis.

It must be said that the dimensions of the mesh elements turned out be crucial on the
predicted life results, as 3 mm elements returned quite different results in terms of life
compared to the 1,5 ones. For this reason, it was decided to thicken the mesh retroactively in
the static simulations as well to obtain the most accurate fatigue results. The mesh in the seat

radius area was 1,5 mm, as described previously.

As visible from Table 20, the load and inflation conditions of the rolling test are quite
identical to the 6 bar — 15.100 kg — radial tire rolling test presented in Chapter 9.2; hence, the
associated static simulation was used as base to perform the fatigue analysis. As stated before,
the fatigue analysis makes the stress field found in the static simulation to vary between the
stress results themselves (the maximum stress) and a lower limit obtained by applying the R

cycle ratio (the minimum stress).
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The stress field associated to the 6 bar — 15.100 kg — radial tire simulation used for this
set of fatigue analyses is shown below (Figure 200):
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Figure 200 Graphic representation of the main stress field found from the static FE simulation on the 6 bar— 15.100 kg -

radial tire configuration.
A fatigue analysis under this stress state was then performed on the model for each
material considered.
10.3.2. Analyses results and comparisons
The simulations returned both the predicted life and the cumulated damage for each
element of the mesh; in these simulations only the life previsions will be investigated, since

they are more immediately comparable with the experimental result.

An example of the graphic representation of the predicted life provided by the

software is shown below (Figure 201).

From Figure 201 it is clear how the fatigue solicited part of the rimis actually the flange
seat radius; moreover, the higher the mean and the alternated stress components, the wider

the area subjected to a limited life (blue area).
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LT el
Figure 201 Graphic representation of the life predicted by the SolidWorks Simulation.
The red areas are associated to infinite life, while the blue area has a limited predicted life.

In the table below the results for the 6 bar — 15.100 kg — radial tire fatigue simulations

on different structural steels from Total Materia are reported:

Predicted life for each material considered 6
bar - 15.100 kg - radial tire

Material Ny
5185 391.700
S235JR 2.332.000
S2751R 18.230.000
S355JR 134.000.000
E295 83.100.000
E335 516.200.000

E360 Infinite

Table 21 Life predicted by the fatigue simulations on the 6 bar — 15.100 kg — radial tire load configuration for different
structural steels from Total Materia.

As expected, the structural steel whose numerical life result best approximates the
experimental data is the S235JR. The S185 steel widely underestimates the laboratory

measurements, while more performing structural steels, starting from the S275IR,

overestimate it by at least one order of magnitude.

The E295, E335 and E360 structural steels are high performance materials which have
been studied only on a speculative purpose. According to the results shown in Table 21, the
S235JR structural steel was assumed as the best approximation of the real material (Table 22):

Nt
ROLLING TEST RESULT S$235JR
2.000.194 2.332.000

Table 22 Comparison between the laboratory rolling test results and the FE numerical simulations results on the
component life; the approximation of the 5235IR steel of the real material is indicatively evaluated.
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It must be remarked that, since one single rolling test was executed, this comparison
must be considered purely indicative, as no statistical considerations can be done. However,
given the several orders of magnitude that distinguish the numerical S235JR result from the
other structural steels, it can be stated with a good confidence that the S235IR represents the
best approximation of the rim steel. Therefore, this material and the associated Woéhler curve
were applied in the following fatigue analyses.

Once the material for the 3D model was chosen, the associated fatigue limit o4 had
to be evaluated, as it would be needed for following calculation presented in the next
paragraph. The fatigue limit reported by Total Materia for the S235JR structural steel is equal
to 180 MPa; however, the manufaturer suggested a few corrective coefficients which took in
account the forming process applied to the rim. In fact, the following corrective formula was
applied:

0'pa = k- 0p4 -3
Where oy, is the fatigue limit found in laboratory through tests performed on polished
specimens, a'4 is the corrected fatigue limit and k is the correction factor, which can be
written as:
ol L 10-90
Where oy stands for ultimate tensile strength and a and b are coefficients depending
on the forming process applied to the material (Table 23):

SURFACE -
FINISH

POLISHED 1,58  -0,085
MILLED 4,51  -0,265

HOT ROLLED 57,7 -0,718
RAW FORGED 272 -0,995

Table 23 Corrective coefficients depending on the forming process of the material provided by GKN.

As the steel sheet used for the rim production is hot rolled, corrective coefficients with
the following values have been chosen:

a=>577

b =-0,718 10-91
By substituting these values in (10-89) and (10-90), the following value for 'z, was

found:
o'ra = 57,7 (370 MPa)~%71% - 180 = 148,8 MPa 10-92

This can be considered the corrected fatigue limit for the S235JR, which takes in
account the process applied to the steel. This value will be used in the following calculations.

256



10.4. Analysis of the load cycle applied to the rim

Before presenting the fatigue analyses results, a few considerations about the cyclic
load applied to the rim must be done. In fact, the loading cycle to which the rim is subject is
not as simple as it could be thought, since the stress curve through the time is not a mere
sinusoidal function. The strain gauges measurements analysed through the time axis, in fact,
reveal a more complex trend, which is shown in the graph below (Figure 202). In the graph
reported below, two full strain cycles are clearly recognisable. A higher strain peak, which
correspond to the tire-ground contact, can be detected and it divides one cycle from the other.

Lower peaks can be found between the higher peaks and they are generated by the
particular tire-rim contact conditions that occur during the wheel rotation. Between the minor
peaks, there is a relative minimum, which shows up when the rim point is in the higher position

of the rotation, diametrically opposite to the tire-ground contact point.
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Figure 202 Deformation measured by F6 strain gauge on the 6 bar inflated rim with a radial load of 12.500 kg and radial
tire as function of the time.

The cyclic strain measured by F6 strain gauge for the 6 bar — 12.500 kg — radial tire
configuration is proposed above as an example since the same patterns occurs in almost all
the load configurations, except for some in which the cyclic strain measured is slightly more
irregular (Figure 203):
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Figure 203 Deformation measured by F6 strain gauge on the 4 bar inflated rim with a load of 12.500 kg and radial tire as
function of the time.
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As it can be seen, for some load configurations the maximum peak presents some
irregularities, whose entity however makes them completely negligible in the scope of the
fatigue analyses. The same cannot be stated with the same certainty for the minor peaks that
occurs during the upper part of the rotation, opposite to the tire-ground contact point. In fact,
in order to determine if the minor peaks affect the cumulative damage of the component, the
position of the associated alternated stress point in the Haigh diagram must be verified (Figure
202). As suggested by manufacturer, if the alternated stress point is located under the diagram
line, its life influence on the fatigue damaging of the component can be considered negligible
with a certain safety factor; if not, the component life should be considered affected, as the

Oaymp 1S €Xceeded. Before this check could be done, the stress values corresponding to the

1
minor peaks must be collected. This operation was done on the nCode graphs manually on
samples of the cyclic load graph for each load condition. More in detail, the stress values
associated to the maximum and the minimum of each cycle peak have been collected. The
criterion used to detect the minimum points was based on the tank counting method,
according to which the stress-time graph must be imagined like a container filled with some
liquid. To detect the maximum and the minimum associated to the same peak, it is sufficient
to empty the lowest part of the graph: the maximum and the minimum will be easily
graphically found. Some liquid may remain in some cavities, which must be emptied in the
same way, allowing to find new associated maximums and minimums. A graphic

representation of this technique applied to this study is shown below (Figure 204):
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Figure 204 Graphic representation of the tank counting method applied to the cyclic stress of the rim problem.
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The results of the sampling on the stress-time graphs from the experimental rolling

tests carried out through the tank counting method are shown below (Table 24):

MAX
Min

MAX
Min

MAX
Min

MAX
Min

MAX
Min

MAX
Min

MAX
Min

MAX
Min

MAIN PEAK
Stress [MPa] - 4 bar - radial tire
5000 kg 7500 kg 10000 kg 12500 kg 15100 kg
F4 F5 F6 F4 F5 F6 F4 F5 F6 F4 F5 F6 F4 F5 F6

131,4 253,8 2656
76,5 1956 226,0

142,6 265,8 273,0
73,7 193,8 226,6

154,8 278,2 279,6
70,2 190,6 222,6

165,2 288,2 2854
67,3 188,3 224,2

Stress [MPa] - 6 bar - radial tire

177,1 300,8 292,2
64,1 186,0 223,3

5000 kg

7500 kg

10000 kg

12500 kg

15100 kg

FA F5 F6

Fa F5 F6

FA F5 F6

FA F5 F6

FA F5 F6

193,3 374,2 356,6
134,2 312,8 314,8

205,0 386,6 363,8
132,0 311,0 3134

Stress [MPa] - 4 bar - bias

221,6 402,6 372,2
128,2 307,4 310,6

234,4 414,8 378,4
124,9 304,2 307,6
tire

246,6 426,2 383,6
121,7 301,6 305,2

5000 kg

7500 kg

10000 kg

12500 kg

15100 kg

F4 F5 Fé6

A F5  F6

A F5 F6

A F5 F6

FA F5  F6

147,0 311,8 259,4
92,1 241,8 187,0

158,7 326,2 274,6
89,6 2380 183,4

Stress [MPa] - 6 bar - bias

175,6 344,0 293,8
86,6 234,6 1789

194,0 359,8 311,8
85,2 230,8 175,9
tire

207,0 377,2 328,2
85,7 227,0 1756

5000 kg

7500 kg

10000 kg

12500 kg

15100 kg

F4 F5  F6

FA F5 F6

FA F5 F6

FA4 F5 F6

FA F5 F6

188,7 378,0 325,6
139,7 314,2 257,4

204,4 398,4 346,8
135,2 309,8 252,2

218,8 418,6 366,2
131,4 306,4 246,6

234,8 439,2 384,6
127,9 305,4 242,2

251,8 459,4 403,8
125,3 304,4 238,2

SECOND PEAK
Stress [MPa] - 4 bar - radial tire
5000 kg 7500 kg 10000 kg 12500 kg 15100 kg
F4 F5 F6 F4 F5 F6 F4 F5 F6 F4 F5 F6 F4 F5 F6

89,7 209,6 2384
76,8 1959 226,4

90,9 212,0 241,2
73,8 193,9 225,2

92,6 214,6 224,0
70,3 190,6 222,8

94,4 217,6 247,2
67,4 188,33 220,8

Stress [MPa] - 6 bar - radial tire

96,8 222,4 2922
64,2 187,8 223,3

5000 kg

7500 kg

10000 kg

12500 kg

15100 kg

FA F5 F6

F4 F5 F6

A F5 F6

A F5 F6

FA F5  F6

1483 327,4 328
134,7 312,4 314,8

149,7 329,6 330,2
132,0 311,2 313,6

Stress [MPa] - 4 bar - bias

151,6 332,2 333
128,2 307,4 310,6

153,4 334,8 335,8
124,9 304,2 307,6
tire

155,2 337,4 3386
121,8 301,6 305,2

5000 kg

7500 kg

10000 kg

12500 kg

15100 kg

FA F5  F6

F4 F5 F6

A F5 F6

A F5 F6

FA F5  F6

92,5 266,6 187,9
110,0 2452 213,2

111,2 267,6 215,2
89,7 240,5 183,6

Stress [MPa] - 6 bar - bias

112,2 268,0 216,8
86,7 2358 179,0

113,8 266,8 218,6
85,5 231,0 176,3
tire

115,4 266,0 220,8
85,8 2282 175,7

5000 kg

7500 kg

10000 kg

12500 kg

15100 kg

F4 F5  F6

FA F5 F6

FA F5  F6

FA4 F5 F6

FA F5  F6

156,6 337,0 282,2
139,9 317,2 258,8

158,2 340,2 285,2
135,3 312,4 2524

158,7 343,8 288,0
131,5 308,8 246,8

161,1 347,6 290,4
128,0 307,0 2422

162,7 351,2 292,8
125,4 304,8 2384
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THIRD PEAK

Stress [MPa] - 4 bar - radial tire

5000 kg

7500 kg

10000 kg

12500 kg

15100 kg

A F5 F6

F4 F5 F6

A F5 F6

A F5 F6

FA  F5  F6

MAX 86,82 206,4 236,4

87,6 208,6 238,6

88,72 210,6 242,0

89,96 213,2 245

91,92 217,6 249,2

Min 81,2 199,3 226,4|80,02 198,8 226,6|78,74 197,8 224,0(77,56 197,3 222,8| 77,0 198,3 2222
Stress [MPa] - 6 bar - radial tire
5000 kg 7500 kg 10000 kg 12500 kg 15100 kg
F4 F5 F6 F4 F5 F6 F4 F5 F6 F4 F5 F6 F4 FS F6

MAX 145,8 324,6 326,6

146,7 326,4 328,8

148,2 328,6 3318

148,5 330,86 334,4

150,8 333,2 3372

Min 139,7 316,0 314,8|138,7 315,8 314,0(137,2 314,4 311,8(136,1 313,4 310,2 (1350 312,6 3088
Stress [MPa] - 4 bar - bias tire
5000 kg 7500 kg 10000 kg 12500 kg 15100 kg
F4 F5 F6 F4 F5 F6 F4 F5 F6 F4 F5 F& F4 F5 F6

MAX 108,1 264,6 211,6

109,2 265,6 213,6

109,9 265,6 2154

111,0 264,0 217,8

112,2 262,8 219,8

Min 106,4 262,3 208,0|106,8 262,4 208,6|106,9 261,6 208,8|107,6 259,6 209,8|108,3 2582 2112
Stress [MPa] - 6 bar - bias tire
5000 kg 7500 kg 10000 kg 12500 kg 15100 kg
F4 F5 F6 F4 F5 F6 F4 F5 F6 F4 F5 F6 F4 F5 F6

MAX 154,9 3353 281,2
Min 153,5 333,6 278,0

156,2 338,3 283,8
153,8 335,2 279,0

157,5 341,6 286,2
154,3 337,4 279,8

158,7 345,2 288,8
154,7 339,8 280,6

159,8 348,4 291,6
155,3 342,4 281,6

Table 24 Stress values extrapolated by the nCode measurements files for the maximum and the minimum of each one of

the cycle peaks.

As shown above, the tank counting method produces three different peaks for each

cycle. Of course, the highest of the three peaks was already known to be influent on the life

of the rim.

Hence, the focus was set on the second and the third peak: it was needed to verify if

the corresponding points in the Haigh diagram were placed below the Haigh line; in this case

they could have been considered negligible in terms of cumulative damage caused to the rim.

If they were placed above the line, on the other hand, they should have been considered

indeed influent on the cumulative damage of the component and, thus, should have been

included in the fatigue analyses, as ignoring them would have meant overestimating the life

of the rim. As an initial evaluation, the most burdensome loading conditions were inspected:

in fact, if the highest cyclical stresses had been found to be irrelevant, the lowest would have

been too. Thus, the most critical load condition for both the radial and the bias tire were

examined, that is 6 bar — 15.100 kg case.
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Their representation in the High diagram is presented in Figure 205

Haigh diagram for the study of secondary peaks
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Figure 205 Graphic representation in the Haigh diagram of the points corresponding to the secondary peaks of the load
cycle for the 6 bar — 15.100 kg configurations.

As it can be seen from the graph, the points associated to the secondary peaks of the
most critical load conditions (6 bar — 15.100 kg — radial tire and 6 bar — 15.100 kg — bias tire),
are placed way inside the area delimited by the Haigh curve. This means that they cannot be
considered influent on the fatigue life of the component, as the fatigue limit for this point
refers to values of about 450 MPa of mean stress and about 30 MPa of alternated stress. It
follows that all the lower points associated to the secondary peaks of the remaining load
conditions can be automatically considered negligible, as well as the third peaks which are

way less critical.

Therefore, the fatigue analyses can be performed referring only to the alternated and
mean stress associated to the main load peaks, which are the stress conditions induced by the
tire-ground contact. Thus, just one static event was needed to be inserted in each of the
fatigue analyses and no counting methods were necessary within the simulations.

10.5. Simulations results

In this paragraph, the fatigue simulations results will be presented, analysed and
compared. Once the preliminary hypotheses, the material fatigue curve and the load cycles
were investigated, the proper fatigue analyses of the load conditions applied in the Woodridge
laboratory tests could finally be performed. The instruments and the setting used have already
been described in Paragraph 10.1.1. A fatigue FE simulation was launched for each of the load
configurations tested for the 4 and 6 bar inflation cases. It must be highlighted that no
experimental data were available for the fatigue life of the component, as performing dynamic
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tests till failure for a wide set of load conditions and with statistical value is extremely
expensive both in terms of time and resources. Thus, the results of these analyses should be
considered mainly indicative. The results obtained by the numerical analyses for the fatigue

lives are shown in the table below (Table 24):

INFLATION P TIRE RADIALLOAD | CRITICAL " Smox [MPa] v,
[bar] DESIGN [kg] AREA
5000 F6 0,851 279,0 Infinite
7500 F6 0,830 290,8 Infinite
Radial 10000 F6 0,796 299,6 Infinite
12500 F5 0,653 308,7 Infinite
" 15100 F5 0,618 318,3 Infinite
5000 F5 0,776 318,7 Infinite
7500 F5 0,730 335,3 Infinite
Bias 10000 F5 0,682 353,4 301.900.000
12500 F5 0,641 369,3 29.290.000
15100 F5 0,602 387,2 3.168.000
5000 F5 0,836 388,0 Infinite
7500 F5 0,804 400,1 Infinite
Radial 10000 F5 0,764 415,7 142.600.000
12500 F5 0,733 4273 14.740.000
6 15100 F5 0,708 439,3 2.174.000
5000 F5 0,831 367,2 Infinite
7500 F5 0,778 390,6 Infinite
Bias 10000 F5 0,732 412,3 38.270.000
12500 F5 0,695 434,1 2.763.000
15100 F5 0,663 457,6 215.500

Table 25 Results for the predicted fatigue lives of the component for each load and inflation condition returned by the FE
numerical simulations.

Before commenting the results shown above, it is necessary to specify that the
simulated number of cycles has been intentionally set to the high value of 101°. However, it
was esteemed that for heavy trucks rims conceived to run relatively low numbers of cycles
under heavy loads, an infinite life limit of 107 cycles could be considered appropriate. Hence,
all the results exceeding this limit should be considered as infinite life results. The predicted
life denominated as “infinite” are those whose simulations returned 10 cycles. Following
this assumption, some considerations on the predicted lives can be done. First, it must be
remarked that, as expected, the 4 bar load cases generally present higher predicted lives: in
fact none of the 4 bar - radial tire configurations returned limited lives, while among the 4 bar
— bias tire cases, just one provided a limited life for the component, that is the 4 bar — 15.100

kg — bias tire configuration with an estimated life of 3.168.000 cycles.
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The 6 bar studies produced more limited life results, which are the 6 bar — 15.100 kg —
radial tire, with a predicted 2.174.000 cycles life, and the 6 bar — 12.500 kg bias tire and the 6
bar—15.100 kg — bias tire, respectively with an estimated life of 2.763.000 and 215.500 cycles.
This last result is the most critical one, as it is lesser of one degree of magnitude compared to
the other limited predicted lives. It is a prediction that should be further examined, as it could
depend whether on some model approximations or on an inaccurate choice of the material
fatigue curve. Further studies could possibly deepen the investigation on this result. Secondly,
the influence of the maximum stress detected in the static simulation on the predicted life can
be discussed as well.

In fact, even if the mean stress values were considered as reference to reproduce the
experimental data within the numerical simulations, maximum stresses are actually the
responsible for the results in the fatigue analyses. Generally, it can be verified that, the higher
the maximum stress detected in the simulation, the lower the predicted life. However, this is
not the only variable affecting the fatigue analysis result, as the cycle ratio R plays an equally
important role. In fact, the more the cycle ratio is close to the unit value, the more the cyclic
load can be associated to a static load and, thus, its impact on the component life reduction
decreases. On the other hand, the more the cycle ratio is close to zero, the more the load can
be approximated as a cycle pulsing from zero, which is a far heavier condition for the fatigue
resistance of the rim. Naturally, this assertion must be weighted taking in account the mean
stress component; the higher the mean stress, the heavier the consequences of the same
alternated stress, as the Haigh diagram shows. It is immediate to understand how the
predicted life, even for a simplified model as the on applied in this study, depends on many
parameters. In Chapter 10.6 some considerations and conclusions on the results obtained in
this thesis will be discussed. Below, a graphic example of the results of the fatigue FE
simulation is proposed (Figure 206):

G 454e 004
Figure 206Graphic representation of the FE fatigue simulation for the 6 bar — 12.500 kg — bias tire configuration. The
limited life area coinciding with seat radius and indicated in blue can be noticed.
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10.6. Conclusions
10.6.1. Results analysis
In this chapter, the conclusions of the study exposed in this thesis are presented. The

complexity of the problem in many perspectives made its solution quite challenging, as
resolution approaches, which were not initially planned, had to be taken. In fact, the ultimate
researching purpose, which was the fatigue analysis and test of the component, implied a
series of corollary problems of equally high difficulty and for whose resolution non-

conventional study approaches had to be applied.

The first and the toughest problem to be met was the tire-rim contact problem, for
which many modelling methods were tried. The complexity of the mechanical non-linear
behaviour of the tire and, thus, of the tire-rim contact phenomenon led to a more
unconventional approach, in which the experimental data from the laboratory tests would not
have been considered as a comparison term for the numerical results, but would have been
used as a base for an empirical model instead. In fact, what was applied was substantially a
reverse model of interpretation of the experimental results based on the iteration of attempts
of solutions for the tire-rim contact pressure. The iteration of the solutions was aided by
contact measurements performed in previous studies. Due to the particular study approach
employed, in which the experimental data were taken in account at the beginning of the
model construction and not at the end as a checking instrument as they usually are intended
for, the reverse analysis method applied was defined as “empirical”. The experimental data,
in fact, are the core element of the model construction instead of the comparison term to
verify it. The pressure distribution found through it turned out to be quite coherent with the
initial expectation. The iteration of the possible solutions for all the loading configurations
gave us a much deeper comprehension of the tire-rim contact phenomenon. As a result, what
was intended to be a fatigue verification of the component, revealed to carry with it a

stimulating study on the mechanical contact between the rim and the tire.
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This study context allowed us to better understand the complexity and importance of
collecting fatigue data for the materials. In fact, investigating the possible fatigue curves of
the rim steel was very interesting and revealing of how small differences in the Wéhler curve
can produce significant gaps in the predicted life of the component. As described in Chapter
10, the real fatigue curve of the rim steel had to be approximated with the Wéhler curve from
the Total Materia database which best interpreted the result from the rolling test. Then it had
to be corrected with coefficients, which took in account the forming process influence on the
material cyclic behaviour. Of course, it represented and approximation needed due to the lack

of a sufficiently wide fatigue data set of the real material.

It must be remarked that this study is based on several approximations and hypotheses
exposed during the entire thesis. These assumptions range from the model applied to
reproduce the experimental stress results in the FE simulations to the material fatigue curve,
but also to the supposed behaviour of the steel in terms of hardening and residual stresses. It
follows that the results of the fatigue analyses performed cannot be considered as a precise
reference nor a validation of a complex model for the wheel. Instead, these results intend to
be mainly an indicative evaluation of the predicted life of the wheel under several load
configurations. The main aim of the thesis is remarking the most critical conditions tested on
the wheel and giving an estimation of the rim predicted life based on FE numerical calculation

performed with a dedicated software.

From the FE fatigue analyses performed, it emerges that the only critical conditions for
the life of the rim are the 6 bar — 15.100 kg for the radial tire and the 4 bar — 15.100 kg, the 6
bar — 12.500 kg and the 6 bar — 15.100 kg for the bias tire, with particular emphasis for the
last one. In fact, for the 4 bar — 15.100 kg, the 6 bar — 15.100 kg — radial tire and the 6 bar —
12.500 kg — bias tire a predicted life of 3.168.000, 2.174.000 and 2.763.000 respectively has
been found. These values are in reasonable accord with the expected life for the kind of rim
studied under such heavy load conditions, so these configurations are detected by this study
as critical and further detailed analyses can possibly be needed. As far as the 6 bar — 15.100
kg — bias tire configuration is concerned, an extremely low predicted life of 215.000 cycles has
been detected from the numerical simulations. This result can be due to many reasons, from
some modelling inaccuracies to an excessive simplification introduced through the

hypotheses on the material and its mechanical condition after the forming process.
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Ifitis true that the results of this last load configuration cannot be considered accurate,
it is also true that this condition is one of the heaviest together with the two exposed above
and, therefore, further experimental data collection and analyses may be needed in next
studies. Regarding all the remaining load configurations, the FE analyses performed returned
a predicted infinite life, as the limit for the limited life has been assumed for 107 cycles. A
comparison of the component’s predicted lives for all the tested load conditions is presented
below (Figure 207):

Predicted lives comparison

1.00E+07 .

9.00E+06

8.00E+06 i

7.00E+06

6.00E+06 | B 4 bar - radial tire
5.00E+06

4.00E406 M 4 bar - bias tire
3.00E+06 6 bar - radial tire
2.00E+06 | B 6 bar - bias tire
1.00E+06

0.00E+00 " -

5000 7500 10000 12500 15100
Radial load [kg]

Nf

Figure 207Comparison of the component’s predicted lives for all the tested load conditions. The predicted lives are
compared on a linear scale.

In the graph shown above, the predicted lives are compared on a linear scale with a
maximum life of 107 cycles, which have been considered the infinite life limit. The same graph

is proposed on a logarithmic scale below (Figure 208):

Predicted lives comparison

1.00E+10
1.00E+09
1.00E+08
1.00E+07
1.00E+06
=" 1.00E+05
1.00E+04
1.00E+03
1.00E+02
1.00E+01
1.00E+00

. mmms 4 bar - radial tire
w4 bar - bias tire
| ! 6 bar - radial tire
EE ( bar - bias tire
Infinite life

5000 7500 10000 12500 15100
Radial load [kg]

Figure 208 Comparison of the component’s predicted lives for all the tested load conditions. The predicted lives are
compared on a logarithmic scale.
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As it can be noticed, the only tire configuration which never shows limited predicted
lives is the 4 bar —radial tire. For all the other tire configurations at least one case of predicted
limited life occurs. As disclosed in Chapter 10, the simulation result for the predicted life of
the component is affected by many parameters; among all, the most influent are surely the
entity of the maximum and mean stresses and the cycle ratio R. In fact, the higher the stress
values, the highest the damage caused to the material. Moreover, the more the R ratio tends
to zero, the more the cyclic stress can be approximated to a cycle pulsating from zero. This
load condition can be considered far more critical compared to a cyclic stress with a R ratio
which tends to 1, as it is closer to a static stress state.

The influence of the maximum stress and of the cyclic ratio combined is shown in the
graph below (Figure 209):

Influence of the maximum stress and of the cycle ratio combined on the predicted

life
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Figure 209 Influence of the maximum stress detected in the simulation model and of the cyclic ratio R recorded in the
experimental tests on the numerically predicted life of the component. The bigger the circle, the higher the predicted
life.

In the graph reported, the bigger the circle, the higher the numerically predicted life.
As clearly shown above, it is the combination of the two parameters which determines the
cyclic damaging of the component. In fact, the graph area at the top left is the one which
contains the limited life configurations, as it is associated to sufficiently low cycle ratios and
enough high maximum stresses.

It is important to remark that the fatigue results obtained refer to inflation pressures
that exceed the recommended value proposed by the tire manufacturers, that is 3,2 bar. It
was for this reason that the 8 bar tests were excluded from the study, as they represented an
inflation configuration that hardly would be used during the exercise of the rim. As a
consequence, the evaluation on the fatigue life of the component refer to stress states that
exceed the usual ones conceived for the rim. This represents a safety factor for the limited life
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results found for some load conditions. The limited predicted lives of the most critical load
configurations represent evaluations of conditions that would be rarely applied to the
component during the exercise. In fact, inflation pressures of 4 and 6 bar could be possibly
used for particular stiffness requirements for the wheels if heavy loads are applied.

Also, as supposed in Chapter 9.2.2, increasing the inflation pressure could mean
spreading in a more uniform way the load on the rim surface. Finally, under certain load
conditions, a low inflation pressure can cause a higher tire displacement and, thus, more
critical stress states [25].

The influence of the tire design on the fatigue resistance of the rim can be simplified
by stating that the bias tires produces stress states that damage the life of the component
more heavily compared to the radial ones. With the same inflation pressure and radial load,
in fact, the predicted lives for the bias configurations are lower than the radial ones.

In conclusion, it can be stated that the inflation and loading configurations of 4 bar —
15-100 kg — bias tire, 6 bar — 15.100 kg — radial tire, 6 bar — 12.500 kg — radial tire and 6 bar —
15.100 kg — bias tire are associated to predicted limited lives, with a particularly low life result
for the last condition mentioned. For these configurations further studied may be needed.

Ultimately, the results of both the static and the fatigue studies can be summed up as
follows:

e Direct modelling of the tire-rim contact pressure through mathematical or FE
tire models can hardly produce results which are accurately coherent with the
experimental data, especially because the fatigue FE analysis requires to
process stress fields from static simulations as similar as possible to the
experimental evidence in order to return good life predictions.

e A reverse empirical model based on the iteration of attempts of solution for
the contact pressure distribution between rim and tire in the rim flange area
has been identified as the most suitable approach for the particular problem
faced in this thesis. Following this modelling solution, the experimental results
are not used as an empirical comparison term employed to verify the prediction
of a direct model, instead they are considered as an experimental basis on
which a reverse empirical model can be built. This particular model is not
mainly intended to make predictions on the tire-rim interactions (even if many
considerations on this phenomenon could be made thanks to it), but to
reproduce the experimental results in the FE numerical simulation in the most
accurate way possible. Going backwords and analysing the solutions found for
the pressure distributions, a deeper understanding of the phenomenon could
be reached.

e Previous measurement campaigns and the suggestions of Manufacturer on the
contact pressure distribution allowed us to realize that the most loaded areas
are the bead seat and the flange hook ones.
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The static simulations revealed that the tire design affects the pressure
distribution, as it was found that, especially for lower radial loads, bias tires
tend to load more the upper areas of the flange hook compared to the radial
ones.

The inflation pressure affects the load pattern as well, since the simulation
results show that the less the tire is inflated, the less its deformed configuration
is defined and, thus, the loaded area are not accurately identified as in the high-
pressure configurations. Moreover, if the pressure distribution found in this
study are considered reliable, it emerges that less inflated configurations can
involve higher peaks in the contact pressure, as the deformed states of the tire
are probably less rigid than the high inflated ones.

Regarding the fatigue analyses, it emerged that small variation in the Wohler
curve can cause high fluctuations in the predicted life results. Therefore, a wide
experimental campaign for the cyclic characterization of the material is
necessary in order to perform accurate fatigue predictions on the component.

Another important step for the material characterization is studying the
influence of the forming process on its mechanical properties, as both the
residual stresses and the hardening can play an important role in the cyclical
behaviour of the cold formed steel.

The fatigue FE simulations based on the static numerical results and on the
hypotheses of neglecting the residual stresses of the material revealed that the
critical load conditions are the high load configurations (12.500 kg and 15.100
kg). These load conditions are quite extreme and reasonably rarely reached by
the structure during the exercise. Moreover, these radial loads have been
simulated together with inflation pressures that exceed the value
recommended by the tire manufacturers, that is 3,2 bar. Thus, these results
must be considered as an evaluation of extremely hard load conditions and the
limited life predictions must therefore be properly weighted. In any case, the
load conditions that eventually need further investigation and study are the
ones mentioned above. [29]
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11.  FEM MODEL FOR PRESSURE PROF. IN IND. RIM (PAPER)

DEVELOPMENT OF A FEM MODEL FOR EVALUATING THE PRESSURE PROFILE IN THE
INDUSTRIAL WHEEL AND FATIGUE STRENGTH ANALYSES

M. CIMA(®), L. PIOVANL, L. SCALVINL L, SOLAZZL, (")

(")Brescia University (Universiti degli Studi di Brescia), Department of Industrial and Mechamcal
Engmeermg, via Branze 38, 25123 Brescia, [taly,

ABSTRACT

Industrial wheels are heavily loaded components that undergo severe cyclic stress conditions. Thus,
the design of the nms must include a wide fatigue study which articulates i laboratory and field tests,
analyncal and mumencal analyses and companson of the expenimental and computational results,
Tlis paper presents the study approach applied in the study of a 25 m num for earth-moving machines
manufmetured by GKN Wheels, The nim was subject to a design update which provided the reduction
of the thickness from 11 mm to @ mm. We decided to study the interaction tire-rim because it's a
critical zone. The failures affected the area of the seat radius of the fixed flange of the rim, which
resulted to be the most stressed part of the rim because of the bending actions of the tire on the flange.
In order 1o deepen the eyelic mechanical behaviour of the component, laboratory inflation and rolling
tests were carmied out in Woodndge USA considering several combinations of inflation pressure and
radial load applied to the wheel. The strain data from the tests were analysed to develop a reverse
empinical model for the contact pressure between tire and mmn. Once the load diagram apphed to the
flange for each test was estimated, FEM static sumlations could be performed on a 3D model of the
rim throngh SohdWorks Sunulation. The stress fields obtmned were then used for fatngue FEM
numerical analyses which could return an evaluation of the predicted life of the component under
several load conditions

KEYWORDS: fatigue, indusinal wheel, FEM analysis, wheel stress profile, matenial fatigue
parameter
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NOMENCLATURE:

@ : coordinate used to determine ¢,

b : the width of the bead seat;

a : tire radius [mm];

W : weight applied on the wheel [N];

UTS: ultimate tensile strength:

sps: sample per second:

FEM: finite element method;

@, - angle that depends on the tire deformation;

r¢ : the radius of the load point on the rim flange [mum];

1, - radius of the bead [mm];

W, : radial pressure distrnbution function on the tire [MPa]:

W), : the axial component of the force due to the inflation pressure [N];

W, : analytical expression of a pressure due to the weight apphed to the wheel [MPa];
T, : the load per unit of circnmferennial length of the single nm flange [N/mm],

Py - uniform pressure due lo the axial contribution of the inflation pressure applied over the entire
vertical surface of the rim flange [MPa];

Py : tie inflation pressure [ MPa],
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1 INTRODUCTION

The goal of this article is the atigue study of a nm for earthmoving vehicles, In particular, we want
to 1dentify the distribution of loads acting on the fixed flange (Figure 1) see due to rolling, starting
from results obtamed from laboratory tests. After having highlighted the best distribution of pressures,
we proceed with numerous finite element analyses from which it is possible to evaluate the mfluence
of different parameters, such as: the vertical load, the inflation pressure and the type of tire.

Figure 1 Image from cad of the componant abject of this study.

The wheel under study 1s produced by GKN Wheels and i1 1 mamly used on wheel loaders, This is
defined by the code: 25-19.5/2.5.

Where the first number indicates the nim diameter in inches, the second is the depth of the nim channel
(1.e., the maximum width available for housing the tire, measured on the median transverse plane) m
inches and the third is the height of the edge of the rim.
This wheel i1s composed of four elements:
¢ the base of the nm: made of two components welded together with the submerged arc welding
process along the cirenmferential direction,
e -an elastic ring: with the task of keeping all the components of the wheel assembled:
* two lateral flanges: with the task of containmg the fire beads (one fixed and one removable to
facilitate the replacement of the tire).
The portion that undergoes the greatest stress due to interaction with the tire is the fixed flange, which
can be divided into the zone shown in Figure 2:

Fixed flange

Seat radius
Beod seat

Figure 2 Reference areas of the rim.

bead seat, which 1s a 5° inclined area where the tire bead rests;
flange radms, which 1s the radius of connection between the seat of the tire bead and the vertical wall
of the edge of the flange,

fixed flange, this area consists of a vertnical wall and a subsequent radius of connection with the
horizontal end of the flange.

e
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The main loads that the wheel undergoes may be due to:

* the tire mflation pressure,

o the radial load, due to the weight supported by the wheel [1].
The pressure inside the tire supports the weight of the car and pushes the beads inside their seat agawmst
the flanges. This generates an additional load on the rim due to the pressurized air. The inflation
pressure acts directly on the outer side of the rim and indirectly on the flange, by pushing on the
beads. The air, which pushes on the sidewalls of the tire, generates a lateral load, which acts in the
axial direction. Thus force vanes according to the type of ure, its proportion of the cross section and
its reinforcements [2]. Precisely the complexity of the load conditions on the fixed flange, in particular
in the radius area, makes it difficult to estimate the fatigue life of this component.
2  TEST ONFIELD
The laboratory tests were carried out in the Woodndge (Umted States) laboratory . In this structure,
the wheel has been subjected to rolling tests with radial load. The rim has undergone several tests
with the use of both radial and bias tires. In order to detect the stresses on the flange, strain gauges of
the HBM LY11-3/350 model were applied (Figure 3):

 Charactevistic - .
Temperature range (self- [*C]  FROM-10TO 120

Grate ' "POLYAMIDE

Figure 3 HBM LY11-3/350 strain gsuge and table of its technical characteristics,
These were placed on the radms of the flange. which is the most stressed area [3-5]. In particular, the
positioning was carned out starting from the centre of the beam (F2, F3) and then the adjacent stramn
gauges were placed as a continuation based on the size of the gnd (Figure 4):

Seat radius (9.5 mm) At the end, the following configuration is obtamed
(Figure 5)

F1,F4,D1
¥2,E5, D2, D4
__F3,[6,D3

Figure 4 Representation of the methodology for Figure 5 Qualitative repr ian of the positions of the strain gauges

arranging the virain gouges on the radius of the along the radius of the flange.
flange being studied.
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The points object of this analysis 1s F4, F5 and F6 strains because are the nearest to the critical zone
(see Figure 5).

Where the strain gauges mdicated with F refer to the fixed flange. The test sequence was the following
for each type of tire:

application of the stram gauges as shown m Figure 4 on the seat radius surface both on the
removable flange side and on the fixed flange one;

strain gauges connection to the SOMAT E-DAQ Lite acquisition unit, acquired at 1'000 sps;
nflation of the tire with detection of deformation measurements given by the strain gauges;
application of stepped loads and detection of strain gauge data;

deflation of the tire and venfication of zero settmgs of the stramn ganges:

This procedure was repeated for four pressure values: 2 bar, 4 bar, 6 bar and 8 bar, in order to detect
a possible connection between the breakages thal occurred during operation and the tire inflation
pressure. The technicians started from the highest-pressure value and applied five different radial
loads, respectively of 5.000 kg, 7.500 kg, 10.000 kg, 12.500 kg and 15.100 kg. up to the test with 2
bar where the test was concluded with a maximum applied load of 12.500 kg [6,7].

Results for 2 bar inflation pressure - radial tire - fixed flange

250 e nflation
200 w5000 kg
-3 —a— 7500 k
S 150 $
- —=— 10000 kg
% N —e— 12500 kg
50
o |
(2 F5 F& Stran gauges
Results for 4 bar inflation pressure - radial tire - fixed flange
350 ~—m— |nflation
300 —a— 5000 kg
g 150 —a— 7500 kg
=
= 200 pee=10000 kg
é 150 | —a— 12500 kg
100 —=— 15100 ki
w |
L] ] F6  Strain gauges
Results for 6 bar inflation pressure - radial tire « fixed flange
450 —e— |nflation
400 | —=— 5000 kg
F gt 7500 kg
% ol - LOD0D kg
w280 |
g ° —e—12500 kg
A 200
150 | —e— 15100 kg
100
P4 S 6 Strain gauges

N
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Results for 8 bar inflation pressure - radial tire - fixed flange

550 —a— nflation

500 —e— 5000 kg
. A%0
5 «— 7500 kg
% A00
_=. 350 w~ 10000 kg
2 300 —a— 12500 kg
A

250 —a— 15100 kg

200

150

=] F5 Fa Strain gauges

Figure 6 Graphs of the maximum values detected by the strain gauges on the fined flange when vaing the radial tire.

The linear decrease does not entail an equal trend m stress, as evidenced by the fact that the spacing
between the cwrves of the graphs does not remain constant. The same behaviowr is observed by
keeping the mflation presswre constant and by changing the radial load, especially with heavy
weights. From Figure 6 we can see that, from the comparison between the uses of a radial and a bias
tire, it is possible to notice how the stresses of the stram gauges F5 and F6 are greater in the radial
case than in the inflation tests. By keeping the pressure constant and increasing the radial load, it 15
possible to identify how the bias tire transfers a greater load to the flange, The latter is of partcular
importance, as it 1s the area where the breakages were found in operation. It is noted that the radial
tire stresses the position F6, while the bias stresses the position F35, demonstrating a different
distribution of loads due to the configuration of the tire mounted on the rim. Precisely the positions
F5 and F6 have been explored in this article as they are the most critical area of the fixed flange.

3 EXPERIMENTAL MODEL

The equations that correlate the pressure with the load on the rim are 1 and 2:

W, =n(a® —17)P, [N] o
W, Py

= bt = (a?=r2)> [N "

Tr= 2:2-mn (“ ";)4rr [l’mm] (1

These equations (1) and (2) are commonly used in the automotive indusiry to evaluate the load applied
to the nm flange (Figure 7) as a function of the inflation pressure [8.9],
5 They are based on a simple balance
[ of the forces acting on the intemal
lateral surface of the twe and the
ones applied to the extemal surface
of the tire seat by the i flange, It
represents an approximation of the
real structure, as, according to the
literatwre  and to compansons
between numerical computing and
experimental campaigns, the ratio
v of the flange load to the bead seat
one is considered to vary depending
on the contact conditions at the tire-

Figure 7 Load condition on the rim due to tire Inflation. rim interface [lﬂ]

6
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This 1s influenced by the type of tire (geometry and material), the mflation pressure, and design of
the rim [11,12]. This model was firstly apphied to the study of the mflanon problem[13] to estimate
if 1t conld predict the experimental measurements from laboratory [14]. The axial load provided by
the automotive theory was applied to the flange surface of the rim 3D model, as shown i Figure 8.

Figure & The load predicted by the aumm theory was applied to the flange vertical wall
A finite elements mesh (see Table 1 and Figure 9) was created on the nm 3D model as shown i
Figure 8:

“Nodes number 513,038
Elements number 321.354
iD
Element type tetrahedral solid elements
Mimmum element size — seat radius area 3,7 mm
Maximum element size 35.5 mm

Table 1 Mesh parameters

Figure § Mesh applied to the 30 modal,
A FEM simulation could then be performed on the model; the results expected from the analysis in
order to confirm the suitability of the automotive theory fornmulas should have been in good
accordance with the laboratory measurements. However. a good match between the experimental
results and the stress field predicted by the automotive theory could not be found. The companson
between numerical and experimental data for the 6 bar inflation case is provided in Figure 10:

P1 stress - B bar inflation pressure - bias tire

EL")
—_—]Ghar
300
———
= 2%
o =—F§
S 200
- - F4
g 10
100
0
0 Node position
4 % as 50 52 54 56 53 [mm]

Figure 10 Mash lnnﬂo_d to the 30 modsl,
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As it can be noticed from the Figure 10, good accordance between the experimental measurements
and the munenical siress curve could not be found m fact, a deviation of approx. 10-15% on each
channel.
Further models based on the automotive theory and calibrated on the laboratory data were attempted,
but their predictions for the stress field could not be accepted either. The study based on the
automotive theory formulas was therefore abandoned [15,16]. A second option (o develop a direct
model of the tire-nm mteraction consisted in simulating 1t
through a FEM model of the entire wheel, A 3D model of
the wheel was thus created, as shown in Figure 11. FEM
analyses can give important information about the contact
pressure distribution on the tire-rum interface, which s the
mam purpose of the current study [17-19). However, this
approach was affected by many limitations, since accurate
information on the design of the tire were not avalable
[20,21]. Even nowadays, tire structure modelling and
analysis represent a challenging operation as non-lineanty
occurs i the matenal properties as well as m the contact
boundary conditions. Moreover, the tread pattem, the
complex and composite intemal tire design and their
influence on the load distribution must be considered [22].
In the case of our study, the non-linear and anisotropic
Figure 11 Wheel 30 model, mechanical behaviour of a composite component could
not be modelled, especially because of the lack of
nformation on the disposition of the carcass wire and on the tread design. For these reasons,
modelling the tire through finite elements was not considered as an option. Generally speaking,
developing a direct model of the tire-rim contact phenomenon turned out to be challenging. [22.23]
In fact, the complexity of a direct modelling approach not only lies in creating the model, but
especially in tuning 1t on the experimental results from the laboratory tests.
In our case, matching the experimental data in the most accurate way possible was necessary in order
to obtain the most reliable evaluations in the fatigue FEM analyses. For these reasons, any direct
modelling of the phenomenon was excluded and a reverse approach was adopted instead. Following
this method, the experimental data from laboratory tests were not used as a comparison term o
validate a direct model, mnstead they were considered as a starting point of analysis. More in detail,
attempts of solutions for the contact pressure distribution were supposed and nmumerically simulated
until a good match between the FEM solutions and the experimental evidence could be found. In
order to simplify the process of the hypothesis of the pressure distribution, the surface of the rim 3D
model was discretized in the flange area (Figure 12).

Figure 12 Discretisation sdopted for the fiued flange surface.
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Dividing the surface into porfions on each of which a umform normal pressure could be applied
sigmficantly sumplified the formulation of contact pressure solutions. The first step of this process
consisted in studying the influence of each loaded area on the shape of the stress curve in the seat
radius. To do this, each portion of the flange was loaded singularly like shown in Figure 13 and the
stress solution deriving from the FEM simulation was recorded. The graph deriving from this study
1s reported i Figure 14, which presents the stress curve recorded m the seat radius area for each
flange area loaded.

L
Figure 13 Example of iosd cond. applied in the FEM performed to study each losd srea influence on the stress field shape.
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Figure 12 Graphic rapre of the lmtions results.

As we can see form Figure 14 the stress values obtained in the three areas of the seat radius are
reported for each flange zone loaded. The different trends of the stress m the radius in the positions
of the sensors. The main significance of this study did not hie in the magmitude of the stress detected,
but in the stress curve shape, 1e, the ratios between the stresses recorded on the surfaces
corresponding to the F4, F5 and F6 instrumented areas. In this way, reproducing within the FEM
sunulations the experimental results would have meant finding a linear combination of loaded flange
areas. Knowing in which way each area (if loaded) affected the stress curve shape, would have
significantly simplified the attempting process. It is important that the application of a linear
combination of pressure was possible only thanks to the hypothesis of linear elastic mechanical field
in which the material was supposed to be. Only under this condition, in fact, the principle of
superposition could be applied. Even if studying the effect of every single flange area was extremely
useful fo understand how to tmne the model, it could not be considered sufficient m order to
systematically suppose a great number of solutions for the contact pressure.
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As stated before, the experumental data from the theory given from the manufacturer (that comes from
a study with the manufacturer of tires) part of its know-how were then adjusted on the GKN nim
model discretization. As an example, the pressure distribution measured for the 3,2 bar inflation case
and adjusted on the discretized model is presented in Figure 15:

500 Contact pressure distribution - derived from manufacture

3,2 bar inflation measurements
400

3.00

100
SRRNER
0.00
B h | | m n o p q T 5 t u v z

Figure 15 Contact pressure distribution (3,2 bar inflation).

Cantact pressure [MPa]

Atea

The pressure profile we can see from Figure 15 was graphically extrapolated from manufacturer data
and applied to the rim.

The further step of the study would have been adjusting the pressure diagram shown above for each
mnflation and radial load configuration tested, trymg to fit our profile with this performed from the
manufacturer just trying to move on X axis our pressure profile. This is done for having a convergence
from experimental data nunerical simulation by checking the stress i the point where we have placed
straim gauge.

4 MODULATION OF THE SIGNALE AND MODEL VALIDATION TUNING

As stated before, a tuning of the pressure distribution obtained by the manufacturer study was needed
mn order to reproduce the stress state measured during the laboratory tests for each load configuration
(see Figure 16).

Figure 16 Flow chart of tunning process,

The adjustment of the load diagram counsisted in modulating the amplitude of the bead seat peak and

both the amplitude and the position of flange hook peak, as shown in Figure 17, Figure 18 and Figure
19:

Bead seat peak amplitude modulation
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Flange hook peak amplitude modulation
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Figure 18 Influence of the modulation of the flange hook peak’s amplitude on the contact pressure dagram.
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Figure 19 Influence of the moduletion of the flange hook peak’s position on the contact pressure diagram,
The tuning of the reverse experimental model was done by varying the contact pressure diagram and
sumulating it through finite elements analyses. The model and the mesh used for these simulations are
shown (Figure 20):

Figure 20 30 modsl and mash used for the simulations. Figure 21 Sliding boundaries,

The thickness of the mesh was highly increased n the entical area to prevent even little maccuracies
in the predicted stress field, as it was ascertained that even small variations in the stress values can
produce significant fluctuations in the predicted fatigue life of the component. Moreover, the model
was simplified, as it was considered just one sector of the rim thanks to the axial-symmetry of both
the component and of the load [24]. To do thus, shding boundaries were applied to the model (Figure
21).

The stress field acquired by the simulations could vary depending on the load conditions, but
generally reported a highly stressed area comciding with the seat radius.
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In Figure 22 we show the maxumum stress that i the radius zone 18 i accordance with the values
recorded by the strain gauges.
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Figure 22 Strass field acquired by FEM simulations.

The tuning of the reverse model was done by comparing the stress field provided by the simulations
and the one given by the experimental evidence. An example of the pressure diagram and the
comparnison between the experimental and numerical data is presented m Figure 23

Radial - 6 bar - 12 500 kg
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Figure 23 Contact pressure diagram (above) and comparison between mxperimental and numerical results (FRgure 2%) for the
radial tire - 6 bar - 12.500 kg contiguration,
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As for the example reported above, a good match between the experimental and numerical results of
the F5 and F6 areas could be found. On the other hand, F4 is the only one for that we can’t find a
correspondence on the model: thus was probably due either 10 inaccuracies in the manual placement
and alignment of the strain gauges which could canse the tendency of the gauges to record transversal
strains [25] or to excessive approxunation of the model. In any case, being the F4 stress the lower of
the three recorded, this did not represent a big lunitation. A qualitative representation of the mean
pressure diagram applied in the simulations 18 provided in Figure 24; the more intense the pressure
applied to the flange area, the darker the colour associated.

Figure 24 Qualitative representation of the mesn pressure diggram spplied in the simulstions

The iterative process of hypothesis of the solution was performed for every load configuration until
errors above a few percentile points were obtained. leading to the following possible solutions for the
contact problem (Figure 25):
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Load diagrams comparison - 6 bar - radial tire
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Figure 25 Possible solutions found for the tire-rim contact phanomenon.

5 FATIGUE TESTS RESULTS

The stress fields computed through the FEM static sunulations deseribed above were necessary both
for a better comprehension of the tire-rim contact phenomenon and for the software’s requirements
[26.,27]. In fact, SolidWorks Stmulations needs a stress field from a static analysis in order to perform
a fatigue one, as well as many other FEM software [28]. The Solidworks Fatigue Analysis function
makes the stress static resulis to vary between two extremes which, for the nature of our study
approach, are identified through the expenimental load cycle analysis. More in detail, the maximum
and mimimum stresses have been idennified analytically from the load cycles recorded, which shape
can be exemplified by the eyeles reported m Figure 26
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Figure 26 Example of the process of sampling of the cycles from the strain gauges recording (4 bar = 7.500 kg = radisl tire).
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As wvisible from the Figure 26 of the stram

measured by the gauges, the regulanty of the mm
cycle allowed to sample the maximum and the rolling of the rim

minmum  values manually for each load
configuration. As descnbed previously, the
maximum stress value was needed as a Expoimentsl dxe
reference to be reproduce in the static FEM
simulations, whale the mummum stress was

used to caleulate the expenmental cyele rano portion dl: load tesiory and
R (see eq. 3). which is required by the Gatection of macimum and
software mn order to execute any fatigne ol
analysis and must be given by the user:

Timiin Defintion of a

R= — (3) sinusoidal signal ‘
Omax Tolowing tha tank
meinod

This 1s the reason why SolidWorks |
Simulations requires a stress field deriving $
from a static analysis and a cvcle ratio, MAXIMUM [ Witimum |
obtained in our case from the experimental " c
evidence. A diagram of the workflow applied Static FEM ‘ s
to this stage of the study 1s presented m Figure _ simuishons | Srvair
27, I v
Once the stress fields were obtained m the FEM | Fabgue
static  simulations fnr_each of the loa_rl stress fieid I| FEM analyss
configurations, the fatigue FEM analysis iy 27 pigram of the workfiow apsiied to the study. The
could be performed. cycle ratia R has been obtained from the cycle analysis and has

been used a3 input for the fatigue FEM simulations,

The pressure distribution generated by the contact between the tire and the rim makes it possible to
have a very reliable model because it is calibrated on the experimental tests of the real load conditions
to which the wheel is subjected Thanks to this distribution, there are certain stresses which were
subsequently used for fatigue tests,

In order to perform any fatigue analyses the main instrument necessary was the Wéhler curve,
obtained by a wide expenmental campaign of fatigue experimental tests [29]. In our specific case of
study, the Wéller curve had to be found the curve associated to the most sunilar material from a
dedicated database: for this stdy, the Toral Materia.

As the mechanical problem concerning the rim flange is purely flexural, the curves related to bending
alternated stress tests were considered. Among the Toral Materia materials, structural steels were
searched for, as the steel used for the GKN nim belongs to this category of materials. Considenng the
data provided by GKN for the ultinate tensile strength, which 1s equal to about 370 MPa, the most
simnilar material found in the database was the S235JR structural steel. which was assumed as a
reference. However, it was reputed more comect to mclude mto the study other structural steels as
well: in fact, we compared the fatigue curve of many structural steels in order to obtain a wider view
of the possible fatigue behaviour of the materials available. Some types of steel used for this
comparison: SI85, S235JR, S275JR, S355JR, E295, E335 and E360.
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The flexural alternated fatigue curves found in Toral Materia for this materials are reported m Table
2[30.31]:
' FLEXURAL ALTERNATED FATIGUE CURVE

N Stress [MPa]
S185  S235JR  S275JR  S3SSIR E295 E335 E360
1.000 279 324 387 459 441 531 621
10,000 220 266 318 377 363 434 505
100.000 189 219 262 110 208 355 416
1000000 155 180 215 255 245 290 340

Teble 2 Wohler experimental curves provided bry Total Materia cbtained under alternated symmetrical flesural load,

T ——————
Cold inflation pressure [bar] 6

Radial load [kg] 15.095
Rolling speed [km'h] 12,9
Ny 2.000.194

Figure 28 Rolling test parameters and result, The Lest was protracted until the rim faillure, which cccurred at 2.000,194 cycles,

Assuming this approach, a fatigue analysis was
performed on the 3D model for each material;
the fangue lfe obtamed from the FEM
simulation would have then been compared with
the experimental resull in order to choose the
matertal which best approximates the real
one[32,33].

The model used for the study of the material and
for the fatigue analyses of the component was

um same llSB[i fO[ |I'IB static iﬂl&l}'SES. Figure 29 Example of a wheel during a rolling test.

The final mesh parameters applied to the 3D model wheel are reported in Table 3,

* 3 LY ik b 4
Figure 30 Mesh applied ta the 3D rim model to perform the fatigue FEM analysis,
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Nodcs number B 1.453.924

Elements number 1.009.933
Element type Sohd CST
Minimum element size — seat radins area 1 mm
Maximum element size 40 mm

Table 3 Mesh parameters applied to the 3D rim model to perform the fatigue FEM analysis.

The dimensions of the mesh elements turned out to be crucial on the predicted life results, as 3 mm
elements returned quite different results n terms of life compared to the 1,5 ones. For this reason, it
was decided to thicken the mesh retroactively in the static simulations (see Table 1) as well to obtam
the most accurate fatigue results. The mesh n the seat radius area was | mm, as desenbed m Figure
30 and Table 3.

The tuning of the matenal applied to the model was performed refeming to the 6 bar — 15.100 kg -
radial tire configuration, as it was extremely similar to the one applied to the failure test performed
by the manufachurer.

The mumerically predicted lives for each matenial considered from Total Materia are presented in
Table 4:

Material Ne
S185 391.700
S235JR 2.332.000
S275JR 18.230.000
S355JR 134.000.000
E295 $3.100,000
E335 516,200,000

E360 Infinite

Table 4 Life predicted by the fatigue simulations 6 bar — 15,100 kg — radial tire load configuration for different steels,

The linited number of cycles reported above refer to the limited life area of the component. iLe., the
seal madius area, as clearly visible from the graphical representation of the S235JR simmlation. As
expected, the structural steel whose numerical life result best approximates the experimental data 1s
the S235JR. The S185 steel widely underestimates the laboratory measurements, while more
performing structural steels, starting from the S275JR, overestimate 1t by at least one order of
magnitude.

The E295, E335 and E360 structural steels are high performance materials that have been studied
only for a scientific purpose. According to the results shown i Table 4. the 8235JR structural steel
was assumed as the best approximation (2°000°194 from rolling test vs 2°332°000 from simulation).
It must be remarked that, since one single rolling test was executed, this comparison must be
considered purely mmdicative, as no statistical considerations can be done.
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However, given the several orders of maguitude that distingmish the numerical S235IR result from
the other structural steels, it can be stated with good confidence that the S235JR represents the best
approximation of the rim steel. Therefore, this material and the associated Wéh/er curve were applied
in the following fatigue analyses.

Further information needed to perform the fatgue simulations are the fatigue limit a4 and the
method applied for the comrection of the mean stress components 6, of the cycle. As far as the fatigue
limit 1s concerned, Total Matenia reported a a54 equal to 180 MPa for the S235JR.

A few comective coefficients were applied which ook mto account the forming process apphed w0
the mm:

0'pa = K 0p, {4)
The correction factor k can be written as;

k= a:og® (5)
a and b are coefficients depending on the forming process applied to the material { Table 5):

Polished 1.58 20,085

Milled 451 0,265
Hot rolled 317 0,718
Raw forged 272 0,995

Table 5 Comrective coofficients depending on the forming process of the material.

As the steel sheet used for the rim production is hot rolled. comrective coefficients with the following
values have been chosen:

a=577
b=-0,718 (6)

By substituting these values (6) 1 (5) and (4), the following value for &'z, in (7) was found:

o'ps = 57,7 (370 MPa) ®71 - 180 = 1488 MPa (7)

This can be considered the corrected fatigue limit for the S235JR, which takes in account the process
applied to the steel: thus, it was used in the following study analyses.

The last assessments needed before performing the fatigue FEM analyses regards the load cycle
applied to the nm during its rotation. In fact, the loading cycle to which the rim is subject is not as
sumple as it could be thought, since the stress curve through the tune 1s not a miere sinusoidal function.
The strain gauges measurements analysed through the time axis, in fact, reveal a more complex trend,
which is shown m Figure 26. In the graph reported in Figure 26, two full strain cycles are clearly
recognisable. A higher strain peak, which corresponds to the tire-ground contact, can be detected and
it divides one cycle from the other. Lower peaks can be found between the higher peaks and they are
generated by the particular tire-nm contact conditions that occur during the wheel rotation. Between
the minor peaks, there is a relative mimimum, which shows up when the nm point is in the higher
position of the rotation, diametrically opposite to the tire-ground contact point.
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What we had to mvestigate was the influence on the fatigue life of the minor peaks that occurs during
the upper pant of the rum rotation, opposite to the tire-ground contact pownt, in order to determmne if
the mmor peaks affect the cumulative damage of the component. If the altemated stress pont 1s
located under the Haigh diagram line, its life influence can be considered negligible with a certain
safety factor; if not, the component life should be considered affected, as the g,,,, . is exceeded.
Before tlns check could be done, the stress values corresponding to the minor peaks must be collected,
This operation was done on the nCode graphs manually on samples of the cyclic load graph for each
load condirion. More in detail, the stress values associated to the maximum and the minumum of each
cycle peak have been collected. The critenon used to detect the mimmum poimts was based on the
tank counting method [34]

From the “tank method™ we have three different peaks for each cycle. Of course, the highest of the
three peaks was already known to be mfluent on the life of the nm (highest alternated and average
stress) so, the focus was set on the second and the third peak (orange and grey pomts m Figure 31):
We can see form High diagram in Figure 31 the two cycles can be considered negligible in tenms of
cumulative damage. As an initial evaluation, the most burdensome loading conditions were inspected.
i fact, if the highest cyclical stresses had been found to be irrelevant, the lowest would have been
too, Thus, the most entical load condition for both the radial and the bias tire were examined, that 1s
6 bar — 15.100 kg case. Their representation in the High diagram is presented in Figure 31. As il can
be seen from the graph, the pomnts associated with the secondary peaks of the most critical load
conditions (6 bar — 15.100 kg — radial tire and 6 bar — 15.100 kg — bias tire),

Haigh diagram for the smdy of secondwy peaks
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Figure 31 5235 Haigh disgram of the points of the secondary peaks of the load cycle for the 6 bar ~ 15.100 kg configumtons.

Once the load cycle 1s found, all the fatigue study parameters have been evaluated and, thus, the
FEM fatigue simulations can be executed. The software retums both predicted life and cumnlative
damage outputs, according to the Palmgren-Miner theory [35-39]. The analyses were performed for
all the load and tire design configurations available for the 4 and 6 bar inflation pressures. The 3D
model and mesh used for this set of sumulations are the same presented m Table 3,
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The results obtained by the numerical analyses for the fatigue i terms of number of cycles are shown

m Table 6:
INFLATIONP | TIRE | RADIAL LOAD | CRITICAL | o O P
[bar] DESIGN | [ke] AREA [MPa]
' 3000 F6 0.851 279.0 Infinite
7500 F6 0.830 290,8 Infinite
Radial 10000 Fé 0,796 2996 Infinite
12500 F5 0,653 08,7 Infinite
4 | 15100 F§ 0618 | 3183 Infinite
5000 F§ 0.776 318.7 Infinite
7500 F§ 0.730 3353 Infinite
Bias 10000 F5 0.682 1534 301.900.000
2500 F5 0,641 369.3 29.290.000
| 15100 F5 0602 | 3872 3.168.000
| 5000 F5 0,836 3880 Infimte
7500 F35 0,804 400,1 Infimite
Radial 10000 F5 0.764 4137 142 600,000
. 12500 F§ 0,733 4277 14.740.000
g | 15100 F5 0.708 | 4393 2.174.000
5000 F5 0.831 367.2 Infinite
7500 F5 0,778 190,6 Infinite
Bias 10000 F§ 0.732 4123 38.270.000
12500 F$ 0,695 l 434.1 2,763,000
15100 F5 0,663 457.6 215.500

Tabie 6 Pradicted fatigue lives for sach ioad and infiation condition from FEM numaerical simulations (5235)R)

A graphic example of the results of the fatigue FEM simulation 1s proposed (Figure 32):
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Figure 32 FEM latigue tirmulstion for the 6 bar — 12. 500 kg — bias tire configuration. The limited life area coinciding with sast
radius and indicated in blue can be noticed.
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6 RESULT
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Figure 33 Diagram of the workfiow applied to the study.

The Figure 25 shows the trend of the pressure we have on the nm when we change the inflation
pressure, the radial load and the tire (radial or bias). The pressure profile is defined by iteration of
numerical data obtained from FEM analysis triggered with experimental data acquired with stramn
gauges by test on field. This iteration 15 performed until we can reach a convergence i outcomes
(Figure 23). The FEM are performed by sizing the rim in different slices (see Figure 12) and by
applying to each a defined pressure and at the end checking the strain in the points where we have a
certain data, i this way we can validate the FEM model.

This tuning procedure 1s necessary because what we can predict with different theonies, in terms of
profile pressure, is a first approximation of the pressure on the nm but every configuration is different
(because of the combinations of some varables: geometry, tire, matenals). The main deviation we
may run into can be the maxumum stress on the contact zone between rim and tire.
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From the curves we obtained after the tuning process (Figure 25) we can see as the radial load
mereases, the pressure increases m zone b, i and 1 unlike on zones near the flange (p.q.r.5.1) the contact
pressure is marginally affected by the value of radial load.
We can also observe that the tire type is a key factor on the curve, We find that by fixing the inflation
pressure, for example 6 bar, the radial tire is more sensitive (o the radial load than the bias one. This
1s clear from the Figure 25 d where 1t appears that the curves (mostly in the areas where the pressure
1s higher: h,i and 1) are closer to each other so they are not so affected by a change i radial load
apphed.
The curves (Figure 25) are used for further mmnerical analysis to estimate the fatgue life of the
component. Table 6 shows the result in the critical zones identified previously with the strain gauges
5 and 6 (F5 and F6 that in our model are on the radius zones that fall in the zone m,1 and 1). In detail
the results show as the pressure of each type of tire and racial load varies the results m tenmns of
maximum stress, cyele ratios and estimations of fatgue life.

Predicted lives companson
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— ) bar - bias tire
1 OE06 — i fdte Life
=
1LOOE+(4
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1 O0E+DO

<000 =500 10000 12500 15100 Radial load [kg)
Figure 34 Comparison of the component’s predicted lives for gl the tested load conditions. The predicted lves are on a log scale.
In graph 5.2, the predicted lives are compared on a logarithmic scale with a maximum life of 107
cycles, which have been considered the wfinite hife linut. As it can be noticed, the only tire
configuration which never shows limited predicted lives is the 4 bar — radial tire. For all the other tire
configurations at least one case of predicted limited life oceurs.
Another important parameter 1s the cycle stress ratio R, In fact, the higher the stress values, the highest
the damage caused to the matenal. Moreover, the more the R ratio tends to zero, the more the eyche
stress can be approximated to a cyele pulsating from zero. This load condition can be considered far
more critical compared to a cyclic stress with a R ratio which tends to 1, as it is closer 1o a static stress
state, The influence of the maximum stress and of the cyclic ratio combined is shown in the Figure
35
Influence of maxmnum stress eycle ratio combmed on the predicied hife
e NSD0 ~ 2100 MO0 - 3460000 1 =10 Dl tatil oy
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Figure 35 Influence of maximum stress detactad in simulation and of the cyclic atio R the sxperimantal tasts on the numerically
predicted life of the component. The bigger the circle, the higher the predicted life.

In the graph reported, the bigger the circle, the lugher the numerically predicted life. As clearly shown
above, it is the combination of the two parameters which determnines the cyclic damaging of the
component.
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7 CONCLUSIONS

Here will be presented the result of 1hus work:

Direct modelling of the tire-rum contact pressure through mathematical or FEM tire models can hardly
produce results which are accurately coherent with the experimental data, especially because the
fatigue FEM analysis requires to process stress fields from static sumulations as similar as possible to
the experimental evidence in order to retum good life predictions,

A reverse empirical model based on the iteration of attempts of solution for the contact pressure
distribution between rim and tire in the rim flange area has been identified as the most smtable
approach for the particular problem faced in this study, Following this modelling solution, the
expermmental results are not used as an empirical comparison lerm employed to verify the prediction
of a direct model, instead they are considered as an experimental basis on which a reverse empirical
model can be built. This particular model is not mamly intended 1o make predictions on the tire-rim
interactions (even if many considerations on this phenomenon could be made thanks to i), but to
reproduce the experimental results in the FEM numerical simulation in the most accurate way
possible, Going backwards and analysing the solutions found for the pressure distributions, a deeper
understanding of the phenomenon could be reached.

Previous measurement campaigns on the contact pressure distribution allowed us to realize that the
most loaded areas are the bead seat and the flange hook ones.

The static sumulations revealed that the tire design affects the pressure distribution, as it was found
that, especially for lower radial loads, bias tires tend to load more the upper areas of the flange hook
compared to the radial ones, as confirmed by the GKN.

The mflation pressure affects the load pattemn as well, since the simulation results show that the less
the tire is inflated, the less its deformed configuranon is defined and, thus, the loaded area are not
accuralely wlentified as m the high-pressure configurations. Moreover, if the pressure distribution
found m this study 1s considered reliable, it emerges that less nflated configurations can mvolve
higher peaks m the contact pressure, as the deformed states of the fire are probably less ngid than the
high inflated ones [40,41]

The fatigue FEM simulations based on the static numencal results and on the hypotheses of neglecting
the residual stresses of the material revealed that the cntical load conditions are the high load
configurations (12.500 kg and 15.100 kg). These load conditions are quite extreme and reasonably
rarely reached by the structure during the exercise, Moreover, these radial loads have been simulated
together with mflation pressures that exceed the value recommended by the tire manufacturers, that
15 3,2 bar. Thus, these results must be considered as an evaluation of extremely hard load conditions
and the limited life predictions must therefore be properly weighted. In any case, the load conditions
that eventually need further investigation and study are the ones mentioned above.

Regarding the fatigue analyses, it emerged that small vanation in the Wohler curve can cause high
fluctuations in the predicted life results. Therefore, a wide expenmental campaign for the cyclic
characterization of the matenial is necessary in order to perform accurate fatigue predictions on the
component.

Another important step for the material characterization 1s studying the influence of the forming
process on its mechanical properties, as both the residual stresses and the hardening can play an
umportant role m the cyclical behaviour of the cold formed steel.
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Before going into deep, | would like to share the main results and evidence of my
research with a flow chart, which shows how we performed the three main activities linked
with fatigue and, in particular, applied to industrial wheels. We decided to test industrial
wheels because they are safety components of machines and the fatigue has been studied
and confronted for years and is still an open topic. Moreover, the University of Brescia isin a
good relationship with a manufacturer who supported us during our tests on the field and was
open to a critical analysis of our research as well, which we compared with the principles they

use every day. The main results our research are listed now below.

After selecting the bibliography about methods on the time and frequency domain and
thanks to the availability of load history of industrial wheels, it was possible to compare them
to check their reliability and the problems we might face with different models on a real case

study.

During this research, we found out that frequency methods are more conservative
than the ones in the time domain. They also request some assumptions which are not always
easy to achieve with the available data. The key point of this work is the actual comparison of

a real case study.

Y TIME NARROW-BAND WIRSCHING ORTIZ DIRLIK
Z LIGHT
T
n i
[ W)
D D ) D o D Mo D 1o
CH4 7.8E-8 2.9E-8 2.7 1.76-8 | 457 | 2.26-7 | 3.56-1 | 1.56-7 | 5.1£-1
CH6 1.9E-4 1.1E-3 | 1.7E-1 | 6.7€-4 | 2.76-1 | 92E-3 | 2E-2 | 6.5E-4 | 2.9£-1
Nf Nf nNf Nf nNf Nf nNf Nf nNf
CH4 1.3E7 3.4E7 27 5.9E7 0.2 4.5E6 2.8 6.7E6 1.9
CH6 5.4E3 9.1E2 5.9 1.5E3 3.6 1.1E2 5 1.5E3 3.5

Table 26 Comparison of results of fatigue analysis according to different approaches and theories

It may be interesting to study more into detail the impact of the material data on the
results for each different method, and to check the level of the damage with a test on the
bench, in order to have a real evaluation of the reliability of the method and to make a full
comparison with a certain reference.
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Moreover, it would be interesting as well to check how strong an assumption for the
application of the frequency methods can be and if they are always correct. Since our focus
was on the last point, we decided to examine the assumptions made for the application of the

frequency methods (signal: gaussian, ergodic, and not time-dependent).

We analysed the data we had collected from the tests on the field. This was pretty
critical since designers usually want to apply their algorithm directly to check the level of the
damage that a defined load history can lead. Thanks to this, it would be possible not to waste

time checking the assumptions (also because the signal might not fulfil the assumption.)

Checking our case study, we discovered that, for a common component like a wheel,
the load history does not respect the hypothesis of Gaussianity; therefore, we used some

corrective coefficients found in the bibliography.

These corrections (about a factor of 61,) on our load case on the wheel were without
doubt strong, but there were still errors to report: in fact, we noticed that the assumptions
force not to consider some cycles with a high level of stress. Subsequently, for our load case,
the coefficient ANG (see chap. 8) is not able to fully correct the non-Gaussian distribution of
the input data. In this way, we are able to put a reference on the bibliography of a real case
study with a clear procedure to follow; we can also add the information that industrial wheels

are critical components for the application of frequency methods.

As well as for the first analysis, we need the material data. This work could be further
developed and the algorithm extended to other components with different load cases; the
results could be applied to the time domain as well. This work could lead to a corrective factor,
tailor-made for different components and different applications. Eventually, a further activity
of validation of the model can be performed to check how far, in terms of level of the damage,
these methods are, compared to a component that is rolling during a test on the field with the

same load history.

After basing this approach on the application of the algorithm, we decided to add the
FE analysis. Thanks to the tests we performed on the field, we gathered data of the load
history at different inflation pressure. This led to the FE analysis. Following the data we had
collected from the strain gauge on the rim, we were able to define the pressure profile on the

rim and tune it with the data, through reverse modelling. Our model confirmed us that the
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tire design affects the pressure distribution, and, especially for lower radial loads, bias tires
tend to load more on the upper areas of the flange hook compared to the radial ones.
Obliviously, also the inflation pressure affects the load pattern. After a static analysis of the
pressure profile, we analysed the fatigue through the software Solidworks, based on the static

numerical results.

The analysis led us to define some critical situations and other configurations that are
infinite in the fatigue life (see Table 25). In this case, thanks to the data collected, we were
able to present a pressure profile on the rim that can be compared and is tuned with

experimental data.

This approach is difficult to find in the bibliography but, according to our research, it is
very useful because we can skip modelling the tire characteristics, which are not easy to
define. Moreover, it is possible to identify the most critical area and apply the FA analysis to
it, as well as the FA fatigue analysis. The mechanical data of the materials are difficult to find.
For this reason, a study of the production process of the rim (which results hardened in some

areas) could be a possible future development of the research.

At the end of the analysis on the material, we were able to perform a statistical

validation of the model. This will be later used as a reference for the future models of the rim.

The last step of this research (see some tips on the appendix) was the study of the
layout of a testing machine, whose results are close to the ones registered from the tests on

the field.

We started from the DOF on the wheel, equal to the one on a real application.
Therefore, we used a belt unit to give torque and speed to the wheel on an exapode table,
then we connected the wheel through the original suspension to a frame that can slide up and
down to simulate the movements of the chassis. To apply pressure on the rim, which is a
vertical force, we used a pneumatic cylinder that can be connected to the sliding unit where

the junction points of the suspension are directly on the wheel with a special wheel hub.

So far, we have defined the layout and performed a first rough sizing of the structure.
After the design of the different groups is ready to be produced, we will be able to analyse the
software of the machine, since the table moves according to the force and following the data

acquired through the tests on the field or defined for our routine.
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12.1. RESERCH ACTIVITY
The papers from our research, which have been published or sent to journals or used
during conferences, are listed below:

Here follow the papers, which have been sent or will be sent to Journals:Cima,
Michele & Solazzi, Luigi. (2020). EXPERIMENTAL AND ANALYTICAL STUDY OF RANDOM
FATIGUE, IN TIME AND FREQUENCIES DOMAIN, ON AN INDUSTRIAL WHEEL. Engineering
Failure Analysis. 120. 105029. 10.1016/j.engfailanal.2020.105029.

L. Solazzi, M. Cima (2020) FIRST CONCEPT OF LIFE TEST MACHINE FOR GROUP WHEEL
— SUSPENSION; Conference MDA Porto 5-6 Nov 2020;
https://web.fe.up.pt/~mda2020/img/Poster%2035.pdf

Solazzi, Luigi & Ceresoli, Federico & Cima, Michele. (2019). STRUCTURAL ANALYSIS
ON LIGHTWEIGHT EXCAVATOR ARMS. CONFERENCE: 33RD INTERNATIONAL ECMS
CONFERENCE ON MODELLING AND SIMULATION 351-357. 10.7148/2019-0351.

Frosini, Lucia & Malinverni, Matteo & Cima, Michele & Anglani, Norma. (2018).
THERMAL AND ELECTROMAGNETIC MODELING FOR PROTOTYPING PERMANENT MAGNET
DC MOTORS. 1330-1337. 10.1109/ICELMACH.2018.8506965.

Here paper that are sent or have to be sent to Journals:

Cima, Michele & Piovani, Luca & Salvini, Lorenzo& Solazzi, Luigi DEVELOPMENT OF A
FEM MODEL FOR EVALUATING THE PRESSURE PROFILE IN THE INDUSTRIAL WHEEL AND
FATIGUE STRENGTH ANALYSES

Cima, Michele & Solazzi, Luigi FREQUENCY DOMAIN FATIGUE DAMAGE APPLIED TO A
VEHICLE WHEEL
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13. APPENDIX 01: TESTING MACHINE

static FEM
analysis

Starting from geometry and with
some assumption on the load we
can start to verify the stage 1 of
rough calculation

Final design

This can be assumed as the last
phase of a project life cycle of the
machine. Here we have defined
and validate the concept so we can
start to go deep into problem like
costs and how to realize some
parts (machine make molds and so
on)

O

first design

As first step we define the geometry
and the concept of the machine.
The calculation is made by hand

O

Natural freq.
analysis

We are studying a concept of a test
machine where we will have to
apply sensors used for acquiring
vibration so we have to avoid that
we can have resonance in the area
where the machine has to work

Figure 210 Scheme of work on the concept machine
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In this paragraph we will show some step we followed to develop a new concept testing machine
for testing all group: tire, rim, wheel hub, suspension arms and force on the junction point.

The aim of this work comes from the idea of have a new tool available. We decided to study a
very flexible machine that can perform a very precise study on different load history.

Is clear that we can’t think to design a machine from zero in one shot, so we decided to proceed
with steps. The first steps we did after defining the concept was a first sizing of the main
component, by an estimation of the forces and check of the stress in the different parts. This step
gave us the possibility to define roughly the materials of different main parts. We also put
attention on another second step on natural frequencies of the machine, because we are
studying a testing machine, where will be applied sensor like strain gauge and accelerometer that
can be affected in a bad way. At the end we perform also study to reduce the material where is
not necessary using the FA software tool, this is done for have a lighter machine and also less
material to have a look also on the cost advantage.

This work was presented at MDA 2020 in a conference in Porto (Portugal). Here the link for
download the poster: https://web.fe.up.pt/~*mda2020/img/Poster%2035.pdf

13.1. Machine design
In this chapter we will show the main group of the machine as we thanked it.

Figure 211 Main groups of the machine



As we can see the machine is multipurpose machine, because we can perform analysis on
different component but we have also the possibility to consider all different parts of the
suspended mass. In this way we can perform different test that usually is done with different
machines. At the end also we can define different set up of the group in study (slip angle, vertical

force, torque or speed on wheel).

13.1.1. Gaugh-Stewart platform (exapode table)

Figure 212 Image of the exapode table

This kind of structure are called parallel robot of Stewart platform. Following moving
equation of each six single cylinder the end effect is the movement with different angle of the
table. In our case we thinker to place on the centre of the table our belt unit for reduce the inertia
moment and give the possibility to have high acceleration. This is one of the most critical part of
the machine and is also the core. The problems come to the difficult to have equation of
movement (have from the position of the junction point the position in pace of the table), that’s
way usually the position of the table is find in an experimental way (recursive model). This kind
of table can come have high natural frequencies of the structure (we have the possibility to have
high load on the legs and this leads to high natural frequencies). Another advantage is that the

cylinders works with axial load and very low flexional load.



13.1.2. Beltunit

MOTORIZED This part of our application

| =
IDLE R ROLLERS seems not important but is one of
ROLLERS A

the most important group because

affect the results of the test on the

wheel or pneumatic at first but also

give us the possibility to reach

frequencies very high on the

ROLLER simulation because of the inertia
10) limit

Figure 213 Bel unit
The table as first design is studied in this way:
e *Box for rollers;
e eRollers;
e eRollers with motor.

As did for the previous parts we decided to choose as more as we can commercial
components. We decided to use reference load to apply on the unit for size the box and rollers.
In particular:

e Vertical load 8 kN;
e Lateral load 10 kN.
The length of the table is 800 mm.
13.1.3. Main frame

The main groups of the
COLUMN
machine are the frame group. We
decided to use a plane guided on two

slides fixed on two columns.

The frame is made with a

basement of a steel plate machined

On this plate we weld two
columns, that have the reference to be

inserted in the plan

In this way it's easier to have

them parallel.

Figure 214 View of the main frame



After weld the basement and have made a treatment of release we can machine the
columns because them are so long and need a tolerance at least of 0 1 of parallelism each other
to permit to the plate to go up and down on all stroke without too much horizontal stress coming
from the tolerance.

For this group some design choose are made

1) Use industrial slide at low friction
2) Define a plate not connected with the table (cost reduction, easy to move, and
hopefully less vibration)
3) Be rigid enough to fix the hydraulic press.
13.1.4. Press

H B Before to describe this unit we want to

underline that for this first design the force is

applied on the sliding table and thanks to the
the suspension we can have the reaction on

the tire that touch the belt unit. We have also

L1 to take in account another step on the

developing of this machine by applying load

on the wheel hub.
Figure 215 Load concept

For our first design of the machine, we choose a compact form of this with the oil tank
and pump inside.

We transmit the movement and
the force through this cylinder that is
fixed to the plate. So thanks to this
movement on vertical axes and thanks of
the presence of the shock adsorber

mounted on the suspension.

Figure 216 Detail of the press connected to the sliding unit




Figure 217 Hydraulic press

13.1.5. FE Analysis
In this chapter we will quicly show

some analysis we did. We made a lot of
analysis for make a raw sizing of the
structures, by adding or removing plates

where is necessary.

Have to be clear that this activity has
to be accepted as a first design for a concept
machine, because to realize a ready to

product component require deeper analysis.

We also made a large use (where it
was possible) of commercial components
(cylinders, motors, roller, exapode table also
can be evaluated from Moog see:
https://www.moog.com/content/
dam/moog/literature/ICD/Moog-Test-
DesignNews-May2011-Article-en.pdf)

First example are the hydraulic cylinders for the table, where also for them we defined

some requirements:
e Axial force: 4.2 kN;
e Stroke: 530 mm
e tforstroke: 1s;

e working pressure: 200 bar.

With this data we found and verify some possible options from commercial data sheets.

For the electric motor we made this assumption. We have the tire that can be tested from

50 km/h to 130 km/h and as first attempt we assumed a linear law for the torque, starting from



30 Nm at 0 km/h and a factor of 0.25 Nm/ each rad/s. Starting from this data and matching
datasheets of gear box and motor at the end we choose as first attempt a motor (320LP12) of 45

kW and a gearbox with i:2 (manufacturer Rossi ref. code: R | 125 UP2A B3).

Below some example of analysis, we did in the columns of the main frame and basement.
We have considered ordinary construction steel for the column (that are commercial

components) and laminated plate for the basements (S235JR).

For increase the strength of the structure we add two angular plate that can increase the
stiffness of the structure for the horizontal forces. The forces we used for the first sizing are: 10
kN on horizontal direction and 25 kN on vertical direction (this data comes from the data we can

find on bibliography on industrial tire).

von Mises (N/m*2)
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Figure 218 FA analysis on the main frame with a thickness on the main plate of 800 mm



We also performed a FA analysis on the main plate where we have attachment points for
the suspension arms. For this component we applied the forces horizontal and vertical at the
same value used for the main frame but considering the presence of the suspension (so by adding

an additional torque).

Proprieta Valore Unita
Modulo elastico 21e+11 N/m#a2
Coefficiente di Poisson 0.28 N/A
Modulo di taglio 7.8e+10 |N/m*2
Densita di massa 7700 kg/m~3
Resistenza alla trazione 723825600 |N/m*2
Resistenza a compressione N/m42
Snervamento 620422000 |N/m~2
Coefficiente di espansione termica 1.3e-05 |/K
Conducibilita termica 50 W/(mK)
Calore specifico 460 J/(kgK)
Rapporto di smorzamento del materiale N/A

Figure 219 Material data used for the plate
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Figure 220 Example of the analysis on the main plate

As we can see the yield stress is one order less that the stress we have found under load.

We finally made the analysis on the plate of the exapode table. We use the same material

of the sliding unit.



The load configuration for this component are: 20 kN on vertical direction plus 5kN for
the weight of the stuff attacked on the table and 15 kN in orizontal and 25 kN in vertical when

the table is at 45°deg.

Figure 221 Example of the table plate under second load config.
13.1.6. Natural freq. analysis
Following the work flow presented in Figure 210 we are now ready to check the natural

freq. of the testing machine. It's important to check the machine with all part but for run an
analysis of all machine request a lot of time. We decided to consider a few analyses of the
different main groups, refine and check them and at the end run with an analysis of all machine.

Before to start we also consider that we have to try to not have natural freq. in the range
of freq. where we have to acquire the signal. From papers and the experience of the

manufacturer we can say that we have to try to not have natural freq. in the range of 10-30 Hz.

Way of / Way of i Way of i) Way of S
vibration [Hz] vibration [Hz] vibration [Hz] vibration [Hz]
1 34.19 1 34.19 1 34.19 1 34.19
2 34.57 2 34.57 2 34.57 2 34.57
3 63.03 3 63.03 3 03.03 3 63.03
4 63.19 4 63.19 4 63.19 4 63.19

Table 27 First four natural freq. of the main group of the machine



As we can see the frequencies of each single part are far enough to avoid resonance

problems.

But to assure that we can work safely in a certain range we have to check the frequencies

of all structure. After that is mandatory to run with a simulation of the whole structure.

]

Figure 222 Natural freq. analysis simulation

FULL
STRUCTURE
Way of f
vibration [Hz]
1 30.53
2 32.13
3 38.70
4 41.68

Table 28 Natural freq. of all structure

As we can see, as first design we have a good distribution of natural freq. that are not

near 10 Hz to 28.

13.1.7. Optimization and check of natural freq.
In order to reduce weight and off course cost of the machine, for have also a better

dynamic response of tha machine we run into a optimization analysis, made group by group.



This process is a cycle where every steep need to be checked, in terms of reduction of
weight achieved, stress and natural frequency. Betow some example:

EE
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s

Figure 223 Example of optimization

It's important to clarify that the result form the optimization is not to be followed as it is
but we have to compare it with an analysis cost benefits we have also related with the
technologic process we follow for the different parts.

13.2. Future developments
For sure to complete the design of the machine we have to consider also tro try to simplify
it so there are some areas that need to be better investigate for example:

e Change the table with a new one more easy but also less flexible in terms of
orientation;

e Define a new hub for wheel where apply the force and also acquire signal;

e Modify layout of the machine for change the press and put a motor on the plate
so we can adjust the height;

e Make a cost analysis;

e Optimize groups and build first concept.







